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Abstract 
In recent decades, increasing aƩenƟon has been directed towards improving 

comfort and driving stability. In this context, the demand for suspension 
systems capable of effecƟvely adapƟng to the excitaƟons coming from the road 
irregulariƟes became evident. This led to the development of semi-acƟve and 
acƟve suspensions, now available even in non-premium vehicles. In addiƟon, 
the need to reduce CO2 emissions, and thus become sustainable for the planet, 
has led the automoƟve industry to considerable changes. In recent years, there 
has been a further push in the electrificaƟon direcƟon. This is remarked by the 
development of systems, which enhance the efficiency of the electric vehicle 
through energy harvesƟng. A glaring example is the Rotary RegeneraƟve Shock 
Absorber (RRSA), which is the focus of this thesis. It is an electromagneƟc 
damper composed of a Surface Permanent Magnet (SPM) motor, a gearbox and 
a leverage system linked with the vehicle suspension, which allows a linear-to-
rotary moƟon conversion. Of course, electrificaƟon has impacted all parts of the 
vehicle, but primarily the powertrain. The adopƟon of electric motors, replacing 
internal combusƟon engines (ICE), has changed the background noise inside the 
vehicle cabin, eliminaƟng the main source of acousƟc discomfort felt by 
passengers. Electric engines in fact produce a typical tonal noise in the high 
frequency range, which has less impact on human body. As a result, it has 
become of vital importance to conduct Noise, VibraƟon and Harshness (NVH) 
analysis not only for the powertrain but also for all other devices, such as the 
suspension system. All these new components for the acƟve control purpose 
could lead to a potenƟal increase of the generated noises. NVH analysis has 
become increasingly popular as “vehicle sound quality” now plays a crucial role 
in the consumers’ vehicle choice. 

The main aim of this thesis is to carry out a NVH analysis of the RRSA in two 
different contexts: experimental and simulaƟve environment. For the 
experimental campaign, a comparison is made between two different 
prototypes. Both share the same electric motor but differ for the speed reducer 
they exploit: the starƟng version is equipped with a planetary gearbox; the new 
prototype is equipped with a cycloidal gearbox instead. In parallel, a simulaƟon 
analysis has been conducted. The aim is to invesƟgate further the planetary 
soluƟon, to get an order analysis of the system, and idenƟfy the main noise 
sources. Also, it is useful to develop a digital twin of the prototype and validate 
it comparing the results with experimental data in order to have a starƟng point 
for simulaƟng next developments, i.e. planetary gearbox equipped with 
helicoidal gears. 

  



 
 

Contents  

1 PREFACE ............................................................................................... 1 

1.1 Suspension systems overview.............................................................................. 1 
1.1.1 Semi acƟve suspension systems .......................................................................... 3 
1.1.2 AcƟve suspension systems ................................................................................... 4 
1.1.3 Rotary regeneraƟve shock absorber .................................................................... 6 

1.2 NVH analysis methods for automoƟve applicaƟons ............................................. 9 
1.2.1 Structure-borne and airborne path NVH ........................................................... 10 
1.2.2 Noise sources in a passenger car ....................................................................... 11 
1.2.3 Experimental method in automoƟve environment: Transfer Path Analysis ...... 15 

1.3 Noise and vibraƟon sources in RRSA .................................................................. 17 
1.3.1 Geartrain NVH .................................................................................................... 17 
1.3.2 Electric motor NVH ............................................................................................ 18 

1.4 Thesis outline .................................................................................................... 19 

2 EXPERIMENTAL ANALYSIS: PLANETARY VS CYCLOIDAL RRSA ................ 20 

2.1 Test bench configuraƟon .................................................................................... 22 
2.1.1 Test bench Impact TesƟng .................................................................................. 25 

2.2 Test procedure ................................................................................................... 27 

2.3 Test results ........................................................................................................ 28 
2.3.1 Planetary prototype results ............................................................................... 28 

2.3.1.1 Planetary vibraƟon analysis ...................................................................... 30 
2.3.1.2 Planetary acousƟc analysis ....................................................................... 34 

2.3.2 Cycloidal prototype results ................................................................................ 40 
2.3.2.1 Cycloidal vibraƟonal analysis .................................................................... 40 
2.3.2.2 Cycloidal acousƟc analysis ........................................................................ 43 

2.3.3 Results overview and prototypes comparison ................................................... 48 
2.3.3.1 AcƟve vs RegeneraƟve mode ................................................................... 49 
2.3.3.2 Planetary vs Cycloidal Prototype .............................................................. 50 

3 SIMULATION ANALYSIS ....................................................................... 54 

3.1 SimulaƟon methodologies in automoƟve industry ............................................ 54 
3.1.1 Finite element method (FEM) ............................................................................ 54 
3.1.2 Boundary element method (BEM) ..................................................................... 55 
3.1.3 Infinite element method (IEM) .......................................................................... 55 
3.1.4 StaƟsƟcal energy analysis (SEA) ......................................................................... 56 

3.2 SimulaƟon environment .................................................................................... 56 



 
 

3.2.1 AVL® Excite M .................................................................................................... 56 
3.2.2 RRSA Planetary prototype in Excite M ............................................................... 58 
3.2.3 SimulaƟon method used in AVL® soŌware ........................................................ 59 

3.3 SimulaƟon results .............................................................................................. 60 

CONCLUSIONS ....................................................................................... 65 

BIBLIOGRAPHY ...................................................................................... 67 
 

 



1. Preface 

1 
 

1 Preface 
1.1 Suspension systems overview 

Nowadays one of the main aims in the automoƟve industry is to limit CO2 
emissions. New and increasingly strict regulaƟons are spreading worldwide. For 
this purpose, electric vehicles (EV) are widely used [1]. Over the years, in 
addiƟon to the increasing popularity of electric vehicles, more and more electric 
devices have been integrated into the passenger compartment. These 
technologies aim to subsƟtute the mechanical and hydraulic connecƟons with 
electrical components. Indeed “X-by-wire” technologies are becoming 
increasingly compeƟƟve with respect to the mechanical ones. The main 
advantages are their higher performance and smaller sensiƟvity respect to the 
working environment and finally the energy saving that they can allow thanks 
to weight reducƟon and regeneraƟve capability [2]. Obviously, in addiƟon to the 
advantages, there are also some drawbacks, such as increased complexity and 
dependence from electronics. 

In the last decades, to take an important step towards the electrificaƟon of 
the powertrain and chassis, in addiƟon to the beƩer known ‘X-by-wire’ 
technologies, such as ‘steer-by-wire’ or ‘brake-by-wire’, work has begun on 
‘suspensions-by-wire’ technologies. 

The suspension system is a device that decouple the sprung mass with 
respect to the tyre in order to limit the vibraƟons that come from the road 
irregulariƟes. Today’s cars are mostly equipped with passive suspension 
systems because of their simplicity and cheapness. These, usually, consist of a 
gas or coil spring in parallel with a hydraulic piston. 

 
Figure 1 – Passive suspension quarter-car model [3] 
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On the other hand, the electronically controlled suspension systems can be 
classified with respect to the energy input and the bandwidth of the actuator 
[3]. 

This classificaƟon leads to five main categories of controllable suspensions: 

 AdapƟve suspension: the control acƟon is represented by a slow 
modulaƟon of damping. The shock absorber is characterized by a 
bandwidth of a few Hertz. 

 Semi-acƟve suspension: it presents an electronic shock absorber able to 
change the damping with a large bandwidth (around 30-40 Hz). 

 Load-leveling suspensions: these are capable of introduce energy into 
the system (acƟve suspension) to change the steady state condiƟon. 

 Slow-acƟve suspensions: an actuator replace the passive device of the 
suspension, and it gives a force F that is the controlled input. The 
bandwidth is limited to a few Hertz. 

 Fully acƟve suspensions: these differ from the slow-acƟve suspension 
only by the bandwidth (30-40 Hz). 

 
Figure 2 – ClassificaƟon of electronically controlled suspension [3] 
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1.1.1 Semi acƟve suspension systems 
Since 1980s, the introducƟon of semi-acƟve suspension systems has been 

very promising and obtained very good results in reducing the vibraƟon of 
sprung mass. As previous stated, a semi acƟve suspension system has a shock 
absorber able to vary the damping raƟo with an associated bandwidth of 20-30 
Hz. Nowadays the most common technologies used to achieve these 
performances are: 

 Electrohydraulic Dampers (EH Dampers): unlike the classical passive 
element, they have electronic valves instead of classic ones. 

 Magnetorheological Dampers (MR Dampers): these exploit the physical 
properƟes of magnetorheological fluids, which are changing their 
viscosity when crossed by a magneƟc field. 

 Electrorheological Dampers (ER Dampers): as magnetorheological ones 
but they are filled with electrorheological fluids, which vary their 
viscosity when crossed by an electric field. 

 
Figure 3 – SchemaƟc representaƟon of EM (top leŌ), MR (top right) and ER (boƩom centre) semi-

acƟve dampers [3] 
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1.1.2 AcƟve suspension systems 
The ulƟmate expression of suspension systems are the acƟve ones. Already 

in the last century, acƟve suspension systems were becoming increasingly 
popular. But since around 2010, as the demand for electric vehicles has grown, 
the search for new acƟve suspension systems has increased. In fact, the 
automoƟve suspension system market is expected to grow from 4.53x1010 USD 
in 2022 to 5.16x1010 USD in 2027 [4]. Similarly, academic studies on acƟve 
suspension systems have also seen enormous growth, as shown in the figure 
below. 

 
Figure 4 - Number of publicaƟons about acƟve suspension systems in the last decades [4] 

The acƟve suspension systems are cuƫng-edge technologies designed to 
enhance vehicle performance by modifying several characterisƟcs in real Ɵme. 
These systems can adjust parameters such as sƟffness, ride height and damping 
in order to make a huge improvement in handling and comfort. To do so, they 
use an onboard actuator that is able to control the verƟcal and horizontal 
movement of the sprung mass with respect to the vehicle’s wheel. This allows 
for conƟnuous adjustments to the suspension forces and ride height, unlike the 
semi-acƟve suspensions, which can only adjust damping values [5]. 

There are several types of acƟve suspension systems, with one of the most 
common soluƟons being the hydraulic one. This soluƟon uses hydraulic 
actuator to acƟvely adjust the reciprocal posiƟon between vehicle and wheel. 
Some examples are the “hydracƟve” designed by Citroen [4] and the “AcƟve 
Body Control (ABC)” designed by Mercedes [4].  



1. Preface 

5 
 

 
Figure 5 - SecƟon view of the AcƟve Body Control designed by Mercedes [6] 

The ABC works together with the ‘road surface scan’, a sensor-equipped 
system detecƟng road irregulariƟes. Depending on the condiƟon of the road 
surface, the ABC system acts, via electro-hydraulic actuators, on the suspension 
characterisƟcs, allowing adapƟve regulaƟon. In this way, safety and comfort 
condiƟons can be improved [6-7]. 

Another example of acƟve suspension system is the electro-hydrostaƟc 
actuator (EHA). It consists of a hydraulic actuator driven by an external gear 
pump. The laƩer is coupled with an electric motor. The linear moƟon of the 
piston generates a fluid flow within the hydraulic circuit, which rotates the 
pump and motor shaŌ. Therefore, the electric machine can be controlled in 
order to yield the desired output torque, which is converted into a damping 
force by means of the same principle [8]. 

 
Figure 6 – EHA system layout [8] (leŌ), EHA Prototype designed by PoliTO [9] (right) 
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1.1.3 Rotary regeneraƟve shock absorber 
The acƟve and semi-acƟve hydraulic dampers are usually used in top class 

vehicle segment due to the high cost. These suspension systems have as main 
drawback, being hydraulic, the oil presence. It is an issue when maintenance 
work needs to be done. In addiƟon, these special fluids have the defect of 
deterioraƟng and losing their performance over the Ɵme. For this reason, the 
development of electromechanical dampers seems to be the most interesƟng 
soluƟon among those currently available. The electromechanical dampers, with 
respect to the hydraulic compeƟtors, on one hand have as drawbacks the 
weight and the high cost, but on the other hand they have several advantages 
[2]: 

 Simplicity and reliability 
 Small sensiƟvity to the environment parameters 
 Small staƟc fricƟon 
 Larger bandwidth 

In addiƟon, being able to work in all three configuraƟons (acƟve, semi-acƟve 
and passive), they combine the typical characterisƟcs of acƟve and semi-acƟve 
suspensions, i.e. adaptability and comfort, with the possibility of harvesƟng 
energy and actuaƟng force into the suspension system. Indeed, when they work 
as passive shock absorber, they can harvest energy from road irregulariƟes 
instead of wasƟng it as heat. In this way it is possible to improve the efficiency 
of the vehicle, and it results in reducƟon of the required power during the 
operaƟon. Moreover, when the electromechanical dampers work in acƟve 
configuraƟon, they can put acƟve forces into the suspension system. To this 
purpose they are equipped with an electric machine. Since the suspension 
moƟon has a linear nature, a linear electric machine is supposed to be the best 
choice for this system, but due to its limited force density, the best candidate is 
the rotaƟve one [1-9]. From these assumpƟons comes the Rotary RegeneraƟve 
Shock Absorber (RRSA). The electric motor can be controlled as a generator 
(damper) or as motor (actuator) [1-2]. When the motor is used as a generator, 
the rotaƟon of the permanent magnets yields a Ɵme-varying magneƟc flux 
linkage in the stator windings, thus inducing an electromoƟve force between 
the winding ends. If the circuit is shunted by a resistance, the electromoƟve 
force produces a force and hence a braking torque [8]. 

In these years more and more car manufacturers are invesƟng in these 
technologies. Among them, in the 2016 Audi AG introduced eROT, a full acƟve 
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electromechanical suspension system. This system combines the possibility of 
changing the damping coefficient and energy collecƟon capacity with a highly 
compact structure [4]. 

 
Figure 7 – eROT designed by Audi [4] 

Having the suspension a linear nature, a linear-to-rotary conversion system 
is required [1-2]. Many possible configuraƟons have been explored and 
analysed. For example, a ball-screw [10] and the rack pinion [11] system. In the 
end, the configuraƟon that best meets the requirements is the one featuring a 
lever and a planetary gearbox. 

 
Figure 8 – Isometric cut view of the rotary regeneraƟve damper prototype. Splined lever shaŌ (1), 

second stage (2), first stage (3), motor casing (4), rotor (5), back cover (6), angular posiƟon sensor (7), 
cable gland [x4] (8), stator (9), outer ring gear (10), gearbox casing (11), front cover (12), input bearing 

(13) [1] 
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The planetary gearbox is a widely used technology in the automoƟve 
industry and beyond. The main components of a planetary gearbox are: 

 Sun Gear 
 Planet Gear 
 Ring Gear 
 Carrier 

Depending on which of these is fixed, the gearbox will work with a different 
transmission raƟo. One of the most common soluƟons is to make the ring gear 
fixed and choose the carrier as input and the sun as output. The “Willis’ 
formula” allows to obtain the transmission raƟo for all the planetary 
configuraƟons. For the configuraƟon at hand, it is simplified and becomes: 

𝑖 = 1 +
𝑍ோூேீ

𝑍ௌே
 

The RRSA planetary gearbox, as shown in Figure 8, consists of two stages. 
Both stages are idenƟcal except for the gears’ width. 

 ZSUN ZPLANET ZRING 
Planets 
Number 

istage igearbox 
Gear’s 
width 

1st stage 16 58 134 3 9.375 
87.89 

5 mm 

2nd stage 16 58 134 3 9.375 15 mm 

Table 1 – RRSA planetary gearbox features 
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1.2 NVH analysis methods for automoƟve 
applicaƟons 

Nowadays, in automoƟve industry, the main aim is to obtain products which 
are cheaper, comfortable, and therefore beƩer than direct compeƟtors’ ones. 
Within this compeƟƟve environment, acousƟc comfort becomes increasingly 
important when choosing a vehicle. In this context NVH analysis gained a 
significant relevance.  

A vehicle is an extraordinarily complex system obtained through the 
assembly of many components. Every car manufacturer (OEM) has his own 
system development lifecycle. In the last decades NVH consideraƟons are more 
and more taken into account in the iniƟal stage of the project. As it known, this 
allows to save money when it is necessary to implement a change [12].  

 
Figure 9 – NVH supported EDU development [12] 

NVH stands for “Noise, VibraƟon and Harshness”. Noise is an unwanted 
sound inside or outside the car. It covers the whole audible range 20 Hz – 20 
kHz; vibraƟon is the excitaƟon that goes into the passenger cabin; harshness is 
the most difficult to define. It is a term that describes the human’s subjecƟve 
feeling to certain events. Harshness is created when a person’s subjecƟve 
feeling is not in agreement with his expectaƟons. For example, when a customer 
sees a smooth road surface in front of him, he expects a low level of vibraƟon 
and noise. But if the road surface gives a higher level of vibraƟon and noise, 
harshness feeling is created in the mind of the driver [13]. 
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1.2.1 Structure-borne and airborne path NVH 
Following a classificaƟon based on the transmission path, vehicle NVH is 

usually divided into two categories [14]:  

 Structure-borne NVH: propagaƟon of the vibraƟon via all the “solid” 
parts of the vehicle between the source of the noise and the vehicle 
cabin (e.g. the engine mounts). 

 
Figure 10 – Structure-borne paths [14] 

 Airborne NVH: propagaƟon of the source noise and vibraƟon through 
via fluid medium (e.g. air); it comes into the passenger cabin through 
the leakages due to lack of sealing in the door or window. 

 
Figure 11 – Airborne paths [14] 

Due to the vibraƟon, the structure borne excitaƟons could follow the air 
transmission path because of the sound pressure waves. Figure 12 shows a 
diagram of which are the transmission paths of the noise inside the vehicle. 
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Figure 12 - Diagram of interior noise transmission path [15] 

A lot of studies have demonstrated that, thanks to the vibraƟon isolaƟon 
treatment, such as engine mounts, the structure borne noises are all limited 
below a threshold frequency of 500 Hz. In this way, the vehicle NVH can be 
classified based on the frequency range. So, all the noises below 500 Hz will be 
“structure-borne noises”, while all the others will be “air borne noises” [13-15]. 

 
Figure 13 – TransiƟon region between structure and airborne noise [16] 

 

1.2.2 Noise sources in a passenger car 
There are a lot of noise sources that affect the passengers in the car cabin. 

As it is possible to imagine, the first source of noise is the engine. The vibraƟons 
from the internal combusƟon engine (ICE) are mainly generated by the 
reciprocaƟng and rotaƟng masses. For this reason, it is parƟcularly important to 
balance, as most as possible, these masses. These vibraƟons excite the motor 
panels, and their vibraƟon generates noise, which in turn can reach the cabin 
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through the leakages. It has undergone a very deep analysis to minimize both 
his structural and airborne excitaƟons [14-17]. Subsequently, aŌer opƟmizing 
its NVH behaviour, the studies focused on other noise sources, such as road and 
aerodynamics noises [14]. 

 Suspensions 

The suspension system is a crucial device for the vehicle. It allows to 
minimize the excitaƟons that arrive from the road irregulariƟes, so it has a role 
both in the dynamic behaviour of the vehicle and the NVH behaviour. 
Nevertheless, the suspension system itself make noise, especially the flow of 
fluid inside it.  

 Tyre 

The tyres play an important role because they are sources of both structural 
and air borne noise. The first one comes from the road irregulariƟes and their 
sƟffness can minimize these excitaƟons. The laƩer are generated by the rolling 
of the tyre on the road. The tyre footprint could modify the level of noise. 

In addiƟon to road excitaƟons themselves, also the resonant modes of the 
tyre and suspension can amplify the road forces. Depending on the working 
range, the tyres and the suspensions can work as a filter [13]: 

 Below 30 Hz: the tyre works as a pure spring and the vibraƟon inside the 
vehicle depends on the tyre radial sƟffness. 

 Between 30-250 Hz: the tyre modes (tyre radial, tyre transverse, tyre 
tangenƟal) are acƟve so, the tyre amplifies the force that comes from 
the road. 

 Above 250 Hz: the tyre modes are damped. 

 Aerodynamics sources and wind noise 

The importance of the aerodynamics sources grows as the velocity increase. 
At higher speed it become one of the predominant sources. Following the 
behaviour of a dipole source, the intensity of the aerodynamic noise in a vehicle 
is proporƟonal to the sixth power of the velocity [14]. 

It is possible to make a more detailed classificaƟon of noise sources inside a 
vehicle based on typical frequency ranges [13]:  

 Air borne powertrain noise: it includes noise from engine, exhaust, and 
gears. The frequency range is 400-20000 Hz. 

 Wind noise: it is generated by the wind passing through the vehicles. It 
is strictly linked with the travel speed. A speed change from 70 to 100 
km/h turns into an increase of 5-7 dB. 
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 Road noise: it needs a special aƩenƟon. The frequency range cover from 
20 Hz to 1000 Hz, so it can be inserted both in the structure borne and, 
in the air borne ones. The Table 2 and 3 show how to consider it. 

Road noise 
Body 

drumming 
Impact 
boom 

Rumble 
noise 

Rolling 
boom 

Frequency 
range 20 – 125 Hz 20 – 125 Hz 20 – 125 Hz 20 – 125 Hz 

Table 2 – Vehicle road noise classificaƟon [13] 

Road noise Tyre ring Tyre path slap 
noise Open hole noise 

Frequency range 200 – 250 Hz 400 – 1000 Hz 400 – 1000 Hz 

Table 3 – Vehicle road noise classificaƟon [13] 

The reducƟon of the structure-borne noises is obtained using damping 
supports. The damping of each support (e.g. engine mounts) can be modified 
varying the material or the geometry. For example, it is possible to use several 
types of rubber. The main aim is to obtain a vehicle structure with an extremely 
low sensibility to the excitaƟon force coming from the supports [14]. 

On the other hand, the reducƟon of the air borne noises can be obtained 
thanks to: 

1. Avoiding holes and leakages. 
2. Working on the cabin structure. 
3. Working on acousƟc absorpƟon inside the cabin. 

Focusing on the last point, it could be applied for the reducƟon of the 
structural borne noises, too. It is not convenient because the isolaƟng materials 
show beƩer performance at high frequencies (working range of the air borne 
excitaƟons).  

The capacity of sound isolaƟon can be measured through the “Sound 
Transmission Loss”. This parameter allows to define the isolaƟon capability of 
each structure/panel. 

It can be calculated as follows: 

𝑇𝐿 (𝛽, 𝑓) = 10 log
𝑊(𝛽, 𝑓)

𝑊௨௧(𝛽, 𝑓)
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where: 

𝛽 is the angle of incidence of the sound wave over the surface. 

𝑓 is the frequency of the considered sound wave. 

𝑊 is the sound power incident at the source side. 

𝑊௨௧ is the sound power radiated at the opposite side of the parƟƟon. 

 
Figure 14 – Typical behaviour of the TL parameter [14] 

From the diagram in Figure 14 it can be noƟced that it is divided into four 
regions:  

1. SƟffness controlled region: it is below the frequency of the first structure 
resonance mode. In this region the sƟffness of the plates influences the 
level of the TL. 

2. Resonant region: it is characterized by the resonances of the structure. 
3. Mass controlled region: the TL level is governed by the mass of 

structure. The main feature of this region is that the TL increases by 6 
dB for each doubling the mass or the frequency. 

4. CriƟcal frequency: it occurs when the length of an acousƟc wave in air is 
coincident to the wavelength of the structural bending wave in the 
panel. In this case the TL drops to a very low value. 
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1.2.3 Experimental method in automoƟve environment: Transfer 
Path Analysis 

The classificaƟon of the noise that comes into vehicle, as said, is based on 
how this happens. So, it possible to define the structural borne and the air 
borne noise. The main way to obtain this classificaƟon is the “transfer path 
analysis” (TPA). This method is used to rank the excitaƟons and noises that come 
from system sources and go into a chosen locaƟon (cabin vehicle in this case). 
The transfer path analysis is an excellent way for NVH troubleshooƟng. It is 
based on the SPR (source-path-receiver) scheme. In the most NVH problems, 
the source is not known a priori, so a “trial and error” procedure is applied. 
There are many variaƟons of this method, but the most used is the 
“experimental transfer path analysis”. It is a powerful tool that allows to 
determine which structural excitaƟon is the predominant among all the 
excitaƟon spectra [18].  

The transfer path analysis has two main phases [18]: 

 Force esƟmaƟon: in the first phase, it needs to obtain the force acƟng 
on the structure. 

 Path analysis: subsequently, it is possible to obtain the contribuƟon of 
every single path, applying the esƟmated forces to the source-receiver 
transfer funcƟon. 

To do this, it is convenient to rely on a matrix frequency response funcƟon 
(FRF) representaƟon of the transfer funcƟon between a set of interconnecƟon 
points and a set of target locaƟons: 

𝑝 =  ቂ
𝑝

𝐹
ቃ ∗ 𝐹 

Where: 

 𝑝 represents the sound pressure at specified locaƟons. 
 

ி
 represents the vibro-acousƟc transfer funcƟon between the source 

and the target locaƟon. 
 𝐹 represents the operaƟonal forces at the interfaces of interest. 

In this case the target locaƟons are the passengers’ ears. Instead, the forces 
of interest, for a suspension system, are the forces between the suspension and 
the vehicle body through the points of connecƟon. As a result, the p/F funcƟons 
are measured through the interface between the suspension interface and the 
passengers’ ears. 
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Since this is an experimental method, the sound pressure p and the vibro-
acousƟc sensiƟviƟes p/F can be measured directly. To populate the p/F matrix, 
the measurements must be done between the source and the target locaƟon 
without the source [18]. 

In short, the TPA method use a known arƟficial excitaƟon, for example 
loudspeaker in the cabin for the airborne source or a shaker for the structural 
one, to obtain the FRFs of the source-receiver path. In this way, it is possible to 
measure the response at the receiver. 

Once all these quanƟƟes are calculated, it is possible to rank the structure 
borne noise path. So, with the help of the previous equaƟon, every single 
contribuƟon will be calculated and within a coloured map it is possible rank 
them. 

TPA method presents some drawbacks. First of all, the transfer paths must 
be measured one sub-system at a Ɵme. AddiƟonally, each transfer path must 
be obtained singularly in order to avoid any “interferences” that could lead to 
contaminated results. PracƟcally, it results in disassembling the system, namely 
it is very Ɵme consuming. 

All these drawbacks have led to a new method, the “OperaƟonal Transfer 
Path Analysis”. 

The operaƟonal transfer path analysis (OTPA) is a method developed by 
“Honda Research and Development” in the mid-2000’s [19]. 

The main difference between TPA and OTPA is that the first one determines 
a force-response transfer path relaƟonship (FRFs), whereas the laƩer 
determines a response-response transfer path relaƟonship (transmissibility). 

The main advantage of the OPTA method over the TPA is that now, it is 
possible to obtain all the transfer path relaƟonship simultaneously. It allows to 
save a lot of Ɵme. On the other hand, the main drawback is that the reliability 
of the response is closely linked to a properly seƫng up measurement. This is 
true also for the TPA method, but in the OTPA method an error in idenƟfying all 
the correct source-receiver paths could not be so clear. 
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1.3 Noise and vibraƟon sources in RRSA 
In the last years, the development of the electric drive unit (EDU) has 

received a significant acceleraƟon. The NVH analysis of vehicle powered by 
internal combusƟon engine (ICE) is focused on the noises and vibraƟons made 
by the engine itself. The engine, in fact, acts as a mask for the noises generated 
by other devices (suspensions, driveline, fan, etc.). When an EDU replaces the 
ICE, because of the high frequency tonal noise produced by the electric motor, 
all the noises coming from other devices becomes more and more important 
[20]. For this reason, in conjuncƟon with the use of EDUs, an extended NVH 
analysis of other devices will also be conducted. 

As shown in Figure 8, the rotary regeneraƟve shock absorber (RRSA) consists 
of an electric motor and a two-stage planetary gearbox. A summary of the 
typical noises is reported.  

1.3.1 Geartrain NVH 
The typical noises generated by the geartrain are gear whine and gear raƩle. 

The first one usually corresponds to the gear mesh frequency and its harmonics. 
It must be studied very carefully.  

The gear whine noise in mostly due to [12]: 

 Transmission error: it represents a measure of the difference between 
the driven gear’s rotaƟonal velocity and the perfect conjugate acƟon. It 
depends strongly on the tooth geometry, gear manufacturing quality 
and assembly errors. 

 Dynamic mesh force: it is a force in the meshing contact point. It is 
dependent on the exisƟng of the transmission error. 

 Force transmissibility: it represents the quanƟty of dynamic mesh force 
transmiƩed from meshing zone to the bearings and mounƟng locaƟons. 

 Body acousƟc sensiƟvity: it represents the airborne and structural borne 
noise transfer funcƟon from the mounƟngs to the passenger cabin. 

The gear raƩle is a typical noise of transmissions with large Ɵme-varying 
high-torque load. Due to backlash, the gears can lose the contact and then 
regain it on impact. RaƩle can be reduced by appropriate sizing of the meshing 
clearance and reducing the effects of excited resonances by tooth impacts [21]. 
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1.3.2 Electric motor NVH 
The electric motors mainly produce two kinds of noises: electromagneƟc and 

mechanical ones. Despite being relaƟvely low in intensity, these noises can be 
parƟcularly unpleasant due to their tonal and high-frequency nature [12]. 

The mechanical noises originate from issues linked with the rotor. It is 
possible to divide it: 

 Rotor unbalance: when the rotor’s mass is not perfectly distributed, it 
leads to vibraƟons and noise. 

 Rotor misalignment: it can be either angular (rotor is Ɵlted) or parallel 
(rotor is shiŌed). 

In the same way, it is possible to recognize electromagneƟc noises. They are 
linked to the air gap between the stator (staƟonary part) and the rotor (rotaƟng 
part). The main parameters influencing electromagneƟc noise are: 

 Air gap: this space could generate noise if it is not uniform. 
 Number and type of slots. 
 Winding distribuƟon. 
 Radial forces. 

The main electromagneƟc noise sources are: 

 Cogging torque: this is caused by the interacƟon between the rotor’s 
permanent magnets and the stator’s slots, leading to a non-uniform 
moƟon that generate noise. 

 Ripple torque: the variaƟon of torque producƟon by the motor could 
create oscillaƟons, contribuƟng to noise. 
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1.4 Thesis outline 
Chapter 1 provided an overview of the key differences between semi-acƟve 

and acƟve suspension systems. It also highlighted the unique features of 
electromechanical dampers, such as RRSA. Lastly, the chapter offered an 
overview of the methods used in the automoƟve industry for NVH analysis. 
AŌer concluding this introducƟon secƟon, it is possible to move on the objecƟve 
of this thesis, which is to carry out an NVH analysis of the Rotary RegeneraƟve 
Shock Absorber. It will be subdivided as follows: 

 Chapter 2: in this secƟon a comparaƟve analysis will be carried out 
between two different RRSA prototype. Both prototypes share the same 
electric motor but differ in gearbox configuraƟon. The starƟng model is 
equipped with a planetary gearset with spur gear; it will be compared 
with a prototype equipped with cycloidal gearbox. This comparison 
addresses both vibraƟonal and acousƟc contribuƟon. In addiƟon, it will 
be made both for acƟve and regeneraƟve mode. Finally, a summary will 
be reported considering the efficiency and size of both prototypes.  

 
 Chapter 3: in this secƟon a quick look at the main simulaƟon methods 

used in the automoƟve industry. Subsequently, a simulaƟon model of 
the planetary RRSA is analysed. This simulaƟon analysis is conducted 
with the soŌware “Excite M” by AVL®. Through this model, simulaƟons 
can be carried out in order to understand what modificaƟons can be 
made to achieve improvements in acousƟc performance. Finally the 
results are compared with respect to the Galluzzi’s tests. 
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2 Experimental analysis: planetary vs 
cycloidal RRSA 

A new RRSA soluƟon, equipped with cycloidal gearbox, has been developed. 
To assess its performance, a comparaƟve analysis with the previous soluƟon is 
conducted, which includes a detailed NVH study. 

A first iniƟal acousƟc analysis has been carried out in 2021 by Galluzzi et al. 
[1]. The tests have been conducted in an anechoic room. The test bench was 
different from the one used for this study. It was equipped with two 
microphones, the first on the side of the prototype and the second in front of 
it. There was also a foam pad in order to isolate the RRSA from the support 
structure. 

 
Figure 15 – Previous acousƟc characterizaƟon setup: wall and floor foam blocks (1), supporƟng 

structure (2), rotary regeneraƟve damper prototype (3), prototype control unit (4), power supply (5), side 
microphone (6), foam pad (7), front microphone (8). [1] 

In this test setup, the RRSA was driven as a motor using a power supply, 
controlled with constant and sinusoidal speed references. It is important to 
emphasize that the RRSA has no applied load. 
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Input 
type 

Speed 
Lever 
Speed 

Rotor 
Speed 

RMS SPL [dB(A)] 

Amplitude 
[mm/s] 

Frequency 
[Hz] 

[rpm] [rpm] Front Side 

Constant 

96 - 7.97 696.32 36.03 36.92 

178 - 14.78 1291.09 42.3 44.08 

341 - 28.32 2473.38 47.89 49.63 

Sinusoidal 

41 2 3.40 297.39 37.07 35.23 

62 1.5 5.15 447.71 37.01 37.36 

328 1 27.24 2379.09 46.97 48.69 

Table 4 – Measured SPL with constant and sinusoidal input speeds. [1] 

As it is possible to see, the side RMS SPL values are slightly higher than the 
front ones. This difference is due to the emiƫng surface of the RRSA, which is 
considerably larger for the microphone placed on the side than for the 
microphone placed in front.  

Based on these findings and with a focus on opƟmizing acousƟc 
performance, new design possibiliƟes for the rotary speed reducer were 
explored. The chosen soluƟon involved developing a prototype equipped with 
a cycloidal speed reducer. Cycloidal speed reducers are becoming more and 
more popular in varies industries due to their specifical features. In fact, its 
unique working principle brings with it several advantages. It is composed by 
four different parts, as shown in Figure 16: a high-speed input shaŌ, a cycloidal 
disk, fixed pins and a low-speed output shaŌ. The operaƟng principle is as 
follows: the eccentric input shaŌ drives the cycloidal disk that, engaging with 
the fixed pins, rotates both with the eccentricity and around its symmetry axis. 
Subsequently, through the engaging between the rollers and the disk holes, the 
second movement is transferred to the output low-speed shaŌ. The output 
shaŌ will result coaxial with the input shaŌ, but the rotaƟng movement is 
opposite respect to the input shaŌ [22]. 

The reducƟon raƟo can be evaluated by the formula [23]: 

𝑖 =
𝜔

𝜔௨௧
= −

𝑛

𝑁 − 𝑛
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where: 

N: number of fixed pins 

n: number of lobes of the cycloidal disk. 

The tested prototype has eighty-eight fixed pins and the fixed pins’ pitch 
radius is equal to 60 mm [22]. The main parts of a cycloidal reducer are shown 
in Figure 16. 

 
Figure 16 – Disassembled single-stage Cycloidal reducer view [24] 

In addiƟon, this technology should guarantee superior noise performance. A 
table comparing the expected results is presented below. 

 Cycloidal drive Planetary gearbox 

Efficiency 4/5 5/5 

Noise 5/5 3/5 

Axial size 5/5 3/5 

Radial size 3/5 4/5 

Table 5 – AnƟcipated results cycloidal vs planetary [22] 

2.1 Test bench configuraƟon 
An experimental campaign is carried out to have a direct comparison 

between the two reducers on both energeƟc and NVH performances. The test 
bench is provided with accelerometers and microphones. In order to be able to 
examine the full potenƟal of the RRSA, in both acƟve and regeneraƟve mode, a 
servo motor, the Kollmorgen® DBL5-1700 brushless PM motor, is coupled to it 
via a toothed belt transmission with a 2:1 raƟo. The toothed belt (HTD8M) is 
properly preloaded to match a maximum input torque of 160 Nm. In Figure 17, 
it is possible to see the test bench configuraƟon.  
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Figure 17 – Test bench configuraƟon: microphone A Side (1), microphone B Back (2), Flange support 

(3), SCADAS LMS (4), PC acquisiƟon (5) 

Focus on the flanged support of the test bench is reported. 

 
Figure 18 – Test bench configuraƟon focus: RRSA prototype (1), accelerometer Top (2), accelerometer 

Lateral (3), accelerometer Motor (4), Kollmorgen® (5), belt-pulley transmission (6), inverter RRSA (7) 
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For a comprehensive NVH analysis, the use of microphones and 
accelerometers is essenƟal. As with the previous test bench configuraƟon [1], 
two microphones (AVM® MI 17 “free-field”) are posiƟoned one meter away the 
rotary regeneraƟve shock absorber: the first placed in front of the RRSA, facing 
the electric motor, while the second on the side of the prototype in the direcƟon 
of the planetary gearbox. 

On the other hand, to acquire the vibraƟon contribuƟon, three different 
accelerometers (PCB Piezotronics®) are placed all over the prototype. One on 
the top, one on the side and the last on the back of the rotary housing. 

All these data are processed thanks to the SCADAS LMS III designed by 
Siemens®. The SCADAS is a hardware designed specifically to acquire data from 
various devices such as microphones and accelerometers. Once the signal is 
received by the sensors, the SCADAS performs the signal condiƟoning. It 
consists of converƟng signal from analogic to digital form. Simultaneously, 
amplificaƟon and filtering of it is carried out. Finally, the acquired data are 
transferred to a PC data acquisiƟon, where a soŌware, in this case Simcenter 
Testlab powered by Siemens®, allows to elaborate the data. 

The schemaƟc view of the enƟre test bench is shown in Figure 19, in order 
to beƩer explain the configuraƟon. 

Figure 19 – SchemaƟc view of the enƟre test bench 

The results are then further analysed and post-processed in the MATLAB 
environment. 
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2.1.1 Test bench Impact TesƟng 
The test bench is characterised through an ‘impact test’. In this way, the 

Frequency Response FuncƟon (FRF) of the test bench is obtained. It represents 
the relaƟonship between the structural response and the applied excitaƟon. To 
achieve this, an impact hammer (PCB Piezotronics® model 086C03, see Figure 
20) is required in addiƟon to the previously set equipment. 

 
Figure 20 – Impact Hammer PCB Electronics® 

Several points of the test bench are hit, as shown in Figure 21. 

 
Figure 21 – Impact test points 
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In this case, the applied excitaƟon is the hammer force, and the structural 
response is the acceleraƟon measured by the “accelerometer Top” (number 2 
in the Figure 18): 

𝐹𝑅𝐹 =
𝐴𝑐𝑐𝑒𝑙𝑒𝑟𝑎𝑡𝑖𝑜𝑛 "𝑇𝑜𝑝 𝐴𝑐𝑐𝑒𝑙𝑒𝑟𝑜𝑚𝑒𝑡𝑒𝑟" [𝑔]

𝐼𝑚𝑝𝑎𝑐𝑡 ℎ𝑎𝑚𝑚𝑒𝑟 𝑓𝑜𝑟𝑐𝑒 [𝑁]
 

The most remarkable results are obtained by hiƫng the flange support in the 
point 1 or 2 in Figure 6. The results obtained are shown in Figure 22. 

 
Figure 22 – FRF Flange spot 

The results in Figure 23 show also a good coherence. 

 
Figure 23 – Coherence Flange spot 
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Figure 22 shows a peak in the frequency around 500 Hz. These results will be 
further considered when the vibraƟonal analysis will be carried out. 

2.2 Test procedure 
As explained in the previous paragraphs, this test campaign is carried out for 

obtaining both NVH performances and system efficiency. The tests are 
conducted controlling both the RRSA prototype and the Kollmorgen®. The main 
Input/Output data are: 

 Input 
 Kollmorgen® controlled in constant speed from 500 to 3500 rpm 

by steps of 500 (controlled via CAN). 
 Rotary controlled in torque with a ramp from 0 Nm to 1.5 Nm (at 

the electric motor level) in 15 seconds (controlled via CAN). 
 Output 

 Both speeds. 
 Both torques (esteemed by current sensors). 
 IDC and VDC of the rotary baƩery. 

Here below a plot of the input and output quanƟƟes of the test procedure is 
reported. 

 
Figure 24 – Test procedure quanƟƟes 
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In Figure 24 the data are standardized by applying the appropriate 
transmission raƟo to ensure consistency. All data are aligned to the Kollmorgen® 
shaŌ. 

2.3 Test results 
The NVH analysis in this thesis compares two different prototypes: one with 

a planetary gearbox and the other with a cycloidal gearbox. Both the prototypes 
share the same electric motor, allowing for a focused comparison of the 
differences between the gearboxes. 

2.3.1 Planetary prototype results 
A brief introducƟon about state of the art for NVH analysis of planetary 

reducers is needed to beƩer understand the following results. A spectrum 
analysis usually exhibits some relevant frequencies [25-26]: 

 Gear mesh frequency (GMF): it is related to the gear meshing. 
 GMF sidebands: some sidebands of the main GMF might arise. 
 Electric motor frequencies: related to the electromagneƟc forces at the 

air gap, which excite the air gap and thus the case of the prototype. 
 Bearing frequencies: these frequencies, usually, are related to some 

defects on the roller elements or on the rails. 

The aim of these experimental campaign tests is to compare, as said, two 
different prototypes that differ only for the speed reducer typology. For this 
reason, the electric motor frequencies will not be further explored. 

The GMF and the related sidebands will be calculated [24]: 

𝐺𝑀𝐹 = 𝑧 ∗
𝑛

60
=

𝑧 ∗ 𝑧௦

𝑧 + 𝑧௦
∗

𝑛௦

60
 

where: 

 𝑧 is the number of ring teeth. 
 𝑧௦ is the number of sun teeth. 
 𝑛  is the carrier speed in RPM. 
 𝑛௦ is the sun speed in RPM. 

The sidebands are related to the rotaƟng speed of the input shaŌ and output 
shaŌ. These can be obtained [25]: 

𝑓௦,௨௧ =
𝑛௨௧[𝑟𝑝𝑚]

60
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𝑓௦,௨௧௨௧ =
𝑛௨௧௨௧[𝑟𝑝𝑚] 

60
 

Following these equaƟons, the results obtained for the planetary prototype, 
subject of this thesis, are reported in the following table. 

Rotor Speed 
[rpm] 

GMF first 
stage [Hz] 

Input ShaŌ 
frequency 

[Hz] 

GMF second 
stage [Hz] 

Input ShaŌ 
frequency 

[Hz] 

500 119.1 8.3 12.7 0.9 

1000 238.2 16.7 25.4 1.8 

1500 357.3 25 38.1 2.7 

2000 476.4 33.3 50.8 3.6 

2500 595.6 41.7 63.5 4.4 

3000 714.7 50 76.2 5.3 

3500 833.8 58.3 88.9 6.2 

Table 6 – Gear mesh frequency for every studied case 

The sidebands will have a frequency range of: 

𝐺𝑀𝐹 ± 𝑘 ∗ 𝑓௦,௨௧ 

𝐺𝑀𝐹 ± 𝑘 ∗ 𝑓௦,௨௧௨௧ 

where: 

 𝑖 = 1, 2 indicates the stage if interest. 
 𝑘 = 1, 2, 3, … is an integer, and it indicates the number of sidebands 

considered.  

The gear mesh frequency is inƟmately linked to the concept of order; they 
are essenƟally two aspects of the same phenomenon. In fact, finding the gear 
mesh order is straighƞorward. It is calculated by dividing the GMF of the stage 
by the rotaƟonal frequency of the input shaŌ. So, for this prototype: 

 Gear mesh order of the first stage is equal to 14.29 
 Gear mesh order of the second stage is equal to 1.52  

With this secƟon completed, the following paragraphs will present and 
analyse the results obtained from both vibraƟonal and acousƟc tests. 
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2.3.1.1 Planetary vibraƟon analysis 
The trends and results, obtained for both prototypes, across different speed 

steps (500, 1000, 1500, etc.) are consistent. Therefore, the results for the 2000 
rpm case are presented as representaƟve of the overall findings. 

StarƟng from the raw data obtained from the accelerometer, a fast Fourier 
transform (FFT) is performed. 

 
Figure 25 – Accelerometer Top raw data in Ɵme domain 

  
Figure 26 – FFT Accelerometer Top 

Electric 
Motor Zone 
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The first thing that stands out is the peak at 8000 Hz (highlighted by the first 
red circle). As shown, this peak includes the second harmonic (twice the main 
frequency) and third harmonic (three Ɵmes the main frequency), both circled 
in red. This peak is due to the Kollmorgen® inverter, since it was present also at 
standsƟll and presents the same frequency of a whistle coming from inside its 
inverter. Hence, it is unrelated to the prototype itself. 

The second thing of the spectrum that is possible to noƟce is the presence 
of two disƟnct zones. There is a great zone with a hilly trend that goes from 
2000 Hz to 12000 Hz. All these excitaƟons come from the RRSA and the 
Kollmorgen® electric motor. In fact, as menƟoned in the previous paragraphs, 
the electric motor, unlike the internal combusƟon engine, produces tonal noises 
that are in a high frequency range. Consequently, for the purposes of this study, 
this area is not further invesƟgated. 

The last and the most important zone for the purpose of this study is the first 
one that goes from 0 Hz to 1500 Hz. As said before, this is the typical frequency 
range affected by the gearbox vibraƟon of the planetary prototype. A further 
analysis of this frequency range is carried out. 

The post-processing of the data in order to highlight the frequency range 
from 0 to 1500 Hz is conducted for a limited porƟon of Ɵme in the torque ramp 
area, as shown in Figure 27, where the interested Ɵme period is delimited by 
yellow lines. 

 
Figure 27 – Spectrum considered in torque ramp 
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In fact, as reported in the test procedure paragraph (Paragraph 2.2), the 
RRSA is controlled in torque mode with a ramp that goes from 0 Nm to 1.5 Nm. 
The signal from 15 seconds to 17 seconds is isolated. This specific Ɵme range is 
selected to focus on the porƟon of the test where the prototype works under 
load. As shown in Figure 27, for higher torques the velocity becomes unstable, 
making it not opƟmal for order analysis. The obtained FFT is described in the 
following figure. 

  
Figure 28 – FFT for a RRSA in torque ramp area 

Figure 28 clearly shows that the excitaƟons related to the mechanical 
components of the RRSA overcomes those related to the electrical part 
becoming predominant factor. Obviously, the enƟre spectrum exhibits higher 
values. In fact, in this case on the Y axis it is possible to see that it reaches levels 
between 1g and 1.2g, whereas in figure 26 the maximum values were only 
around 0.25g to 0.3g. 

A more in-depth analysis will be done. It is necessary to focus on the 
frequency range between 0 Hz and 1500 Hz.  
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Figure 29 – FFT analysis between 0 Hz and 1500 Hz 

In Figure 29, some points are highlighted. As reported in table 6, the first 
stage GMF of the RRSA is equal to 476.4 Hz. Consequently, some peaks around 
476 Hz is expected to. The main peaks will be now analysed: 

 The first peak around 170 Hz is something related to the test rig. In fact, 
it is possible to noƟce this peak for all the different tests. UlƟmately, it is 
possible to say that it is not related to the prototype itself. Moreover, its 
magnitude is very small. 

 In the frequency range between 450 Hz and 550 Hz, it is possible to see 
a lot of peaks. Among them, a peak around 480 Hz is highlighted. It is 
related to the first stage GMF and its sidebands. All the other peaks will 
be beƩer explained later. 

 The second and the third harmonic of the GMF is expected to be around 
950 Hz and 1400 Hz. In this figure, the last two peaks highlighted are 
probably the second and the third harmonic. 

The analysis conducted so far refers to a single case, specifically the one at 
2000 rpm. Analysing all the other cases, it is possible to obtain the waterfall plot 
in Figure 30. 
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Figure 30 – Waterfall plot  

Figure 30 shows clearly the Gear Mesh Frequency of the 1st stage and its 
second harmonic. This is the expected paƩern. Obviously, it is possible to see 
that the spectra are not very clean. As explained previously, this is due to the 
resonance of the test rig. As shown in Figure 18, in addiƟon to the RRSA, the 
test bench is also equipped with an external motor (Kollmorgen®) and a belt-
pulley transmission. Everything is connected via a flange. As a result, all 
vibraƟons coming from the Kollmorgen® will first be transferred to the flange 
and then to the prototype. 

 

 

2.3.1.2 Planetary acousƟc analysis 
Having completed the vibraƟonal analysis, it is possible to move on to the 

acousƟc analysis. It is carried out for both the acƟve mode and regeneraƟve 
mode. In this way, a complete comparison is obtained. 

Usually, the main parameter that is used to define acousƟc performance is 
Sound Pressure Level (SPL). The concept of level is useful when the quanƟty 

GMF 1 
GMF Harmonic 
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under consideraƟon varies by several orders in Ɵme. This is the case with sound 
pressure [27]. The SPL is defined as: 

𝑆𝑃𝐿 [𝑑𝐵] = 20 ∗ log ቆ
𝑝௦௨ௗ [𝑃𝑎]

𝑝 [𝑃𝑎]
ቇ 

where the 𝑝 is equal to 20 μPa. 

  

 AcƟve mode 

StarƟng from the pressure acquired from the microphones during the tests, 
a complete acousƟc analysis in order to obtain the sound pressure level is 
carried out. Here below the results are reported. 

 
Figure 31 – SPL Microphone A in dB 

Figure 31 is generated by isolaƟng the torque ramp from the full test. 
Subsequently, the ramp torque has been divided into 15 steps of 0.1 Nm and 
the Root Mean Square (RMS) of the signal for each torque is computed. Finally, 
for each RMS value, the SPL is calculated. In Figure 31 it is possible to see the 
same paƩern for all the speeds, apart from 500 rpm, which has a strange 
paƩern due to the test rig. In fact, during the test, the laƩer has shown some 
problems on speed and torque control of the Kollmorgen® and of the RRSA. The 
500-rpm test was very criƟcal as the Kollmorgen® was controlled at a very low 
speed, due to the transmission raƟo. 
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A further representaƟon is reported now. It is an acousƟc performance map, 
and it is obtained by interpolaƟng on a finer mesh grid. 

 
Figure 32 – Contour lines plot SPL microphone A 

This contour lines plot is derived from the postprocessed results shown in 
Figure 31. In addiƟon, a bi-dimensional interpolaƟon, using the “spline” 
interpolaƟon method, has been carried out to enhance the smoothness of the 
data. The aim of this plot is to represent an acousƟc performance map in order 
to understand in which speed and torque range there are the worst results. 

Another possible type of representaƟon is in the frequency domain. In this 
way, it is possible to see which frequency ranges are most excited. Here below 
third octave bands plots for the microphone A and B are reported. 

 
Figure 33 – Third octave bands microphone A 
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Figure 34 – Third Octave bands microphone B 

This is a typical representaƟon for the noise analysis. This plot will be 
compared with the same obtained from the cycloidal prototype. In this way, it 
is possible to understand if different frequency ranges will be excited. 

 

 RegeneraƟve mode 

The analysis conducted for the acƟve mode is also replicated for the 
regeneraƟve mode. 

Figure 35 – SPL microphone A vs torque steps 
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In regeneraƟve mode the test bench configuraƟon has presented some 
issues, as Figure 35 shown. In fact, the test bench had significant limitaƟons in 
drive torque because the counter-motor had to overcome the load of the RRSA 
and all the other fricƟonal forces. As it is possible to see, it was not possible to 
complete the test procedure explained in paragraph 2.2. However, similar 
consideraƟons can be drawn: the paƩern for all the speed cases is preƩy similar. 

In the following figure an acousƟc performance map is described. 

 
Figure 36 – Contour lines SPL microphone A 

 
Figure 37 – SPL third octave bands microphone A in regeneraƟve mode 
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Figure 38 – SPL third octave bands microphone B in regeneraƟve mode 

The typical frequency analysis using third-octave bands is presented for both 
microphones. 
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2.3.2 Cycloidal prototype results 
The same procedure is repeated, subsƟtuƟng the planetary reducer with the 

new cycloidal prototype. The NVH data coming from the SCADAS LMS III, are 
also postprocessed in the same way. 

2.3.2.1 Cycloidal vibraƟonal analysis 
StarƟng from the excitaƟons generated by the housing, a fast Fourier 

transform is performed. Here below the results are reported. 

 
Figure 39 – Accelerometer Top raw data in Ɵme domain 

The FFT is reported, too. 

 
Figure 40 – FFT of the complete test at 2000 rpm 

Electric 
Motor Zone 
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In the same way of the planetary prototype, it is possible to divide the 
spectrum in two macro-zone: 

1. ExcitaƟons related to the mechanical part: frequency range from 0 Hz to 
1500-2000 Hz  

2. ExcitaƟons related to the electrical part: frequency range from 5000 Hz 
to 12000 Hz. 

In Figure 40 some peaks are also visible around 8000, 16000 and 24000 Hz, 
which as explained for the planetary prototype, they are not related to the 
prototype itself. These peaks represent the first, the second and the third 
harmonic of a vibraƟon emiƩed by the inverter fan. 

Move on a more in-depth analysis of the first zone: 0-1500 Hz. This is the 
frequency range of interest for the goal of this comparison. For an accurate 
comparison, the frequency range of 0-1500 Hz was analysed using data from a 
region where torque is exerted by the RRSA, consistent with the approach used 
for the planetary prototype. Here below the FFT spectrum is reported. 

 
Figure 41 – FFT spectrum whit RRSA in torque mode 

The main difference between the figure 40 and the figure 41 is the maximum 
value of the spectrum. The first one has a maximum value of 0.15g, the second 
one of 0.44g. In Figure 42 a focus on the frequency range of 0-1500 Hz is 
reported. 
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Figure 42 – FFT spectrum in the frequency range 0-1500 Hz 

In Figure 42 several equidistant peaks can be seen. As shown in Table 6, the 
rotaƟonal frequency of the rotor shaŌ, which rotate at 2000 rpm, is equal to 
33.3 Hz. In this figure the first peaks value is highlighted. These peaks represent 
all the rotaƟonal harmonics of the rotor shaŌ.  

 
1st 

harmonic 
2nd 

harmonic 
3rd 

harmonic 
4th 

harmonic 
5th 

harmonic 
6th 

harmonic 

Calculated 34 Hz 67.5 Hz 102.5 Hz 136.5 Hz 170.5 Hz 202.5 Hz 

Measured 33.3 Hz 66.6 Hz 99.9 Hz 133.2 Hz 166.5 Hz 199.8 Hz 

Table 7 – Calculated vs measured harmonics 

Obviously, it is possible to affirm this, besides the number, because this 
analysis has been conducted for all the cases. For this reason, a waterfall plot is 
here reported. 
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Figure 43 – Waterfall plot cycloidal prototype 

In Figure 43, equidistant peaks are visible across all the studied cases, 
represenƟng the harmonics of the rotor shaŌ. The red line represents the first-
order harmonic of the rotor shaŌ. Another important feature is the observed 
paƩern in the harmonic behaviour. The harmonics are significantly amplified in 
the 0-250 Hz frequency range, aŌer which they become smoother. A second 
amplificaƟon occurs around 500 Hz, followed by a reducƟon in harmonic 
amplificaƟon beyond that frequency. Notably, in all cases except for the final 
one (3500 rpm), the harmonics show less amplificaƟon in the higher frequency 
range. What is possible to say is that there is something in those frequency 
ranges able to amplify the rotor harmonics, maybe as explained in Paragraph 
2.1.1, this behaviour could depend on the response of the testbench. 

 

2.3.2.2 Cycloidal acousƟc analysis 
 AcƟve mode 

Having completed the vibraƟonal analysis, it’s possible to move on the 
acousƟc analysis. StarƟng from the pressure acquired from the microphones 
during the tests, a complete acousƟc analysis in order to obtain the sound 
pressure level is conducted.  
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Here below the first plot is reported. 

 
Figure 44 – SPL Microphone A in dB 

In Figure 44, it is possible to see a similar paƩern among all the speeds. There 
is a small rise of decibel when the torque goes up. Actually, the paƩen is almost 
flat and this indicates a larger dependency from speed, apart from the first case 
where the limitaƟons of the test bench led to a trend that is less consistent with 
the other cases. The post-processing procedure to obtain the Figure 44 is the 
same of the planetary prototype.  

A further representaƟon of the acousƟc results obtained is introduced. 

 
Figure 45 – Contour lines of the microphone A 
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This is a contour lines plot. The aim of this plot is to represent an acousƟc 
performance map in order to understand in which speed and torque range 
there are the worst results. The post-processing procedure is the same used for 
the planetary prototype. 

The plots of the third octave bands for both the microphones are here below 
reported. 

 
Figure 46 – Third octave bands of the microphone A 

 
Figure 47 - Third octave bands of the microphone B 

The third octave bands representaƟon is typical of the acousƟc analysis. 
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 RegeneraƟve mode 

The plots previously generated for the acƟve mode are also recreated for the 
regeneraƟve mode. In the next secƟon, a comparison between the acƟve and 
the regeneraƟve mode, as well as between the two prototypes will be 
presented further on. 

 
Figure 48 – SPL microphone A vs torque steps 

 
Figure 49 – Contour lines SPL microphone A 
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Figure 50 – SPL third octave bands for microphone A 

 
Figure 51 – SPL third octave bands for microphone B 
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2.3.3 Results overview and prototypes comparison  
From the vibraƟonal analysis, the key observaƟon is the maximum value 

reached in the frequency domain. The cycloidal prototype shows a spectrum 
with lower value respect to the planetary one. Figure 52 shows both the 
prototypes in frequency domain so that the differences can be beƩer seen. 

 
Figure 52 – FFT 0-1500 Hz comparison 

In the frequency range between 0 Hz and 1500 Hz, as shown in the Figure 
52, the maximum values are:  

 1.175g for the planetary prototype 
 0.432g for the cycloidal prototype 

This indicates a reducƟon of around 65% in structural excitaƟons for the 
cycloidal prototype. However, it is important to say that it does not mean that 
the cycloidal prototype will be automaƟcally less noisy, but this is a good 
starƟng point. Lower peak values in the spectrum could sƟll result in significant 
noise if the excitaƟons are spread across a wider frequency range. 

For this reason, the acousƟc analysis has been conducted, too. The first thing 
to highlight is that the acousƟc results must not be taken as absolute values. 
The test has not been performed in an anechoic room, but in a laboratory (see 
figure 17) with all the issues of background and reverberaƟon noise. Obviously, 
the test was carried out under the best available condiƟons, i.e. isolaƟng the 
workplace as much as possible. As said, the aim of this test campaign was to 
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make a comparison between two different prototypes. For this reason, the 
configuraƟon used for the above test campaign was considered acceptable. 

The acousƟc results can be divided in two different secƟons: 

1. The comparison between acƟve and regeneraƟve mode for each 
prototype 

2. The comparison between the planetary and cycloidal prototypes. 

 

2.3.3.1 AcƟve vs RegeneraƟve mode 
The planetary prototype, as shown in Figure 31, in acƟve mode at the 

maximum speed (3500 rpm) and at the maximum torque (1.5 Nm), the SPL 
reached about 82 dB. In regeneraƟve mode (see Figure 35), due to the issues 
with the test bench, the SPL peaked at 79.5 dB. This value is obtained at the 
same speed, but the maximum torque delivered was of 0.85 Nm. At the same 
speed and torque, the value of the SPL is pracƟcally idenƟcal. This suggest that 
the results in terms of maximum values are the same. In order to understand if 
the results are equal for all the speeds, it is useful to compare the Figure 32 and 
36. In these figures the paƩern is very similar, so it is possible to affirm that in 
both modes the SPLs reach the same values. 

The same analysis can be carried out for the cycloidal prototype. In acƟve 
mode (Figure 44), the maximum SPL is around 79 dB. In regeneraƟve mode 
(Figure 48), the maximum SPL is around 77 dB. For the same issues listed above, 
in regeneraƟve mode the maximum value is reached at 3500 rpm but at torque 
value of 1.1 Nm. Comparing Figures 44 and 48, the SPL values at 3500 rpm and 
1.1 Nm are nearly idenƟcal. For this reason, a further comparison of the contour 
plot in the figure 45 and 49 shows similar paƩern, but the acƟve mode displays 
more intense colours, i.e. higher overall SPL values. 
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2.3.3.2 Planetary vs Cycloidal Prototype  
The main focus of this research is to compare the two different prototypes. 

As seen in previous paragraph, there are not so many differences in acƟve and 
regeneraƟve mode for both the prototypes. For this reason, the comparison in 
this paragraph is conducted in acƟve mode only. The difference in the peak SPL 
for the maximum speed is small, only 3-4 dB. For this reason, it is useful to 
compare the contour plots. 

 
Figure 53 – Contour plot comparison 

In Figure 53 it is possible to see that the cycloidal prototype shows lower 
SPLs across all speed steps confirming a significant noise reducƟon. In addiƟon, 
it is possible to noƟce different behaviour between cycloidal and planetary 



2. Experimental analysis: planetary vs cycloidal RRSA 

51 
 

prototype. The cycloidal prototype shows a paƩern that is almost solely 
dependent on speed, unlike the planetary prototype.   

To beƩer highlight the acousƟc improvements achieved with the cycloidal 
prototype, the “delta acousƟc performance map” is reported. It is obtained as 
follows: 

𝑑𝑒𝑙𝑡𝑎 𝑎𝑐𝑜𝑢𝑠𝑡𝑖𝑐 𝑝𝑒𝑟𝑓𝑜𝑟𝑚𝑎𝑛𝑐𝑒 𝑚𝑎𝑝 = 𝑆𝑃𝐿௧௬ − 𝑆𝑃𝐿௬ௗ 

In this way, the posiƟve results correspond to superior acousƟc performance 
of the cycloidal prototype respect to the planetary one. 

 
Figure 54 – Delta acousƟc performance map 

In Figure 54, the orange-coloured part is the widest. It represents the areas 
where the cycloidal prototype performs beƩer than the planetary one. The 
white part represents the areas where the prototypes show similar 
performance, instead. There is only a small part (the blue-shaded) where the 
planetary prototype performs beƩer than the cycloidal one. It is important to 
highlight that the cycloidal prototype even shows a noise reducƟon of 14 dB 
(the brightest orange-coloured area). 

To make a complete analysis it is possible to compare the third octave bands 
for both the prototype, which provide insight into the most affected frequency 
ranges. Hence, it is useful to compare the third octaves bands.  
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Figure 55 – Third Octave Bands comparison 

In figure 55 it is possible to see that the cycloidal prototype generates higher 
noises in a lower frequency range. In addiƟon, the maximum values are around 
8-9 dB(A) lower. 

In parallel with these acousƟc tests, efficiency measurements were also 
conducted. The planetary prototype shows a higher efficiency respect to the 
cycloidal one. In parƟcular, the max efficiency of the planetary prototype is 72 
% in acƟve mode and 66 % in regeneraƟve mode; the cycloidal max efficiency is 
57 % in acƟve mode and 38% in regeneraƟve mode.  

In the following pictures, the design geometry differences between the two 
prototypes are shown. 
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Figure 56 – Planetary and cycloidal geometry differences [22] 

 

All these consideraƟons can be summarized in the Table 8. 

Prototype Mode 
Max noise 

[dB] 
Frequency 
range [Hz] 

SPLs ≤ 65 dB 
[%] 

Max 
efficiency 

[%] 

Axial 
size 

[mm] 

Radial 
size 

[mm] 

Planetary 
AcƟve 82 

400-4000 11.28 
72% 

193.95 110 
Regen 79.5 66% 

Cycloidal 
AcƟve 78 

200-1600 42.52 
57% 

177.1 142 
Regen 77 38% 

Table 8 – Summarize results table 
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3 SimulaƟon analysis 
In recent years, the role of the NVH in vehicle design has become increasingly 

important. Just as simulaƟve techniques have increasingly become the leading 
players in design, simulaƟon in NVH field has also become a widespread 
pracƟce. In this way, modificaƟons and improvements can be made at an early 
stage of design. In the first Chapter, the Transfer Path Analysis (TPA) has been 
introduced. The use of simulaƟon methods, led to its natural evoluƟon: Vehicle 
Interior Noise SimulaƟon (VINS) by FEV® [28-29]. This methodology combines 
all the features of the TPA with a real simulaƟon part through CAE (Computer-
Aided Engineering) tools. An overview of the main simulaƟon methods will be 
presented in the next secƟon. 

 

3.1 SimulaƟon methodologies in automoƟve 
industry 

Nowadays a lot of methodologies are available for the simulaƟon of the 
interior vehicle noise. Here below a short descripƟon of the most popular is 
reported. 

3.1.1 Finite element method (FEM) 
The finite element method is one of the most popular methods in the 

automoƟve industry. For the noise refinement, this method is highly 
recommended for the evaluaƟon of the structural borne excitaƟons. It, in fact, 
has a good correlaƟon for the low frequency range. It requires that all the 
surfaces and objects, both the solid structure and the fluid caviƟes, be properly 
modelled. In this way, a fully coupled soluƟon between the vibraƟons of the 
structured acceleraƟons and the pressure level of the caviƟes will be obtained 
[14]. Here below an example is reported. 

 
Figure 57 – FEM of a car’s structure and acousƟc cavity [14] 
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3.1.2 Boundary element method (BEM) 
The boundary element method is less known in the structural simulaƟon 

environment, but in the acousƟc field has an important role. It is developed in 
the late 1970s. The main difference between FEM and BEM lies in the way the 
domain is discreƟzed. Both methods discreƟze the domain in element, but the 
first one discreƟzes all the structures, instead the laƩer discreƟzes only the 
boundaries between two bodies. This allows to reduce the problem complexity 
by one dimension.  

The BEM theory is based on the soluƟon of the Helmholtz equaƟons. This is 
Ɵme consuming and for this reason it is a method not suitable for simulaƟons 
in very high frequencies, as they require more and more elements.  

Usually, the FEM and the BEM are used simultaneously [30]. Here below a 
scheme is proposed. 

 
Figure 58 - Steps used for FEM and BEM analysis [30] 

3.1.3 Infinite element method (IEM) 
The infinite element method is the natural evoluƟon of the BEM. As said, the 

main drawback of the BEM is that it is very Ɵme consuming. This new method 
is not based on the boundary representaƟon but on the domain representaƟon. 
It means that the domain-based method will not look for the exact soluƟon, but 
it will try to approximate its soluƟon within a finite region close to the radiaƟng 
body. To do this, the volume around the radiaƟng body will be discreƟzed 
through finite elements (FEM) and the acousƟc pressure will be obtained at 
each element node [14].  
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The applicaƟon field of the IEM is the same of the BEM one. It is very useful 
for low and medium frequencies.  

 
Figure 59 – Infinite element model of a car’s wheel [14] 

3.1.4 StaƟsƟcal energy analysis (SEA) 
The staƟsƟcal energy analysis is one of the last born in the simulaƟon 

methodologies. It allows to overcome the limitaƟons of the previous 
methodologies. So, it is possible to obtain good results for the high frequency 
range. It is the recommended method to study the airborne excitaƟons.  

The idea behind this method is completely different. In SEA, the 
vibroacousƟc problem is linked to an equivalent thermal or electrical analogue 
one in which the vibroacousƟc energy is related to temperature or voltage [14]. 
In this way, it will be much less Ɵme consuming, so it is very useful in the first 
steps of design.  

The applicaƟon of this method requires a lot of experience. Furthermore, it 
requires many parameters, which are someƟmes difficult to be obtained.  

3.2 SimulaƟon environment 
The use of a simulaƟon model allows various modificaƟons to be made to 

the original model in order to achieve some improvements. For this reason, it 
was decided to recreate the RRSA in its epicyclic version with spur gears. To do 
this, it was decided to use the plaƞorm made available by AVL®: Excite M. 

3.2.1 AVL® Excite M 
AVL® is a leader in the field of engine development thanks to all the 

experience gained over the years. AVL® Excite is a powerful tool for the NVH 
and durability simulaƟons of powertrain and drivelines.  
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AVL® Excite M is a package which allow to model and simulate the dynamic, 
NVH, durability and efficiency of drive units. It is possible to build simple model 
using rigid default components; otherwise, it is possible to recreate more 
sophisƟcated models, associaƟng to these defaults components, real bodies 
with correct geometry, sƟffness, mass and as a result complex flexible structure. 
Dynamic calculaƟons could be carried out both in the Ɵme domain and in 
frequency domain [31]. 

 Workflow 

The model design starts with the “predefined bodies”, such as shaŌs and 
gear wheels, found in the “component pane”. Excite M environment also 
provides different assemblies such as “Planetary Gearset”. The second step is to 
connect the bodies through different types of joints. To conclude this first stage, 
the kinemaƟc and/or kineƟc boundary condiƟons, such as predefined moƟon 
and loads, must be applied. 

AŌer this first stage, the baseline model can undergo the first simulaƟon, in 
order to understand if it performs correctly. In the following secƟon a schemaƟc 
way to obtain the model with real bodies will be reported. 

Hence, the next step is to bring the model more in line with reality. To do 
this, it is necessary to insert the real geometries and the real physical properƟes 
(inerƟa, sƟffness and damping) of the components. All these properƟes will be 
transferred into Excite M environment through files with *exb extension. Since 
Excite M does not present a mesh tool, these files will be generated with the 
help of Ansys® Workbench. The main steps to obtain these types of files are: 

1. CreaƟon of *cdb file, which contains the mesh informaƟon. It is realized 
into the Ansys® WB environment through the “StaƟc Structural” block. 

2. ImporƟng this file inside the Excite M’s app: “Component Modeler”.  
3. Making the “CondensaƟon task”: in this phase all the mesh nodes 

selected will be “condensed” into a single “Excite body node”. In this way 
all the informaƟon of the selected mesh nodes will be transferred to the 
“Excite body node”.  

4. The condensaƟon task will generate three different files (*fea, *inp, 
*cdb extension) that are useful for the creaƟon of the *exb file, since 
they include all the commands and opƟons for the creaƟon of the *exb 
file.  

5. Within the Ansys® WB environment, using the “Modal” block, it is now 
possible to perform the last step and make the *exb file. 
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6. Finally, the *exb file is ready to be inserted in the Excite environment. 

Figure 60 – CreaƟon sequence of *exb file: the steps to do with the help of Ansys® WB are the orange 
blocks; the step to do inside the Excite M environment are the blue blocks. 

An example showing the starƟng and ending point of the *exb creaƟon 
process is given here. 

 
Figure 61 – Step to obtain *exb bodies. 

3.2.2 RRSA Planetary prototype in Excite M 
RepeaƟng the procedure described above for every single body, it is possible 

to obtain the model with all the inerƟa, sƟffness and damping contribuƟon. 

 
Figure 62 – RRSA Planetary prototype in Excite M 

CDB file 
creation

Condensation 
task

EXB file 
creation

Insert EXB file 
in Excite
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In Figure 62, in addiƟon to the prototype, it is possible to see a blue shaded 
cylinder, the “KinemaƟc Driver”. This is the subsƟtute of the electric motor. 
Obviously, it is a simplified configuraƟon, but for the goal of this thesis, it was 
important to model only the gearbox of the RRSA. To define the power 
transmiƩed through the reducer, the following boundary condiƟons are 
applied: 

 Speed velocity at the “KinemaƟc Driver” 
 Counter-torque applied to the spline (at the lever posiƟon). 

Having completed the assembly of the model, simulaƟon can start. For this 
work purposes, the simulaƟon is conducted in Ɵme domain. The simulaƟon 
seƫng allows several parameters to be changed. AŌer some tuning, the main 
parameters are: 

 KinemaƟc Driver’s rotaƟon angle: 720 degrees 
 ComputaƟon seƫngs: variable step size, minimum step size: 1e-9 

degrees, maximum step size: 0.05 degrees, iniƟal step size: 1e-4 degrees 
 FFT lower bound frequency: 0 Hz 
 FFT upper bound frequency: 10000 Hz 
 Order extracƟon for the Campbell diagram: 2 (GMF 2nd stage), 14 (GMF 

1st stage), 28 (second harmonic GMF 1st stage) 

SimulaƟons were carried out for seven different cases, from 500 rpm to 3500 
rpm, in order to replicate the experimental analysis presented in chapter two. 

3.2.3 SimulaƟon method used in AVL® soŌware 
In Paragraph 3.1 an overview of the most popular methodologies in 

automoƟve industry has been done. The AVL® soŌware uses a new approach 
because, although the FEM and BEM simulaƟons are the most widespread, they 
possess inherit limitaƟons, i.e. they are very Ɵme consuming, and they require 
special experƟse. This new methodology is the “Wave based technique”. 

As known, FEM and BEM methods use approximated shape funcƟons to 
describe the dynamic response variables. On the other hand, the Treŏz 
method, from which the Wave Based Technique are derived, proposes the use 
of approximated soluƟons, which must saƟsfy the governing differenƟal 
equaƟons, but do not mandatory saƟsfy the boundary condiƟons [31]. 
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3.3 SimulaƟon results 
The aim of this simulaƟon is to prepare and opƟmize the starƟng model on 

which developments can then be implemented in order to improve the acousƟc 
performance of the RRSA prototype. Once the model has been prepared as 
explained in secƟon 3.2 and the simulaƟon has been completed, the dynamic 
results of the model are analysed.  Figure 63 shows the angular speed of the 
electric rotor. 

 
Figure 63 – Rotor angular velocity 

In Figure 63 it is possible to see that aŌer an iniƟal transient part, the rotor 
speed stabilizes itself. The same paƩern is possible to see for the 1st stage 
Carrier angular velocity, shown in Figure 64. 

 
Figure 64 – first stage Carrier angular velocity 

The transient part is jusƟfied by the number of teeth in contact. Figure 65 
shows the number of teeth in contact between the Sun gear and one of the 
three planets of the first stage. 
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Figure 65 – 1st stage Sun-Planet teeth in contact  

Since this is a vibraƟonal analysis of rotaƟng bodies, they can be analysed 
using the Cambell diagram. In this way it is possible to idenƟfy the main forcing 
frequencies (orders). As explained in Chapter 2, the forcing frequencies of the 
double stage planetary gearbox are related with the gear meshing. The main 
orders are 14.28 for the first stage and 1.52 for the second stage. Figure 66 
shows the Campbell diagram obtained. 

 
Figure 66 – Campbell diagram and main order lines 

In Figure 66, it is possible to see the main excited orders. The higher levels 
are between order 1.5 and 3. The high-level area extends unƟl order 14. The 
first important thing to say is that the order lines highlighted in this plot are 1.5 
and 14, which are not the ones calculated analyƟcally. This is linked to the order 
resoluƟon. As explained in secƟon 3.2.2, the simulaƟon was run for two 
revoluƟons of the “kinemaƟc driver”. The order resoluƟon can be obtained as 
follows: 

𝑂𝑟𝑑𝑒𝑟 𝑟𝑒𝑠𝑜𝑙𝑢𝑡𝑖𝑜𝑛 =
1

𝑁௩௨௧௦  ௦௨௧௦
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Consequently, the order resoluƟon for two revoluƟons is 0.5.  

As shown in Figure 66, the main order lines excited are related to the first 
stage and the second stage GMFs. Indeed, it can be interesƟng to run a new 
simulaƟon without including the flexible bodies of the first stage, so it does not 
transmit vibraƟons to the housing. It is expected that no excited orders will be 
present around the order 14. Figure 67 shows the Campbell diagram. 

 
Figure 67 – Cambell diagram with first stage made rigid 

Indeed, Figure 67 shows the area around the order 14 no more excited. 

The Excite M environment allows to obtain the structural borne contribuƟon. 

 
Figure 68 – Housing surface velocity 

Figure 68 shows the “Normal level surface velocity” of the Housing. Being a 
level, it is expressed as dB. To understand if the obtained results have a physical 
meaning and to parƟally validate the simulaƟons, it can be useful to analyƟcally 
compute the Sound Pressure Level (SPL) at one meter distance and to compare 
it with the results obtained by Galluzzi et al. To do this an approximaƟon has 
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been done, i.e.  the acousƟc source has been considered spherical-shaped. A 
further important approximaƟon is to consider the collision between the 
parƟcles and the Housing surfaces with no loss. The air atom collision is 
considered elasƟc. In this way the mechanical energy is conserved. All these 
consideraƟons have been done in order to simplify the analyƟcal computaƟon, 
since the main aim is to esƟmate the magnitude of the results rather than the 
exact values, in order to validate the model. The relaƟonship between the 
acousƟc pressure and the parƟcles velocity is described by the so called 
“AcousƟc Ohm law” [27]: 

𝑝௨௦௧ = 𝜌 ∗ 𝑐 ∗ 𝑣௧௦ 

where: 

 𝑝௨௦௧ is the pressure deviaƟon [Pa]. 
 𝜌 is the air density in this case 1.205 Kg/m3. 
 𝑐 is the acousƟc wave velocity propagaƟon in air, in this case equal to 

343 m/s. 
 𝑣௧௦ is the parƟcles velocity, in this case the results obtained from 

the simulaƟon [m/s]. 

The 𝑣௧௦ is equal to: 

𝑣௧௦ = 0.08 ∗ 10ିଷ 𝑚
𝑠⁄  

This is a mean value obtained from the node velocity of the Housing aŌer 
the transitory part. 

Using the AcousƟc Ohm law: 

𝑝௨௦௧ = 0.3361 𝑃𝑎 

Applying the definiƟon of Sound Pressure Level (SPL): 

𝑆𝑃𝐿[𝑑𝐵] = 20 ∗ log ൬
𝑝௨௦௧

𝑝
൰ = 84.51 𝑑𝐵 

The next step is to obtain the SPL at one meter distance. Through the 
definiƟon of sound power level and according to the inverse proporƟonal law, 
it is possible to obtain the relaƟonship between the SPL at two different 
distances. It is described as follow: 

𝑆𝑃𝐿ଶ = 𝑆𝑃𝐿ଵ + 20 ∗ log ൬
𝑟ଵ

𝑟ଶ
൰ 
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where: 

 𝑆𝑃𝐿ଶ is the value at one meter distance. 
 𝑆𝑃𝐿ଵ is the previous obtained value: 84.51 dB. 
 𝑟ଶ is equal to 1 m. 
 𝑟ଵ is the radial size of the RRSA, approximately 0.045 m. 

Figure 69 shows the schemaƟc view of the analyƟcal approach. 

 
Figure 69 – AnalyƟcal approach 

Applying the previous equaƟon, the SPL2 is equal to: 

𝑆𝑃𝐿ଶ = 57.57 𝑑𝐵 

This result has a physical meaning because is not too much far from the 
results obtained in anechoic room by Galluzzi et al [1]. For a rotor speed of 2500 
rpm, Galluzzi et al. reported a sound pressure level of 49.63 dB(A), as shown in 
Table 4. It is important to highlight that the Galluzzi’s tests were carried out 
without any applied load. In addiƟon, this analyƟc result is obtained with all the 
consideraƟons made previously, i.e. no losses and spherical sound source. 
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Conclusions 
StarƟng from an overview of the suspension system for automoƟve 

applicaƟon, it was possible to see all the advantages and drawbacks of the 
various employed technologies. Several example of electromagneƟc shock 
absorber were presented and ulƟmately the prototype under consideraƟon, the 
Rotary RegeneraƟve Shock Absorber was introduced. Dealing with a NVH 
analysis, an overview of the main parameters and methods used in this context 
has been reported. Furthermore, it was possible to see how the noises and 
vibraƟons propagate through two disƟnct paths: structure-borne path and 
airborne path. 

AŌer the state-of-the-art overview, an experimental campaign was carried 
out, to compare the NVH performances of two RRSA prototypes, equipped with 
two different speed reducer technologies: planetary and cycloidal. The results 
lead to consider the cycloidal prototype superior from the acousƟc 
performance point of view respect to the planetary one. In fact, the first shows 
an SPL inferior to 65 dB for the 42.52% of the tested operaƟonal condiƟons, 
while the laƩer achieves the same result only for the 11.28% of them. On the 
other hand, from the efficiency point of view, the best prototype, both in 
regeneraƟve and acƟve mode, is the planetary one with a maximum efficiency 
of 72% (acƟve mode), while the cycloidal speed reducer only reaches 57% 
(acƟve mode). 

Furthermore, a model of the planetary RRSA was created to carry out NVH 
simulaƟons. These simulaƟons were conducted with Excite M by AVL®. The 
main goal of this acƟvity is to obtain a baseline model with planetary gearbox 
and spur gears so that, in the future, it will be possible to introduce some 
modificaƟons in order to enhance the acousƟc performance of the prototype. 
Being it a CAE tool, it will allow cost and Ɵme reducƟon for the design and NVH 
evaluaƟon of next RRSA developments. The first obtained results are a good 
starƟng point. In fact, they are comparable with those obtained in anechoic 
room by Galluzzi et al. 

There are several improvements that can be implemented, both in 
experimental and simulaƟve environments. StarƟng with the experimental 
setup, the test rig can be improved in order to miƟgate the test rig resonances. 
In this way a more accurate order analysis can be carried out. In addiƟon, these 
tests can be performed into an anechoic room in order to delete reverberaƟon 
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and background noise. In this way, the acousƟc results could be considered not 
only for comparison purpose, but also in their absolute values.  

The greatest progress, however, can be made thanks to the simulaƟve 
approach. Several alternaƟves can be explored for the gearbox realizaƟon, 
starƟng with the most obvious: planetary gearbox with helicoidal gears. 
Numerous studies highlight the possible improvements in acousƟc 
performance using helicoidal gears in place of spur gears. In fact, gears with 
High-Contact RaƟo (HCR) show beƩer acousƟc performance rather than gears 
with Low-Contact RaƟo (LCR). 

A further possible modificaƟon to obtain higher acousƟc performance is to 
re-design the Housing. In this way some vibraƟons at certain frequencies can be 
eliminated or at least miƟgated. 
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