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1 Abstract

The dynamic behaviour of electric powertrains is a critical aspect of modern electric-vehicle
development, especially from the perspective of Noise, Vibration and Harshness (NVH).
Compared with conventional internal-combustion powertrains, electric powertrains are
characterized by different excitation mechanisms, reduced masking noise, and higher
sensitivity of the vehicle occupants to tonal and structural vibration phenomena. For this
reason, reliable numerical models are required to predict the modal behaviour of the
assembly and to support design decisions during the development process. However, a
numerical model can only be considered predictive if its modal properties are validated

against experimental evidence.

The objective of this thesis is to develop, validate, and apply an Experimental Modal Analysis
(EMA) procedure based on roving-hammer impact testing for the modal characterization of
an electric powertrain. The experimental activity is performed using an instrumented impact
hammer, tri-axial accelerometers, a multi-channel acquisition system, and Simcenter
Testlab software. The measured force and acceleration signals are processed to obtain
Frequency Response Functions (FRFs), from which the main modal parameters are
extracted: natural frequencies, damping factors, and mode shapes. The experimental
results are then compared with the modal properties predicted by the available numerical

model.

The work is organized in two main stages. First, the complete experimental and post-
processing workflow is developed and validated on a cantilever beam. This preliminary test
case provides a controlled structure with interpretable bending and torsional behaviour,
allowing the acquisition setup, roving-hammer strategy, modal identification process,
MATLAB post-processing routines, and FE-correlation tools to be verified. The beam study
also highlights important experimental effects such as accelerometer mass loading,

boundary-condition flexibility, damping estimation, and mode-shape correlation.

Afterthis methodologicalvalidation, the same workflow is applied to the electric powertrain.

Measurement nodes are defined on the mounting arms and on the powertrain body. The
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powertrain is excited at selected locations and directions, while the dynamic response is
measured by accelerometers installed at reference points. The experimental mode shapes
and natural frequencies are compared with those obtained from the numerical model, with
particular attention to the influence of mount stiffness, boundary conditions, mass

distribution, and local structural flexibility.

The final outcome of the thesis is a structured experimental-numerical validation procedure
for an electric powertrain. The results provide a basis for interpreting the physical origin of
the identified modes and for defining possible model-updating actions aimed at improving

the correlation between experimental measurements and numerical predictions.
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2 Nomenclature

Meaning

natural angular frequency of mode r

damping ratio of mode r

mass matrix

stiffness matrix

FRF between response coordinate i and excitation coordinate j

stiffness-proportional Rayleigh damping coefficient

Experimental Modal Analysis

Frequency Response Function

Modal Assurance Criterion

MAC matrix computed between experimental and numerical mode shapes

Power Spectral Density

Signal-to-Noise Ratio
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3 Introduction

3.1 Background and motivation

The development of electric vehicles has increased the importance of accurate dynamic
modelling and experimental validation of electric powertrain assemblies. In conventional
vehicles, the internal-combustion engine is usually the dominant source of noise and
vibration, and its broadband acoustic contribution can partially mask other structural and
tonal phenomena. In electric vehicles, this masking effect is strongly reduced. As a
consequence, vibration and noise contributions that were previously less perceptible can
become more critical for passenger comfort. These include electric-machine tonal
excitations, gear-mesh orders, inverter-related effects, bearing dynamics, structural
resonances, and vibrations transmitted through the powertrain mounting system. This
change from traditional to electrified powertrains has made NVH analysis more challenging

and more important in the development of modern vehicles [1-3].

Recent studies on battery electric vehicle NVH show that the absence of combustion-engine
masking noise exposes noise and vibration phenomena that were previously less evidentin
conventional vehicles. Hua et al. reviewed theoretical, computational, and experimental
work on BEV NVH and highlighted the increasing importance of powertrain, tire, wind, and
ancillary-system noise in electric vehicles [1]. Horvath and Zelei discussed the specific NVH
challenges associated with EV powertrains, including electric motors, inverters, and gear
systems, and emphasized the need for simulation-based approaches to manage these
effects [2]. More generally, recent vehicle-NVH reviews confirm that the transition toward
electrified and hybrid vehicles requires improved modelling and validation methods
because the dominant excitation sources and passenger perception conditions are

changing [3].

For this reason, NVH analysis has become a central aspect of electric powertrain
development. The dynamic behaviour of an electric powertrain depends on several coupled

elements: the motor and gearbox housing, bearings, mounting arms, bolted interfaces,
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rubber mounts, support brackets, and the boundary conditions imposed by the vehicle or
by the test bench. These elements define the mass, stiffness, damping, and vibration-
transmission paths of the complete assembly. Even small uncertainties in mount stiffness,
joint stiffness, local component flexibility, or boundary-condition representation can

significantly modify the predicted natural frequencies and mode shapes.

In the current state of the art, numerical simulation is widely used to predict the dynamic
behaviour of powertrain systems before or during physical testing. Finite element models,
multi-body models, and dedicated powertrain simulation tools can be used to estimate
natural frequencies, mode shapes, forced response, and possible resonance problems.
Holehouse et al. presented an integrated NVH approach for electro-mechanical rotating
systems, showing the importance of considering the complete system response in electric
driveline applications [4]. In the present thesis, the numerical reference is provided by a
Romax model of the electric powertrain. Such a model is useful because it allows the
dynamic behaviour of the assembly to be studied and modified virtually. However, the
reliability of any numerical model depends on the assumptions used to describe geometry,
material properties, mass distribution, joint stiffness, rubber mounts, bearing supports, and

boundary conditions.

Therefore, simulation alone is not sufficient for reliable NVH assessment. Experimental
validation is required to verify whether the numerical model reproduces the actual dynamic
behaviour of the physical system. A numerical mode can only be considered reliable if it is
consistent with the corresponding experimental mode in terms of both natural frequency
and deformation shape. Frequency comparison alone is not enough, because two modes
may appear in a similar frequency range while representing different physical motion. For
this reason, validation procedures combine frequency-error analysis with mode-shape

comparison methods such as the Modal Assurance Criterion [5-7].

Experimental Modal Analysis is one of the main experimental techniques used for structural
dynamic identification and model validation. In EMA, a known input force is applied to the

structure and the corresponding vibration response is measured. The ratio between output
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response and input force gives the Frequency Response Function, from which natural
frequencies, damping ratios, and mode shapes can be extracted. Impact testing with an
instrumented hammer is particularly suitable when several excitation points must be
measured efficiently. In the roving-hammer configuration, the accelerometers remain fixed
while the hammer is moved over the selected excitation points. This approach is useful for
complex systems because it keeps the sensor mass distribution constant during the test

and allows many input coordinates to be acquired with a limited number of accelerometers

[5].

After the FRFs are measured, modal parameters must be extracted using a suitable
identification method. In industrial modal testing, PolyMAX is widely used because it
provides stabilization diagrams that help distinguish physical modes from computational or
noise-related poles. Peeters et al. presented the PolyMAX frequency-domain method as an
important modal parameter estimation approach for experimental modal analysis [8]. Inthe
present thesis, PolyMAX is used in Simcenter Testlab to identify natural frequencies,

damping ratios, and mode shapes from the measured FRFs.

The correlation between experimental and numerical models is especially important for
vehicle structures, powertrain mounting systems, and mounting brackets because these
components strongly affect vibration transmission paths. Oktav applied experimental and
numerical modal analysis to a passenger vehicle and used modal correlation to compare
structural dynamic behaviour [9]. Zhao et al. presented a simulation and experimental
validation approach for a powertrain mounting bracket design, showing the relevance of
modal behaviourin mount-system design [10]. Li et al. also showed that natural frequencies
of powertrain mount brackets have a strong influence on NVH performance and proposed
finite element model refinement to reduce discrepancies between measured and
calculated natural frequencies [11]. These studies confirm that powertrain-related
structures require both simulation and experimental validation, especially when mount

stiffness, bracket flexibility, and boundary conditions influence the dynamic response.
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Before applying this procedure to a complex industrial assembly, the methodology must be
checked on a simpler and more interpretable structure. For this reason, the present thesis
starts from a cantilever beam. The beam provides a controlled benchmark where the
experimental setup, hammer excitation, sensor placement, Testlab workflow, PolyMAX
modal identification, MATLAB post-processing, FRF synthesis, reciprocity verification, and
MAC-based correlation can be developed and verified. This preliminary step is important
because it confirms that the measurement chain and post-processing tools are reliable

before they are applied to the electric powertrain.

After this methodological validation, the same experimental-numerical workflow is
transferred to the powertrain. The activity is progressively developed from global low-
frequency behaviour to higher-frequency structural behaviour. First, the low-frequency
rigid-body and mount-controlled modes are identified. These modes are mainly influenced
by the rubber mounts, global mass distribution, inertia properties, and support stiffness.
Then, the analysis is extended to the structural modes of the long arm and bulk powertrain,
where local flexibility, arm thickness, bolted connections, and assembled boundary

conditions become more important.

The specific role of this thesis is to identify and interpret the correspondence between the
experimental modal behaviour measured by EMA and the modal behaviour predicted by the
Romax model. The comparison is not limited to listing frequencies. Instead, the
experimental and numerical modes are compared through frequency errors, visual mode-
shape interpretation, and MAC-based correlation where suitable. This makes it possible to
distinguish between modes that are well represented by the numerical model and modes

that still require further investigation or model updating.

The motivation for this work is therefore twofold. From an experimental point of view, the
thesis develops a reliable roving-hammer EMA procedure for a complex mounted electric
powertrain. From a modelling point of view, it provides experimental evidence that can be
used to evaluate and improve the Romax model. The validation is considered reliable only if

the procedure is consistent at different levels: first on the cantilever beam, then on the low-
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frequency powertrain modes, and finally on the higher-frequency structural modes of the

long arm and bulk assembly.

The work also provides a basis for future development of the project. Additional data from
the company test bench may be used in later stages to extend the validation from modal
testing toward operational or forced-response conditions. In this way, the present thesis
represents a first validation step: it establishes the experimental modal reference and
identifies the main discrepancies between the physical powertrain and the numerical
model. Future work can then use this reference to improve the simulation model further and

to validate the powertrain under more realistic operating conditions.

3.2 Experimental Modal Analysis for model validation

EMA is based on the assumption that the dynamic behaviour of a linear structure can be
described as a combination of modal contributions. Each mode is characterized by a natural
frequency, a damping factor, and a mode shape. When the structure is excited near one of
its natural frequencies, the response is dominated by the corresponding mode. By acquiring
the input and output signals over a suitable frequency range, the modal properties can be

estimated from the measured FRFs.

In this thesis, the excitation is applied by means of an instrumented impact hammer. This
approach is suitable for laboratory modal testing because the input force is directly
measured and the excitation point can be easily changed. The method adopted is the roving-
hammertechnique: the accelerometers are kept fixed at selected reference locations, while
the hammer is moved across different excitation points and directions. This strategy is
particularly usefulwhen the structure is complex or when moving the accelerometers would

alter the mass distribution of the system.

The roving-hammer approach also allows many input locations to be tested with a limited
number of sensors. The resulting dataset contains the dynamic relationship between

several excitation coordinates and the measured response coordinates. These FRFs are
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then used for modal parameter identification. In the present work, the modal identification
is mainly performed using the PolyMAX estimator available in Simcenter Testlab, while

additional post-processing and validation operations are performed in MATLAB.

3.3 Role of the preliminary beam study

Before applying the methodology to the electric powertrain, the complete workflow was
developed and validated on a cantilever beam. The use of a beam as a preliminary test case
is important because its dynamic behaviour is simpler than that of a complete powertrain
and can be interpreted through classical beam theory, numerical simulation, and

experimental measurements.

The beam test was used to validate the acquisition chain, including the LMS SCADAS
system, the tri-axial accelerometers, the instrumented hammer, the channel mapping, and
the Testlab acquisition settings. It was also used to verify the roving-hammer strategy, the
quality-control procedure for rejecting double hits and overloads, the construction of FRFs,

the use of stabilization diagrams, and the extraction of modal parameters.

The beam case also allowed the MATLAB post-processing pipeline to be developed. This
included the import of experimental FRFs, the synthesis of FRFs from identified modal
parameters, the evaluation of Maxwell reciprocity, the computation of Auto-MAC and Cross-
MAC matrices, the comparison between experimental and numerical mode shapes, and the
estimation of damping parameters. The beam therefore represents the methodological

benchmark of the thesis.

3.4 Thesis objectives

The main objective of this thesis is to develop and apply a robust roving-hammer EMA

procedure for the validation of the numerical modal model of an electric powertrain.
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The specific objectives are:

1. todefine a complete experimental workflow for modal testing using Simcenter Testlab,
LMS SCADAS acquisition hardware, tri-axial accelerometers, and an instrumented
impact hammer;

2. tovalidate the workflow on a cantilever beam before applying it to the powertrain;

3. to develop MATLAB-based post-processing tools for FRF handling, modal synthesis,
reciprocity verification, MAC analysis, damping identification, and FE/EMA correlation;

4. to perform experimental modal analysis on an electric powertrain mounted on its
support system;

5. to identify the main experimental natural frequencies, damping factors, and mode
shapes of the powertrain;

6. tocompare the experimental modal properties with the available numerical model;

7. to interpret discrepancies between test and simulation in terms of mount stiffness,
boundary conditions, mass distribution, and local structural flexibility;

8. to propose possible model-updating directions for improving the correlation between

the experimental and numerical models.

3.5 Thesis organization

Chapter 2 introduces the theoretical background and short literature review. It presents the
fundamentals of structural dynamics, EMA, FRFs, impact testing, PolyMAX identification,
MAC-based validation, FE-model updating, and the relevance of these tools to electric

powertrain NVH.

Chapter 3 introduces the instrumentation and software used in the experimental activities.
The working principles of piezoelectric accelerometers, the instrumented impact hammer,

the SCADAS acquisition system, and Simcenter Testlab are discussed.
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Chapter 4 describes the preliminary cantilever beam study. The chapter presents the
experimental setup, instrumentation, roving-hammer acquisition strategy, Testlab
workflow, modal identification results, MATLAB post-processing procedure, analytical and

numerical comparison, and model-updating results.

Chapter 5 presents the rigid-body identification stage of the electric powertrain. This
chapterfocuses onthe low-frequency, mount-dominated behaviour of the assembly and on

the role of the rubber mounts in the global dynamic response.

Chapter 6 presents the long-arm and bulk powertrain structural-mode study. This chapter
focuses on the flexible modes of the mounting arms and of the main powertrain body,
including frequency comparison with the numerical model and interpretation of local

stiffness effects.

Chapter 7 discusses FE/Romax correlation and possible model-updating actions. The
discussion focuses on mount stiffness, boundary conditions, mass distribution, long-arm

stiffness or thickness modifications, damping assumptions, and local structural flexibility.

Chapter 8 summarizes the conclusions of the thesis and proposes future developments.
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4 Theoretical Background and Short Literature Review

4.1 Fundamentals of modal analysis

The dynamic behaviour of a mechanical structure can be described by the equilibrium
between inertia, damping, stiffness, and external excitation. In matrix form, the equation of

motion of a linear multi-degree-of-freedom system is:

[M]%(6) + [C]x(2) + [K]x(t) = f(©) (4.1)

where [M], [C], and [K] are respectively the mass, damping, and stiffness matrices; x(t) is
the displacement vector; and f(t) is the external force vector. Under the assumption of
linear behaviour, the response can be interpreted as the superposition of individual modes.

Each mode is defined by a natural frequency, a damping ratio, and a mode shape.

Modal analysis starts from the free-vibration problem. If no external force is applied and
damping is initially neglected, the equation of motion becomes:

[MI{x(©)} + [K[{x(©)} = 0 (4.2)

A harmonic solution can be assumed in the form:

x(®©)} = Xoje"(wt) (4.3)

where (w) is the angular frequency and {X,} is the displacement amplitude vector.

Substituting this solution into the undamped free-vibration equation gives:

(K] — *[MD{Xo} = {0} (4.4)

This is the classical undamped eigenvalue problem. Non-trivial solutions exist only when:
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det([K] — w?[M]) = 0 (4.5)

The solutions of this equation provide the eigenvalues and eigenvectors of the system. The
eigenvalues are related to the squared natural angular frequencies 1, = w,?, while the

corresponding eigenvectors represent the mode shapes, {X,}, = {¥;-}

Therefore, each mode (r) is characterized by a natural frequency (w,) and a mode shape

vector (¢,). The natural frequency in hertz is obtained from f, = w / 2m.

The physical meaning of the mode shape is the relative deformation pattern of the structure
whenitvibrates atthe corresponding naturalfrequency. The absolute scale of a mode shape
is arbitrary; what is important is the relative motion between the different degrees of
freedom. This is why mode-shape comparison methods, such as the Modal Assurance

Criterion, are used later in this thesis to compare experimental and numerical modes.

For an assembled structure such as an electric powertrain, the matrices ([M]) and ([K]) are
large and contain the information related to the mass distribution, geometry, material
properties, bearings, supports, joints, mounting arms, and boundary conditions. In a
numerical software such as Romayx, these matrices are not manually assembled by the user.
They are generated internally from the model definition and from the mechanical properties

assigned to the components and connections.

A general damping matrix can make the modal equations coupled and can lead to complex
mode shapes. However, in many structural-dynamic applications, damping is represented
using proportional damping, also called Rayleigh damping. In this case, the damping matrix

is expressed as a linear combination of the mass and stiffness matrices:

[C] = a[M] + BIK] (4.6)
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where (a) is the mass-proportional damping coefficient and (f) is the stiffness-proportional
damping coefficient. Using the undamped modal matrix ([@]), the displacement vector can

be written as:

x@®} = [Y]{n®} (4.7)

Where (1(t)) is the vector of modal coordinates. By pre-multiplying by ([®@]7), the equations
of motion can be decoupled into independent modal equations. For mode (r), the modal

equation becomes:

iy () + 2 G, (t) + wfn.(t) = Qr(t) (4.8)

where (g, (t)) is the modal coordinate, (w,) is the undamped natural angular frequency, ({)

is the modal damping ratio, and (Q,-(t)) is the modal force.

For Rayleigh damping, the damping ratio of mode (r) is:

¢ = a/QCuwy) + Bw,/2 (4.9)

This equation shows the differentroles of (@) and (£). The mass-proportionalterm (a/(Zwr))
decreases with frequency and therefore has a hyperbolic trend. The stiffness-proportional
term (fw, /2) increases linearly with frequency. The total damping ratio is the sum of these

two contributions.

Although proportional damping preserves undamped mode shapes, the damped
eigenvalues are not identical to the undamped ones. For a damped single modal equation,

the complex eigenvalues can be written as:
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, 2 (4.10)
Sy = =Gy * jowr |1 =4

and the damped natural frequency is:

(4.11)
Wgyr = Wpyr 1 - (1"2

The advantage of proportional damping is that the system can still be decoupled using the
eigenvectors of the undamped system. In other words, the same mode shapes obtained
from the undamped eigenvalue problem can be used to transform the physical coordinates
into modal coordinates. This is important because the modal basis remains defined by the
undamped eigenvectors, while damping modifies the modal response and the complex

eigenvalues.

For lightly damped structures, (wg4 ) is close to (w;), but they are not exactly the same. This
distinction is important because the undamped eigenvalue problem provides the reference
mode shapes and natural frequencies, while damping affects the dynamic response

amplitude, resonance width, and decay rate.

In the Romax workflow, the modal analysis of the powertrain is performed on a complex
assembled system. The model may include nonlinear elements or nonlinear relationships,
forexample in bearings, contacts, preloads, or support conditions. Therefore, the numerical
procedure starts from the definition of the loads and the static operating condition. Romax
first evaluates the static equilibrium of the system under the applied loads. Around this
equilibrium point, the system is linearized. The resulting linearized mass and stiffness
matrices represent the dynamic behaviour of the assembly for small vibrations around the

selected operating condition.

27|Page



Once the system has been linearized, the modal problem can be solved using the linearized
matrices. The extracted numerical natural frequencies and mode shapes are then
compared with the experimental modal parameters obtained from EMA. This is the basis of
the experimental-numerical correlation performed in the following chapters. In this thesis,
the comparison focuses mainly on natural frequencies and mode shapes, while damping is
treated separately through the experimental damping ratios and, where necessary, through

the proportional damping formulation.

In FE-model validation, modal parameters are useful because they are sensitive to the
physical properties of the structure. Natural frequencies are mainly affected by the ratio
between stiffness and mass, while mode shapes provide spatial information about how the
structure deforms. A comparison between experimental and numerical modal parameters
can therefore reveal modelling errors related to mass distribution, material stiffness, joints,

boundary conditions, or mount properties.

4.2 Frequency Response Functions

An FRF describes the relationship between an input force applied at one coordinate and the
output response measured at another coordinate. Depending on the measured response
quantity, the FRF may be expressed as receptance, mobility, or inertance. In this thesis, the
measured response is acceleration and the input is force; therefore, the FRFs are mainly

inertance functions:

%;(w) (4.12)
Fi(w)

Hij(w) =

where i is the response coordinate and j is the excitation coordinate. Peaks of the FRF

magnitude are associated with resonant behaviour, while the phase evolution provides
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additional information for distinguishing physical resonances from noise or computational

artefacts.

FRFs are also useful for validating the assumption of linearity. In a linear reciprocal system,
the FRF measured between two coordinates should be independent of which coordinate is
used as input and which is used as output. This property, known as Maxwell reciprocity, can

be checked by comparing cross-inertance functions such as H;; and Hj;.

The modal properties of a structure can be interpreted from both its free response and its
forced response. In Experimental Modal Analysis, the structure is excited by an impact
hammer. Although the excitation is applied as an external force, the force pulse is very short
in time. After the impact, the structure is left to vibrate and decay freely. Therefore, the

measured response can be interpreted as the impulse response of the system.

For asingle-degree-of-freedom system subjected to a unitimpulse, the free-decay response

can be written as:

1 (4.13)

h(t) = e~ $@ntsin(wyt), t>0
mawgy

where (h(t)) is the impulse response function, (m) is the mass, (w,) is the undamped natural
angular frequency, (¢) is the damping ratio, and (w,) is the damped natural angular

frequency:

Wy = wp/1 — 2 (4.14)

This exponential term controls how quickly the response disappears after the hammer

impact. The decay rate is governed by the product ({w,,). Therefore, for the same damping
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ratio, a higher natural frequency decays faster, while a lower natural frequency decays more
slowly. This means that the first mode usually requires the longest observation time,

because it has the lowest natural frequency and therefore the slowest exponential decay.

This concept is important for selecting the acquisition time in impact testing. The
measurementwindow must be long enough to capture the free decay of the slowest relevant
mode afterthe hammer impact. If the acquisition time istoo short, the response is truncated
before it has decayed sufficiently, producing leakage errors in the FRF. If the acquisitiontime
is unnecessarily long, the useful response may have already disappeared and the

measurement can become more affected by background noise.

For this reason, only one theoretical impulse-response plot is reported in this thesis. The
plot is used to explain the physical meaning of the acquisition time. The same principle is
then applied in the beam, low-frequency powertrain, and long-arm tests without repeating

the impulse-response figure.

In Simcenter Testlab, the measured time response can also be manipulated by applying a
response window, such as an exponential window. This does not change the physical
behaviour of the structure, but it modifies the measured time signal before the FRF is
calculated. The purpose of the exponential window is to force the response signal to decay
more quickly inside the acquisition time. This is useful when the natural free decay of the
structure is too long compared with the selected acquisition window, because an

unfinished decay can produce leakage in the frequency-domain FRF.

The exponential window therefore acts as a numerical signal-processing tool. It multiplies
the measured response by an artificial decay function so that the signal approaches zero
before the end of the acquisition record. In this way, the FRF estimation becomes cleaner

and leakage effects are reduced.

However, this operation must be used carefully. Since the exponential window introduces
additional artificial decay, it can influence the apparent damping of the identified modes.

For this reason, the window is used mainly to improve the quality of the FRF estimation,
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while the physical interpretation of damping must always consider the acquisition settings.
In this thesis, this conceptis explained only once because the same principle applies to the

beam, low-frequency powertrain, and long-arm structural tests.

Impulse Response (Mode 2: fn = 74.23 Hz, { = 0.0065)

= Impulse Response h{t)
= = :Exponential Decay Envelope|
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Figure 4.1 :Theoretical impulse response of a damped single-degree-of-freedom system. The response oscillates at the
damped natural frequency and decays according to the exponential term e ~$“nt, The lowest-frequency mode usually
has the longest decay duration and therefore governs the minimum acquisition time required for impact testing.

Generally, any structural response vector can be expanded in the modal basis as:

N
v=;Cr¢r (4.15)
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where (C,) are the modal coordinates or modal participation coefficients. This is the
principle of modal expansion. The physical response is transformed into modal coordinates
in order to decouple the equations of motion, each modal equation is studied as an
equivalent single-degree-of-freedom system, and the total response is then reconstructed

in physical coordinates by superposition.

A multi-degree-of-freedom system can be interpreted as the superposition of several
decoupled modal responses. Each mode behaves like an equivalent single-degree-of-
freedom oscillator in modal coordinates. Therefore, the measured physical response is
obtained by summing the contribution of all the modes. In the undamped free-response

case, the displacement vector can be expressed as:

N
x(t) = Z A, cos(w,t + ¢,) P, (4.16)
r=1

Where (x(t)) is the physical displacement vector, (4,) is the amplitude of mode (r), (w,) is
the natural angular frequency of mode (r), (¢,) is the phase angle, and (1,-) is the mode shape
vector. This expression shows that the physical motion of the structure is obtained by

combining the mode shapes with their time-dependent modal amplitudes.

In the frequency domain, the forced response is described by Frequency Response

Functions. For a harmonic excitation, the equation of motion is:

[M]%(t) + [C]x(t) + [K]x(t) = Fye'?t (4.17)

where (£2) is the excitation angular frequency. It is important to distinguish (£2) from the
natural frequency (w,-). The natural frequency is a property of the structure, while (2) is the

frequency imposed by the external excitation.
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Assuming a steady-state harmonic response, x(t) =Xoeim And substituting into the

equation of motion gives:

([K] + i2[C] — Q2[MDX, = F, (4.18)

The term in brackets is the dynamic stiffness matrix:

[K;(2)] = [K] + i2[C] — 2% [M] (4.19)

Therefore, the response amplitude vector is X, = [K;(2)]"1F, and the receptance matrix is

defined as:

[a(D)] = [Ka(D]™ (4.20)

so that X, = [a()]F, and the steady-state displacement response becomes:

x(t) = [a(2)]Fye™* (4.21)

The receptance matrix ([a(2)]) relates displacement response to force input. Other FRF

forms can be obtained from it. Mobility is the ratio between velocity and force:

[u(2)] = iRa(2) (4.22)

Inertance, also called accelerance, is the ratio between acceleration and force:
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[AD)] = —02*[a(2)] (4.23)

In this thesis, the measured response is acceleration and the input is hammer force.
Therefore, the experimentally measured FRFs are mainly inertance functions. For an input
force applied at coordinate (k) and an acceleration response measured at coordinate (1), the

inertance FRF is:

X, ()

4.24
Fe (@) bl

Ay (2) =

In impact testing, each hammer strike corresponds to a single-input, multi-output
measurement. When the hammer excites coordinate (k), the force vector contains a non-
zero value only at that coordinate, while the other force components are zero. The
acceleration responses are measured simultaneously at the available accelerometer
coordinates. By moving the hammer from point to point, several columns of the FRF matrix

can be measured.

The direct calculation of the FRF matrix by inverting the dynamic stiffness matrix can be
computationally expensive for large systems, because the mass, damping, and stiffness
matrices may contain many degrees of freedom. An alternative is to express the FRFs using
modal superposition. For the receptance between response coordinate (1) and excitation

coordinate (k), the modal formiis:

N

_ lplrlpkr
() = Z m, (w2 — 02 + 120, 0,02) (4.25)

r=1
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where (y;,) is the component of mode shape (r) at the response coordinate (), (Yy,) is the
component of the same mode shape at the excitation coordinate (k), (m,) is the modal

mass, (w,) is the natural angular frequency of mode (r), and ({;-) is the modal damping ratio.

If the mode shapes are mass-normalized, the modal mass becomes equal to one and the

expression becomes:

N

_ ¢lr¢kr
() = Z w2 — 02 + 20w, (4.26)

r=1

This modal form is useful because it shows that the FRF is the sum of the contributions of
the individual modes. Around a resonance, the corresponding modal term becomes
dominant and a peak appears in the FRF magnitude. Therefore, the FRF magnitude is

commonly used to identify the frequency regions where modes are present |a;, (2)] .

The phase of the FRF also provides important information. Near a resonance, the phase
changes rapidly, typically by approximately (180°) depending on the FRF type and sign
convention. This phase variation helps distinguish physical resonances from noise or

numerical artefacts.

Antiresonances can also appear in the FRF. An antiresonance is a frequency where the
measured response becomesvery small due to the superposition and cancellation of modal
contributions. Unlike resonance peaks, antiresonances are strongly dependent on the
selected input-output pair and can be sensitive to damping, spatial location, and modal
truncation. For this reason, antiresonance regions may also show local drops in coherence
during experimental testing, because the response amplitude is small and the signhal-to-

noise ratio decreases.

In the low-frequency range of this thesis, damping is not the main parameter used for model

correlation.
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The comparison between EMA and Romax is based mainly on natural frequencies and mode
shapes, because these quantities are most directly related to mass, stiffness, mount
properties, and boundary conditions. Damping influences the amplitude and width of the
FRF peaks, but for lightly damped systems it has a smaller effect on the position of the
natural frequencies. Therefore, dampingis reported and interpreted, but the main validation

criteriaremain frequency correlation, mode-shape comparison, and MAC where applicable.

4.2.1 Maxwell reciprocity and symmetry of the FRF matrix

For alinear, time-invariant, passive mechanical system with symmetric mass, damping, and
stiffness matrices, the Frequency Response Function matrix is symmetric. This property is
known as Maxwell reciprocity. It means that the response measured at coordinate (l) due to
a force applied at coordinate (k) is equal to the response measured at coordinate (k) due to

the same type of force applied at coordinate (1), a;, (2) = a;;(2) .

This property can also be observed from the modal expression of the receptance FRF given

in equation (4.25).

N

_ lplrlpkr
() = Z my(wf — 22 + i2¢,w,02)

r=1

If the input and response coordinates are exchanged, the FRF becomes

N
Kl sm,(0f — 02 + 126, 0.0)
r=

Since the product of the two modal components is unchanged,

YirVir = Yrrhir

it follows that

a(2) = ay ()
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Therefore, the receptance matrix is symmetric:

la(@)] = [a(@D]"

The same reciprocity concept can be extended to mobility and inertance FRFs, provided that
the same physical input-output coordinates and directions are considered. In impact
testing, this property is useful because it allows the consistency of the measured FRFs to be
checked by comparing cross-FRFs measured between two coordinates with reversed input

and response locations.

In the roving-hammer procedure used in this thesis, the accelerometers remain fixed while
the hammer is moved between different excitation points. When the excitation coordinate
and the response coordinate are exchanged in the FRF matrix construction or in Testlab
visualization, the interpretation relies on the reciprocity property of a linear mechanical
system. If the structure behaves linearly and the measurements are reliable, the two cross-

inertances should have similar magnitude, phase, and resonance peaks.

A lack of reciprocity can indicate a problem in the measurement or in the assumptions.
Possible causes include double impacts, poor input-force quality, overloads, insufficient
coherence, sensor-direction errors, nonlinear contact behaviour, or local boundary-
condition changes during the test. For this reason, reciprocity is used later in the thesis as
an experimental quality check. If the reciprocal FRFs show similar resonance peaks and
overall trends, the system can be considered sufficiently linear for the purpose of

Experimental Modal Analysis.

4.2.2 Residual effects in FRF synthesis and reciprocity interpretation

In modal testing, the measured FRF contains the contribution of all the modes of the real
structure. However, during modal identification and FRF synthesis, only a limited number of
modes within the selected frequency range are normally retained. The dynamic contribution
of modes outside the identified range, or of modes not included in the selected modal

model, is usually represented by residual terms.
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N

_ lplrlpkr
() = Z m.(wf — 0% + i2¢.w,.0)

r=1

+ Ry (2)

The modal expression of the receptance FRF can therefore be written in a more general

form as:

N

goir(pjr Lle
0) = Z =k L UR
(D) w2 — 0% + 20,0 Q2 i

r=1

where (R, ({2)) represents the residual contribution of the modes that are not explicitly
included inthe summation. These residual terms may include the effect of modes below the
selected bandwidth (LR), modes above the selected bandwidth (UR), weakly excited
modes, local modes that are not clearly identified, and modelling or measurement

limitations.

Residual effects are especially important when experimental FRFs are compared with
synthesized FRFs. The synthesized FRF is reconstructed using only the selected modal
parameters. Therefore, it should reproduce the main resonance peaks and the global
dynamic trend, but it may not perfectly reproduce all off-resonance regions,
antiresonances, phase details, or local irregularities. A discrepancy between experimental
and synthesized FRFs does not automatically mean that the identified modes are incorrect.
It may also be caused by modal truncation, residual contributions, measurement noise, or

local flexibility that is not represented by the retained modal set.

Residual effects are also relevant when interpreting Maxwell reciprocity. In theory, for a
linear reciprocal system, the cross-inertance (4;;) should be equal to (4;;)when the same
physical directions are considered. In practice, the two measured reciprocal FRFs may not
be perfectly identical. Small differences can appear because the impacts are performed
manually, the signal-to-noise ratio changes between measurement points, the response
may be weak near antiresonances, and residual contributions from unmodelled modes may

influence the FRF differently at different input-output coordinates.

38|Page



For this reason, reciprocity is interpreted in this thesis as a quality and consistency check
rather than as an exact equality requirement. A good reciprocity result means that the two
reciprocal FRFs show similar resonance peaks, comparable phase behaviour, and the same
global trend. Local differences near antiresonances or in low-response regions are
acceptable if the coherence and impact quality remain satisfactory. Large differences,
instead, may indicate double impacts, poor input energy, overloads, incorrect sensor

direction, nonlinear contact, or a change in boundary condition during the test.

The residual concept is therefore important for the interpretation of the beam and
powertrain results. In the beam case, residual effects explain why the synthesized FRFs and
reciprocal cross-inertances may not match perfectly over the full bandwidth, even when the
identified modes are physically meaningful. In the powertrain case, residuals are even more
relevant because the structure is more complex, the number of local modes is higher, and

the measured spatial resolution is limited by the available accelerometer locations.

4.3 EMA as a powerful tool for structural characterization

EMA is a controlled testing method used to identify modal parameters directly from
measured data. The key advantage of EMA is that both the excitation and the response are
known. This makes the method suitable for laboratory validation of numerical models
because the measured FRFs provide a direct input-output representation of the physical

structure.

Inthis thesis, EMAis used not only to identify the experimental modal properties of the beam
and the powertrain, but also to create an experimental reference for numerical correlation.
The experimental natural frequencies are compared with the numerical eigenfrequencies,
while the experimental mode shapes are compared with the numerical eigenvectors

through MAC-based indicators.

Classical modal-testing references, such as Ewins [5], describe EMA as a fundamental tool

for identifying structural dynamic properties. More recent vehicle-NVH literature confirms
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that experimental validation remains essential for modern electric powertrains because

electric vehicles introduce new excitation mechanisms and reduced masking noise [1-4].

4.4 Impact testing and the roving-hammer strategy

In this thesis, the experimental excitation is applied using an instrumented impact hammer.
The hammer contains a force transducer that measures the contact force during the impact.
The response of the structure is measured using accelerometers. The acquired force and

acceleration signals are then processed to calculate Frequency Response Functions.

The hammerimpact can be interpreted as a short-duration force pulse. After the impact, the
structure is left to vibrate freely and its response decays with time. This makes impact
testing suitable for modal analysis because the measured response contains the
contribution of the modes excited by the hammer. The quality of the test depends on the
ability of the hammer impact to provide sufficient input energy over the frequency range of

interest.

The frequency content of the impact is strongly influenced by the hammer tip. For this
reason, the available hammer tips are introduced first, and their frequency-response

behaviour is then discussed.
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Figure 4.1: The Hammer, the tips and the covers available in the Lab, A ( Soft Impact Tip), B (Hard Impact metallic Tip),
C ( Super soft Impact Tip), D (Medium Impact Tip) , E.F (Tip covers, only for tip protection)
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Figure 4.2: The description of the hammer tips

Figure 4.1 shows the instrumented impact hammer and the available tips and covers used
in the laboratory. Tip A is the soft impact tip, tip B is the hard metallic impact tip, tip C is the
super-soft impacttip, and tip D is the medium impact tip. The elements labelled E and F are
tip covers. These covers are used to protect the tip and can help reduce tip damage.

However, the main control of the excitation bandwidth is given by the selected impact tip.

After introducing the available hammer tips, their influence on the excitation bandwidth
must be considered. The selected tip changes the contact duration between the hammer
and the structure, and therefore modifies the frequency content of the applied force pulse.
For this reason, the frequency-response behaviour of the hammer tips is reported in Figure

4.3.
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Figure 4.3: Frequency-response curves of the PCB 086C0O3 hammer tips. The hard tip provides the widest excitation

bandwidth, while softer tips concentrate the input energy at lower frequencies.

Figure 4.3 shows that the hammer tip must be selected according to the target frequency
range of the experiment. A softer tip produces a longer contact time and concentrates the
input energy at lower frequencies. This is useful when the objective is to excite low-
frequency modes and when a smoother force pulse is required. A harder tip produces a
shorter contact time and extends the excitation bandwidth toward higher frequencies. This

is useful when structural modes at higher frequencies must be excited.

The medium tip provides an intermediate compromise between low-frequency input energy
and useful bandwidth. In this thesis, the medium tip was selected for the low-frequency
powertrain rigid-body test because the objective was to excite the mount-controlled modes
while preserving enough bandwidth for the first structural resonances. The hard metallic tip

was selected for the long-arm structural test because the target frequency range was higher
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and required stronger high-frequency excitation. Therefore, hammer-tip selection was part

of the measurement setup and was later verified through the Testlab bandwidth check.

The measurement strategy adopted in this work is the roving-hammer method. In this
configuration, the accelerometers remain fixed at selected response locations, while the
hammer is moved from one excitation point to another. Each hammer impact produces one
input force signal and several acceleration response signals. Therefore, each impact

corresponds to a single-input, multi-output measurement.

For example, if the hammer excites coordinate (k), the force vector contains a non-zero

component only at that coordinate:
F=[00F,0 {]

The accelerometers measure the responses at the selected output coordinates. The

corresponding inertance FRFs are then calculated as in equation (4.24).

X2

Ay () = F(2)

where (4;;) is the inertance between response coordinate (1) and excitation coordinate (k).
By moving the hammer to different excitation coordinates, different columns of the FRF
matrix are measured. In this way, the dynamic behaviour of the structure can be described

using many input-output relationships without moving the accelerometers.

The main advantage of the roving-hammer method is that the sensor mass distribution
remains constant during the measurement campaign. This is important because moving
accelerometers can modify the dynamic behaviour of lightweight structures and can also
introduce mounting variability. Keeping the accelerometers fixed also improves
repeatability and reduces the risk of sign or orientation errors. During the test, each impact
must be checked before it is accepted. A valid impact should have a clean force pulse, no
double hit, no overload, sufficient input level, clear response, and good coherence in the

frequencyrange of interest. The instantaneous FRF is inspected after each impact, while the
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averaged FRF is used to improve repeatability. If an impact is affected by double contact,

poor input level, abnormal PSD, overload, or poor coherence, it is rejected and repeated.

The roving-hammer method is also connected to the reciprocity property described in
Section 4.2. For a linear reciprocal system, the cross-FRF measured between two
coordinates should be the same when input and response are exchanged. Therefore,
reciprocal FRFs can be compared to verify the consistency and linearity of the
measurement. In this thesis, Maxwell reciprocity is used as a validation check in the beam

study and as a general quality-control concept for the powertrain measurements.

4.5 Modal parameter estimation and PolyMAX

After the FRFs have been measured, the modal parameters must be extracted from the
experimental dataset. The main parameters of interest are the natural frequencies, damping
ratios, and mode shapes. Several modal parameter estimation methods are available,
ranging from simple peak-picking to more advanced curve-fitting algorithms. In this thesis,

the main estimator used in Simcenter Testlab is PolyMAX.

PolyMAX, also called the polyreference least-squares complex frequency-domain method,
is a frequency-domain modal parameter estimation technique. It uses the measured FRFs
as input data and estimates a modal model capable of reproducing the measured dynamic
behaviour. One of the main advantages of PolyMAX is the stabilization diagram, which

allows the user to distinguish physical modes from mathematical or noise-related poles.

The stabilization diagram is built by increasing the model order. At each model order, the
algorithm estimates a set of poles. A physical mode should appear repeatedly when the
model order is increased. In other words, its frequency, damping ratio, and mode-shape
information should remain stable. Mathematical poles, noise-related poles, or
computational artefacts usually appear only at isolated model orders, or they move

significantly when the model order changes.
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In the Testlab workflow used in this thesis, the stabilization diagram was not interpreted
automatically. The final selection of modes was performed by combining several criteria.
First, the pole had to be stable in frequency. Second, the damping ratio had to be stable and
physically reasonable. Third, the pole had to correspond to a visible resonance peakin the
measured FRFs or in the FRF sum. Fourth, the corresponding mode shape had to be
physically meaningful when animated. A pole was therefore not accepted only because it
appeared in the stabilization diagram; it also had to represent a real structural deformation

of the tested system.

The practical modal-identification procedure used in Testlab can be summarized as follows.
First, the measured FRFs were imported into the modal analysis worksheet. Then the
frequency range of interest was selected according to the test objective. For the beam, the
selected range covered the bending and torsional modes of the cantilever specimen. For the
low-frequency powertrain analysis, the selected range focused on the rigid-body and
mount-controlled modes. For the long-arm structural analysis, a higher-frequency range

was used to capture the structural modes of the arm and powertrain body.

After defining the frequency range, PolyMAX was applied and the stabilization diagram was
generated. Stable poles were selected by checking their frequency stability, damping
stability, and physical relevance. The mode shapes were then animated in Testlab to verify
whether the selected modes were consistent with the expected motion of the structure. For
the beam, this meant checking bending and torsional deformation patterns. For the
powertrain, this meant distinguishing translations, rotations, mount-controlled modes, and

structural deformation of the arms or body.

After the modal parameters were selected, Testlab was used to synthesize FRFs from the
identified modal model. The synthesized FRFs were compared with the measured
experimental FRFs. This step was important because a reliable set of modal parameters
should reproduce the main resonance peaks, antiresonance regions, and globaltrend of the
measured FRFs. If the synthesized FRF did not reproduce the experimental behaviour, the

pole selection was checked again and, if necessary, modified.
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Therefore, the stabilization diagram was used as a guide, but the final modal selection was
based on a combined engineering judgement. The selected modes had to be stable in the
PolyMAX diagram, visible in the FRFs, physically meaningful in the mode-shape animation,
and able to reconstruct the measured FRFs with acceptable accuracy. The PolyMAX method
is a standard reference for industrial modal testing and is directly relevant to the Testlab
workflow used in this thesis. Peeters et al. introduced the PolyMAX frequency-domain
method as an effective modal parameter estimation approach and highlighted the use of

stabilization diagrams for identifying physical modes from measured FRFs [8].

4.6 Modal validation using MAC

The comparison between experimental and numerical mode shapes is a fundamental step
in modal validation. Natural frequencies are useful indicators, but they are not sufficient to
identify the correspondence between modes. In a complex structure, two modes can have
similar frequencies while representing different deformation patterns. Similarly, a
numerical model that has not yet been validated may contain modes in a different order
from the experimental sequence, or it may include additional modes that were not clearly
identified experimentally. For this reason, mode-shape comparison must be performed in

addition to frequency comparison.

The Modal Assurance Criterion is one of the most widely used indicators for comparing
mode shapes. It evaluates the degree of linear similarity between two modal vectors [6].
Given two mode-shape vectors (¢;) and (¢;), the MAC value is defined as:

2
9" )]
(¢:"¢:) (" 0))

MAC(i,j) = (4.27)
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where the superscript (H) indicates the complex conjugate transpose. If the mode-shape

vectors are real, this becomes the ordinary transpose:

(¢iT¢j)2

MAC(i,j) =
D= T (7 9)

(4.28)

The MACvalue ranges from0to 1. Avalue close to 1 means thatthe two mode-shape vectors
are very similar from a geometrical point of view. In other words, the relative deformation
pattern described by the two vectors is almost the same. A value close to 0 means that the
two mode-shape vectors are poorly correlated and represent different deformation
patterns. MAC does not compare the absolute amplitude of the modes, because mode
shapes can be scaled arbitrarily. Instead, it compares the spatial distribution of the modal

deformation.

In this thesis, MAC is used in two forms: Auto-MAC and Cross-MAC. Auto-MAC is computed
between mode shapes belonging to the same dataset. For example, it can be computed
between the experimental modes identified from the same EMA test. In this case, the
diagonal terms are equal to 1 because each mode is compared with itself. The off-diagonal
terms indicate whether two different modes have a similar geometry. Therefore, Auto-MAC
is interpreted as a geometrical similarity check within the same modal basis. Low off-
diagonal values indicate that the identified modes have clearly different deformation
patterns, while high off-diagonal values may indicate modes with similar spatial shapes,
closely spaced modes, insufficient measurement resolution, or possible identification

issues.

Inthe context of an EMA performed on either a powertrain or a beam structure, the AutoMAC
is useful for verifying whether the experimentally identified modes are clearly
distinguishable from each other and properly observable with the selected measurement

points. Ideally, the AutoMAC matrix should show unitary values along the main diagonal,
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since each mode is perfectly correlated with itself, and low off-diagonal values, indicating
that different modes have clearly distinct spatial deformation patterns. High off-diagonal
values may indicate that two or more identified mode shapes are not clearly distinguishable
over the selected measurement degrees of freedom. This condition may arise for different

reasons:

o Closely spaced modes with critical identification conditions: when two modes have
close natural frequencies, their identification may become more difficult if the measured
FRFs are affected by high modal damping, low excitation level of one or both modes, poor
signal-to-noise ratio, or insufficient frequency resolution. Under these conditions, even
robust estimators such as PolyMAX may provide mode shapes that are partially mixed or not

clearly distinguishable over the selected measurement degrees of freedom.

o Limited or non-informative measurement grid: two physically different modes may
appear similar when observed only through a limited number of measurement points or
directions. Therefore, high off-diagonal AutoMAC values may indicate that the selected
measurement grid is not sufficiently dense or informative to properly distinguish the

corresponding mode shapes.

. Uncertainties in the modal identification process: measurement noise, low
coherence, non-optimal curve fitting, or poor excitation of some modes may reduce the

reliability of the estimated mode shapes and increase their mutual correlation.

The Auto-MAC matrix can be written as:

2
| ¢EMAH EMA |
i J

EMAH ¢EMA EMAH ; EMA
i i J J

AutoMAC(i, ) = (4.29)

Where (¢/"4) and (¢;"'4) are two experimental mode shapes from the same EMA dataset.
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Cross-MAC is computed between two different datasets, usually experimental and
numerical mode shapes. In this thesis, Cross-MAC is used to compare the mode shapes
identified experimentally by EMA with the mode shapes predicted by the FE or Romax model.

The Cross-MAC matrix is defined as:

|¢EMAH¢$YM|2
i J

CrossMAC(i,j) = ((prAH fMA) (¢]_5YMH¢]$YM)

(4.30)

EMA

where (¢pFM4) is the experimental mode-shape vector and (¢;"™

;') is the numerical mode-

shape vector. In the powertrain analysis, the numerical mode shapes are obtained from

Romayx, while the experimental mode shapes are obtained from Testlab.

Cross-MAC is especially important when the numerical model has not yet been validated.
In this situation, itis not safe to assume that the first experimental mode corresponds to the
first numerical mode, the second experimental mode to the second numerical mode, and
so on. The sequence of modes may change because of differences in mount stiffness, local
flexibility, mass distribution, joint stiffness, boundary conditions, or numerical modelling
assumptions. Some numerical modes may also be missing experimentally, or some

experimental modes may not be well represented in the numerical model.

For this reason, the comparison must start from the similarity of the mode shapes, not only
from the order of the frequencies. The Cross-MAC matrix makes this possible because each
experimental mode is compared with all candidate numerical modes. The best
correspondence is then selected by considering the highest MAC value together with
frequency proximity and physical interpretation of the deformation pattern. This approach

reduces the risk of pairing modes incorrectly.

In the present thesis, MAC is used first in the cantilever beam validation stage and then in
the powertrain correlation stage. In the beam case, Auto-MAC is used to check the
geometrical separation of the experimentally identified modes, while Cross-MAC is used to

compare experimental and FE mode shapes. In the powertrain case, the CrossMAC is used
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to identify the Romax mode shapes that best correspond to the experimental EMA modes,
especially when the numerical model provides a larger number of candidate modes than
those identified experimentally. In this context, each experimental mode is compared with
the available numerical modes, and the numerical mode showing the highest CrossMAC

value is selected as the best matching counterpart.

The interpretation of MAC must be made carefully. A high MAC value indicates strong
similarity between the measured coordinates, but it does not guarantee that the complete
three-dimensional deformation of the real structure is fully captured. The value depends on
the number and location of measurement points, the selected directions, coordinate-
system consistency, sensor orientation, and the spatial resolution of the experimental
geometry. Therefore, MAC is not used alone. It is combined with frequency comparison,
visual inspection of mode shapes, FRF validation, and physical understanding of the

structure.

4.7 FE-model validation and updating

Finite element models are built using assumptions regarding geometry, material properties,
joints, constraints, and boundary conditions. These assumptions can lead to discrepancies
between numerical and experimental modal properties. FE-model updating aims to reduce
these discrepancies by modifying selected model parameters so that the numerical

response becomes closer to the measured response.

Modelupdating should be physically meaningful. Anumerical model can be forced to match
experimental frequencies by changing arbitrary parameters, but such a model may lose
predictive value. The selected updating parameters should therefore correspond to real
uncertain physical properties, such as mount stiffness, joint stiffness, material stiffness,
mass distribution, or boundary-condition compliance. The importance of FE-model
refinement for powertrain mount brackets [10,11] has also been highlighted in recent

automotive-NVH work .
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4.8 Summary of literature position

The literature supports three key ideas behind this thesis. First, EMA is a robust and widely
accepted method for identifying modal parameters from measured FRFs. Second, electric
powertrains create specific NVH challenges, making modal validation increasingly
important in the vehicle-development process. Third, FE-model validation requires not only
frequency comparison but also mode-shape correlation and physically meaningful model

updating.
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5 Instrumentation and Software

5.1 Overview of the measurement chain

The experimental measurement chain used in this thesis consists of four main elements:

—
.

sensors installed on or applied to the structure;
an excitation device used to input a known force;

a data acquisition system used to condition and digitize the signals;

P 0 DN

acquisition and post-processing software used to calculate FRFs and extract modal

parameters.

For both the beam and the powertrain activities, the measured input is the hammer force
and the measured output is the acceleration response. The acquisition system records the
time histories of force and acceleration, and Testlab processes these signals to estimate

the inertance FRFs.

Component Characteristics Value
BNC Input channels 16
BNC Output channel 2

LMS SCADAS Mobile
Frequency range [kHz] 0+242
ICP High pass filter CF [Hz] 0.5
Sensitivity [mV/N] 2.199
Measurement range pk [N] +2224

Impact Hammer PCB Model

086C03 Hammer mass [kg] 0.16-0.235
Resonant frequency [kHz] >22
Tips number [-] 4
Sensitivity x-axis [mV/g] 96.4

Tri-axial accelerometer PCB P -

356A45 TEDS s.n. LW329671 Sensitivity y-axis [mV/g] 96.7
Sensitivity z-axis [mV/g] 96.8
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Frequency range [Hz] 0.7+7000

Measurement range pk [m/s2] +490
Resonant frequency [kHz] >30
Size: cubic edge [m] 10.2-10-3
Weight: device [kg] 4.2.10-3
Sensitivity x-axis [mV/g] 99.0
Sensitivity y-axis [mV/g] 96.7
Sensitivity z-axis [mV/g] 96.6
Tri-axial accelerometer PCB Frequency range [Hz] 0.7+7000
356A45TEDS s.n. LW330254 Measurement range pk [m/s2] +490
Resonant frequency [kHz] >30
Size: cubic edge [m] 10.2-10-3
Weight: device [kg] 4.2-10-3
Sensitivity x-axis [mV/g] 95.9
Sensitivity y-axis [mV/g] 96.2
Sensitivity z-axis [mV/g] 94.8
Tri-axial accelerometer PCB Frequency range [Hz] 0.7+7000
356A45 TEDS s.n. LW329671 Measurement range pk [m/s2] +490
Resonant frequency [kHz] >30
Size: cubic edge [m] 10.2-10-3
Weight: device [kg] 4.2-10-3

Table O: Component characteristics and their values

5.2 Tri-axial piezoelectric accelerometers

The acceleration response was measured using PCB 356A45 tri-axial ICP accelerometers.
A piezoelectric accelerometer converts mechanical acceleration into an electrical signal.
When the sensor is accelerated, the inertial force acting on the internal seismic mass

stresses the piezoelectric material, producing an electrical charge proportional to the
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applied acceleration. In ICP accelerometers, the signal conditioning electronics are

integrated in the sensor, which simplifies cabling and improves signal robustness.

A tri-axial accelerometer measures acceleration along three orthogonal directions. This is
particularly useful in modal testing because the motion of a structure is generally three-
dimensional. For the powertrain, tri-axial sensing is necessary because the mounting arms,

housing, and rubber mounts can produce coupled motion in multiple directions.

The PCB 356A45 model is specified by the manufacturer as a tri-axial ICP accelerometer
with nominal sensitivity of 100 mV/g, measurement range of +/-50 g peak, and frequency
range up to 7000 Hz within +/-5 percent amplitude tolerance and up to 10000 Hz within +/-
10 percent amplitude tolerance [12]. In the experimental activity, the actual sensitivities of

the individual sensors were entered in Testlab according to the calibration data.

Figure 5.1: PCB 356A45 tri-axial accelerometer

5.3 Instrumented impact hammer

The input force was applied using a PCB 086C03 instrumented impact hammer. An impact

hammer contains a force transducer near the hammer head. When the hammer strikes the
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structure, the sensor measures the contact force as a time-domain pulse. This force signal

is used as the reference input for FRF estimation.

The input force was applied using a PCB 086C03 instrumented impact hammer. The
hammer contains an ICP quartz force sensor mounted near the striking end of the hammer
head. During impact, the sensing element converts the applied contact force into an
electrical signal that is acquired together with the acceleration responses. This force signhal

represents the reference input used for FRF estimation.

The hammer tip is a critical part of the excitation system because it affects the pulse width
and the frequency content of the applied force. Softer tips increase the contact duration and
concentrate the input energy at lower frequencies, while stiffer tips reduce the contact
duration and extend the useful excitation bandwidth. The PCB manual states that tips of
different stiffness allow the pulse width and frequency content of the force to be varied,
while an extender mass can be used to concentrate more energy at lower frequencies [13] .
Therefore, the hammer tip must be selected according to the frequency range of interest,

the stiffness of the tested structure, and the required input energy.

The influence of hammer-tip stiffness on the excitation bandwidth was discussed in Section

4.4, where the available tips and their frequency-response behaviour were introduced.

Figure 5.2: PCB 086C03 impact hammer

56|Page



5.4 SCADAS acquisition system

The acquisition system used in the experimental activity was an LMS/Simcenter SCADAS
Mobile unit. SCADAS hardware is desighed for physical testing applications and supports
the acquisition of vibration, force, strain, displacement, sound, and other physical
quantities [14] . The system provides sighal conditioning and synchronized multi-channel

data acquisition, which are essential for modal testing.

In this thesis, the SCADAS unit was used to acquire the force signal from the impact hammer
and the acceleration signals from the tri-axial accelerometers. The accelerometer channels
were configured as ICP channels, while the hammer channel was configured as a force
input. During the preliminary activities, two SCADAS input ports were found to be non-

functional and were excluded from the channel mapping.

The use of a multi-channel acquisition system is important because modal testing requires
phase-consistent measurements between force and acceleration channels. Any time shift
or phase error between channels would directly affect the estimated FRFs and therefore the

identified mode shapes.

Figure 5.3: SCADAS acquisition system
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5.5 Simcenter Testlab

Simcenter Testlab was used for test setup, geometry definition, channel configuration,
impact testing, FRF estimation, and modal parameter identification [15] . In the impact-
testing workflow, the user defines the measurement geometry, assigns the physical sensors
to nodes and directions, configures the acquisition parameters, and performs the hammer

impacts.

During acquisition, the software displays the force input, the acceleration response, the
instantaneous FRF, the averaged FRF, and the coherence function. These plots are used to
evaluate the quality of each impact. Measurements affected by overloads, double hits, or

poor coherence are rejected and repeated.

After the acquisition phase, Testlab is used to generate the FRF dataset and identify modal
parameters through PolyMAX. The stabilization diagram is used to select the stable poles
corresponding to physical modes. The identified natural frequencies, damping ratios, and

mode shapes can then be exported for further post-processing in MATLAB.
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£ File Edit Yiew Data Jools Window Help - || @] %

D& @ secton: BXd¢bBRS D ?
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Figure 5.4: Testlab channel setup screenshot

58|Page



5.6 Complete Testlab experimental workflow

Simcenter Testlab was used as the main software environment for the complete
experimental modal analysis workflow. The software was used to define the measurement
geometry, configure the acquisition channels, set the impact-test parameters, acquire the
FRFs, perform data-quality checks, identify the modal parameters with PolyMAX, and export

the modal results for further MATLAB post-processing.

The same general Testlab workflow was used for the cantilever beam, the low-frequency
powertrain test, and the long-arm structural test. The main difference between the tests was
the selected geometry, frequency bandwidth, hammer tip, acquisition time, and the number
of measured excitation points. The complete workflow is described in the following

subsections.

5.6.1 Overview of the Testlab workflow

The Testlab workflow can be divided into three main phases:

1. Pre-test preparation, including project creation, geometry definition, hardware
connection, channel setup, impact scope, trigger setup, bandwidth check, and

windowing.

2. Measurement phase, including roving-hammer impacts, real-time FRF estimation,

coherence checks, and impact acceptance or rejection.

3. Modal post-processing, including FRF-set preparation, PolyMAX modal identification,

mode-shape animation, Auto-MAC validation, FRF synthesis, and modal-data export.
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5.6.2 Project creation and geometry definition

The first step in Testlab was the creation of a new project. After creating the project, the
experimental geometry was defined in the Geometry worksheet. The geometry is necessary
because the measured FRFs and identified mode shapes must be associated with physical
positions on the tested structure. The Geometry worksheet contains several subsections,
including components, nodes, lines, surfaces, mesh area, and torsional nodes. In this

thesis, the geometry definition was mainly based on components, nodes, and lines.

5.6.2.1 Component definition

The geometry definition started from the component subsection. A single component was
created to represent the tested system. For the powertrain test, the complete powertrain
assembly was treated as one experimental component. This simplification was acceptable
because the purpose of the Testlab geometry was not to reproduce the full CAD topology,

but to create a clear experimental geometry for mode-shape visualization.

5.6.2.2 Node definition

After creating the component, the measurement nodes were defined. The node table
contains the node name, the full name, and the node coordinates. The full name is
generated from the component name followed by the node number. The coordinates were
entered manually according to the measured physical positions of the nodes and with
respect to the selected experimental origin. This step is important because the relative
position of the nodes affects the visualization of the mode shapes. If the coordinates are not
consistent with the real structure, the animated mode shapes may be misleading, even if

the measured FRFs are correct.
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5.6.2.3 Line definition

After defining the nodes, the lines subsection was used to connect selected nodes. These
lines were introduced only for visualization. They do not add mass or stiffness to the
structure. Theirfunctionis to make the animated deformation shapes easier to interpret. For
example, in the powertrain test, lines were used to connect nodes on the long arm, short
arm, rear arm, and powertrain body. This allowed translations, rotations, bending, and

torsional deformation to be visualized more clearly during the modal analysis stage.

5.6.3 Hardware connection and SCADAS channel verification

Before defining the acquisition channels in Testlab, the measurement hardware was
connected. The SCADAS unit was switched on and connected to the acquisition computer
through an Ethernet cable. The tri-axial accelerometers and the instrumented impact
hammer were then connected to the SCADAS input ports. Each tri-axial accelerometer
requires three input channels, one for each measurement direction. The impact hammer
requires one additional input channel for the force signal. Therefore, the number of active
SCADAS channels depends on the number of accelerometers used in the test. Before
continuing with the channel setup, the physical connection of each sensor was checked.
The channel lights on the SCADAS unit had to be green, confirming that the sensor was
correctly connected, powered, and recognized by the acquisition system. Channels with

connection problems, overloads, or non-working ports were not used.

5.6.4 Channel setup

Afterverifying the hardware connections, the Channel Setup worksheet was completed. The
channel setup table defines how each physical SCADAS input channel is interpreted by

Testlab.

The first column activates or deactivates the input channels. Only the channels used in the

test were switched on. For each tri-axial accelerometer, three channels were activated. The
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hammer channel was also activated and selected as the reference channel because the

hammer force represents the input of the FRF calculation.

The point column was used to assign each accelerometer channel to the corresponding
measurement node. For the accelerometers, the point name must correspond to the
physical location where the sensor is installed. For the hammer, the pointis updated during
the roving-hammer measurement because the excitation point changes from one impact

location to the next.

The direction column was used to assign the measurement direction of each channel. The
accelerometer directions were converted into the global coordinate system of the
experimental geometry. This step was essential because the local axes of the
accelerometers may not coincide with the global axes of the structure. If one accelerometer
axis was opposite to the global direction, the corresponding negative direction was assigned

in Testlab.

The input mode was set to ICP for all accelerometer and hammer channels. The measured
quantity was set to acceleration for the accelerometer channels and force for the hammer
channel. The actual sensitivity was then entered for each sensor. For the accelerometers,
the calibration sensitivity was taken from the sensor calibration sheet and expressed in

mV/g. For the hammer, the sensitivity was expressed in mV/N.

5.6.5 Impact scope settings

The Impact Scope settings define the main acquisition parameters of the impact test. The
most important parameters are the bandwidth, the number of spectral lines, the frequency

resolution, and the acquisition time.

The bandwidth defines the maximum frequency included in the analysis. The number of
spectral lines defines the discretization of the frequency axis. Once the bandwidth and the
number of spectral lines are selected, Testlab calculates the frequency resolution and
acquisition time.
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The selected acquisition settings must satisfy two requirements. First, the bandwidth must
be high enough to cover the modes of interest. Second, the acquisition time must be long
enough to allow the measured response to decay after the hammer impact. If the acquisition
time is too short, the response can be truncated and leakage can appear in the FRF. If the
acquisition time is unnecessarily long, the useful response may decay early and the

measurement can become more affected by background noise.

5.6.6 Impact setup: trigger, bandwidth, and windowing

The Impact Setup worksheet was used to define the trigger, check the input bandwidth, and

apply the input and response windows.

5.6.6.1 Trigger setup
The trigger defines the force level at which Testlab starts recording the impact event. The
pre-trigger defines a short time interval before the trigger instant, allowing the beginning of

the force pulse to be included in the recorded signal.

To define the trigger, the scope was started and the structure was impacted several times.
Testlab displayed the free-run force signal and the software-triggered force signal. The free-
run signal shows the hammer force as a continuous time signal. The software-triggered

signal shows the impact event detected by the trigger.

After several impacts, the suggested trigger settings were applied. Testlab provided the
trigger level in volts, the pre-trigger time in seconds, and the input range in volts. The free-
run force signal was used to check the impulse and trigger level. The software-triggered
force signal was used to verify the pre-trigger. By zooming on one impulse and setting a

cursor at zero time, the pre-trigger interval could be inspected.

A correct trigger setting is important because a trigger level that is too low may activate the

acquisition due to noise, while a trigger level that is too high may miss valid impacts.
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5.6.6.2 Bandwidth check

After the trigger setup, the bandwidth check was performed. This step verifies whether the

hammer impact provides sufficient input energy over the frequency range of interest.

The check bandwidth function was started, the structure was impacted once, and the
resulting spectra were inspected. Testlab displayed the PSD of the hammer input force and
the PSD of the selected accelerometer response. The force PSD is especially important

because it shows the frequency content of the hammer impact.

At low frequencies, the hammer force usually contains sufficient energy. At higher
frequencies, the input energy decreases depending on the hammer tip and contact
duration. Above a certain frequency, the structure may no longer be excited effectively.
Therefore, the bandwidth check was used to verify whether the selected hammer tip and
acquisition bandwidth were appropriate for the test. The response PSD was also checked to

confirm that the structure responded clearly in the frequency range of interest.

5.6.6.3 Windowing

Windowing was then applied to reduce leakage effects in the frequency-domain FRFs. In
impact testing, the input force is a short impulse, while the response is a decaying vibration
signal. If the response does not decay sufficiently within the acquisition time, leakage can
affect the FRF. The windowing worksheet displays six main plots: unwindowed input,
unwindowed response, windowed input time signal, windowed response time signal,

windowed input PSD, and windowed response PSD.

For the input force, a force-exponential window was used. For the response acceleration,
an exponential window was used. The force window was adjusted to retain the hammer
impulse and suppress unnecessary signal after the impact. The response exponential

window was used to help the measured response decay inside the acquisition record.
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The response window improves the clarity of the response PSD and reduces leakage.
However, it must be used carefully. If the exponential decay is too strong, it can artificially
modify the measured response and affect the apparent damping. Therefore, the window

was used only to improve FRF quality without cutting the useful physical response.

5.6.7 Measurement settings and FRF acquisition

After defining the geometry, channels, scope settings, trigger, bandwidth, and windowing,
the final measurement settings were checked in the Measure worksheet. In the All Settings
area, the acquisition settings, triggering, and windowing parameters were verified. In the FRF
settings, the FRF estimator was set to H1. This estimator is suitable for impact testing when
the input force is considered cleaner than the measured response and the response may

contain noise.

The number of averages was set to three. Therefore, each point and direction was impacted

three times, and only the accepted impacts were included in the averaged FRF.

The run-name option was set to hammer-based run name. In this configuration, the run
name is based on the hammer point and direction. This isimportantin a roving-hammer test
because the excitation point changes continuously. Before each measurement, the current
hammer point and direction were checked to avoid saving data with the wrong name or

overwriting previous measurements.

During the measurement, Testlab displayed several plots. These included the input force in
time and frequency domains, the acceleration response in time and frequency domains, the
instantaneous FRF magnitude and phase, the averaged FRF magnitude and phase, and the

coherence function.

Each impact was checked before acceptance. The input force pulse was inspected to
confirm that the hit was clean and did not contain a double impact. The force PSD was
checked to confirm sufficient input energy. The response and FRFs were checked to ensure

that the measurement was not excessively noisy. The coherence was also inspected.

65|Page



Coherence values close to 1 indicate a reliable input-output relationship. Local drops may

appear near antiresonances because the response amplitude is very small in those regions.

The channel status indicators were checked to ensure that all active channels remained in
the green range. In addition to these manual checks, Testlab automatically rejected impacts
affected by double hit or overload. This procedure was repeated for each node and direction

until three acceptable impacts were obtained.

5.6.8 Data viewing and acquisition verification

After acquisition, the Navigator and Data Viewing areas were used to inspect the measured
data. The saved FRFs could be selected and plotted to verify the quality of the dataset. This
step was useful for checking that the correct runs had been saved, that the point and

direction labels were correct, and that the FRFs were suitable for modal identification.

This verification was especially important in the roving-hammer procedure because many
measurements are acquired sequentially. Awrong point name, wrong direction, or repeated

run name could create errors in the final modal dataset.

5.6.9 Modal data selection and FRF-set preparation

After the acquisition phase, the modal-analysis add-ins were activated. The required add-
ins were Modal Analysis and PolyMAX Modal Analysis. Activating these add-ins made
additional worksheets available, including Modal Data Selection, Modal Synthesis, Modal
Validation, and PolyMAX. In Modal Data Selection, the FRF dataset was prepared for modal
identification. A new FRF set was created, named, and saved. The selected FRFs could then
be displayed individually or as an FRF sum. The FRF sum was useful because it provides a

global view of the resonance peaks in the measured dataset.

Inthe roving-hammer configuration, the number of excitation coordinates can be larger than

the number of response coordinates, because the hammer is moved over many points while
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the accelerometers remain fixed. When necessary, the FRF matrix was switched using the
reciprocity principle. This allowed the data to be arranged in a suitable form for modal

identification and mode-shape visualization.

5.6.10 PolyMAX modal identification and modal validation

The PolyMAX workflow was used to identify the modal parameters from the measured FRFs.

The main PolyMAX subsections are Band, Stabilization, and Shapes.

In the Band subsection, the previously created FRF set was selected. The FRF sum was
displayed, and the frequency band of interest was defined. The selected band depended on
the objective of the test. For the beam, the band covered the beam bending and torsional
modes. For the low-frequency powertrain analysis, the band focused on rigid-body and
mount-controlled modes. For the long-arm structural analysis, a higher-frequency band

was selected.

In the Stabilization subsection, the stabilization diagram was generated. The model size
could be modified to improve the stability diagram. The resonance peaks were inspected,
and stable poles were selected. In Testlab, stable poles are marked with stability indicators.
A pole was accepted as a physical mode only when it was stable, located near a visible FRF

peak, had a reasonable damping value, and gave a physically meaningful mode shape.

After selecting the stable poles, the corresponding modal frequencies and damping ratios
appeared in the mode list. The selected modes were then checked in the Shapes
subsection. In this thesis, real mode shapes were used for visualization and comparison.
Upper and lower residuals were checked when required. After naming the processing and

selecting Calculate, Testlab generated the final modal processing result.

The identified modes were then animated. Mode-shape animation was used to interpret
whether each mode corresponded to translation, rotation, bending, torsion, or local

structural deformation.
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After PolyMAX, the Modal Validation worksheet was used. The active processing created in
PolyMAX was selected. The identified mode shapes could then be visualized and exported
for further analysis. The Auto-MAC matrix was also created from the active processing. Auto-
MAC compares the identified mode shapes with each other. A good Auto-MAC result should
show dominant diagonal values and low off-diagonal values. High off-diagonal values may
indicate similar mode shapes, insufficient spatial resolution, closely spaced modes, or

uncertainty in the modal identification.

The identified modal parameters and mode shapes were finally exported for MATLAB post-
processing. This enabled FRF reconstruction, reciprocity checks, Cross-MAC calculation,

EMA-Romax comparison, and final mode-pair selection.

Step | Testlab area Main operation Purpose
1 New project Create a new Testlab project Start the experimental dataset
G try : .
2 eometry Create one experimental component Represent the tested structure
Components
3 Geometry : Nodes Enter node names and coordinates Define measurement locations
4 Geometry : Lines Connect nodes with lines Improye mode-shape
visualization
5 Hardware setu Connect accelerometers, hammer, Prepare acquisition chain
P SCADAS, and PC P q
6 Channel Setup Activate input channels Select accelerometer and
hammer channels
7 Channel Setup Assign points and directions Link sensors to the geometry
8 Channel Setup Defln.e. I.CP’ measured quantity, and Calibrate channels physically
sensitivity
. . Define resolution and acquisition
9 Impact Scope Select bandwidth and spectral lines iner ut quisitt

time
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10

1

12

13

14

15

16

17

18

19

20

21

22

Impact Setup :
Trigger

Impact Setup :
Bandwidth

Impact Setup :
Windowing

Measure

Measure

Measure

Measure

Navigator / Data
Viewing

Modal Data
Selection

PolyMAX: Band

PolyMAX:
Stabilization

PolyMAX : Shapes

Modal Validation

Define trigger, pre-trigger, and input
range

Check input and response PSDs

Apply input and response windows

Select H1 estimator and averaging

Use hammer-based run name

Perform three accepted impacts per
point/direction

Check force, response, FRF,
coherence, and channel status

Inspect saved FRFs

Create FRF set and display FRF sum

Select frequency band

Select stable poles

Calculate and animate mode shapes

Create Auto-MAC and export results

Detect valid impacts

Verify excitation bandwidth

Reduce leakage

Prepare FRF acquisition

Save each impact with correct
point and direction

Obtain averaged FRFs

Accept or reject each impact

Verify data quality

Prepare data for PolyMAX

Focus on target modes

Identify physical modes

Interpret modal deformation

Validate and export modal data

Table 5.2: Summary of the complete Testlab workflow
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5.7 MATLAB post-processing environment

MATLAB was used as an independent post-processing environment. The purpose of the
MATLAB workflow was to verify and extend the results obtained in Testlab. The main
operations performed in MATLAB include FRF import, FRF synthesis, reciprocity checks,
Auto-MAC calculation, Cross-MAC calculation, frequency-error computation, Rayleigh

damping identification, and preparation of FE/EMA comparison plots.

The MATLAB post-processing routines developed in this work were used to support the
experimental modal analysis workflow after data acquisition in Simcenter Testlab. The
scripts were organized to perform several complementary tasks: importing experimental
and modal data exported from Testlab, visualizing the measurement geometry, selecting
specific input—-output FRFs, checking reciprocity through cross-inertance comparison,
extracting identified modal parameters, estimating proportional Rayleigh damping
coefficients, and comparing experimental FRFs with FRFs reconstructed from the identified

modal parameters.

The first routine was used for FRF comparison. It loads the exported UNV dataset, allows the
user to select the response and excitation coordinates, searches for the corresponding
experimental and synthesized FRFs, and plots their magnitude and phase. This was useful
for verifying whether the identified modal model reproduced the measured dynamic

response.

A second routine was developed for reciprocity verification. In this case, only cross FRFs
were selected, meaning that the excitation and response coordinates were different. The
scriptsearches forthe reciprocal cross-inertance pair, (H_{AB}) and (H_{BA}), and plots their
magnitude and phase. Good agreement between the two curves supports the assumptions

of linearity and reciprocity in the measured structure.

A third routine was used for proportional damping identification. The modal parameters
exported from Testlab were imported, and the natural frequencies and damping ratios were

extracted. The Rayleigh damping coefficients (a) and (f) were then estimated using a least-
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squares formulation. The resulting damping curve was plotted together with the
experimental damping ratios and with the individual mass-proportional and stiffness-

proportional damping contributions.

Finally, the powertrain post-processing routine combined geometry visualization, FRF
selection, modal-parameter extraction, mode-shape animation, FRF synthesis using the
identified modal parameters, and experimental-identified FRF comparison. These MATLAB
routines were not used to replace the modal identification performed in Testlab, but to

verify, interpret, and present the experimental results in a clearer and more controlled way.
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MATLAB Post-processing Flowchart for FRF Comparison

C s )

Initialize MATLAB workspace
close figures, clear variables, clc
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Load UNV FRF dataset
readuff()

Select FRF coordinates
response node/direction
hammer node/direction

v

Search matching experimental FRF record
loop through dsType 58 records
skip synthesized entries

|

Matching
record
found?

Extract data

Display error
message
check input

experimental FRF, synthesized FRF,
frequency vector

l

1 C

End

D

Compute FRF quantities
magnitude and phase

!

Plot FRF comparison
magnitude: loglog
phase: semilogx

|
C m )

Figure 5.5: Flowchart of the MATLAB FRF comparison routine

72|Page



MATLAB Reciprocity-Check Flowchart
C =
}

Initialize workspace
close all; clearvars; clc

|

Load experimental FRF data
Exp_FRFE.mat

Create frequency vector
from FRF increment and number of points

|

User selects reciprocity pair
Node A, Node B, and direction

v

Are No Stop with error
Node A and ——————| cross-inertance requires
Node B different? A=B
Yes l 'l'
End
Search only transfer FRFs
exclude auto-inertance records
identify H_AB and H_BA
¥
Were No Dis i
play warning
H_AB and H_BA —_— reciprocal pair
found? not found
o | 1
End

Plot reciprocity comparison
magnitude and phase of H_AB and H_BA

|

Interpret agreement
similar peaks and phase support reciprocity

|

=

Figure 5.6: Flowchart of the MATLAB reciprocity-check routine.
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MATLAB Post-processing Flowchart for Rayleigh Damping Identification

C o D

Initialize MATLAB workspace
close figures, clear variables, clc

1

N

Load modal data from Testlab
Real_Modes.unv using readuff()

AN

y

Extract identified modal parameters
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and damping ratios

|

Build modal matrix ®
and vectors fn and {

|

Plot experimental damping ratios
¢ versus frequency

}

Convert frequencies
fn [Hz] - wr [rad/s]
wr = 2nfn

|

Assemble least-squares system
Cr = af(2wr) + Bwr/2

|

Identify Rayleigh coefficients
solve [a B] using pseudo-inverse

|

Calculate fitted damping curve
Tfit = a/(2w) + Pw/2

I

Plot Rayleigh damping fit
experimental points and fitted curve

!

Plot component breakdown
mass-proportional term,
stiffness-proportional term, total fit

|

Optional: plot impulse response
for selected mode using fn and ¢

l

G

Figure 5.7: Flowchart of the MATLAB post-processing routine used for Rayleigh damping identification.
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MATLAB Powertrain Post-processing Workflow
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¥

Initialize MATLAB workspace
and add project folders
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Read geometry
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Select FRF coordinate
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Search experimental FRFs
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or transfer FRF records

y

Plot experimental FRFs
magnitude and phase
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|
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Compare experimental
and identified FRFs
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C

Figure 5.8: Flowchart of the MATLAB powertrain post-processing workflow.
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5.7.1 Exported Testlab data structure

After the acquisition and modal identification steps in Simcenter Testlab, the experimental
data were exported for independent MATLAB post-processing. The purpose of this export
was to make the Testlab results directly accessible in MATLAB, so that the FRFs, synthesized
FRFs, modal parameters, mode-shape vectors, and metadata could be checked,

reorganized, plotted, and used for correlation with the numerical model.
Three main types of exported files were used in the post-processing workflow:
1. a UNVfile containing the experimental and synthesized FRFs;
2. a UNV file containing the identified real modes;

3. a MAT file containing the experimental FRFs and their metadata in MATLAB structure

format.

The UNV files were read using a MATLAB UFF/UNYV reading function.

addpath('C:\Users\d016313\OneDrive - Politecnico di Torino\Desktop\LMS_Projects\EMA_Beam_2025-11-
27\github_repo')

data = readuff('Real_Modes.unv');

Afterimport, the content of the UNV file is stored as an ordered cell array. Each cell, or page,
contains a different dataset exported by Testlab. The first pages usually contain project
information, geometry information, and node information. The following pages contain the

experimental FRFs, synthesized FRFs, or modal data, depending on the type of exported file.

This organization is important because the exported file is not a single matrix. It is a
structured sequence of pages. Each page must be interpreted using its dataset type and its
internal fields. Therefore, before extracting FRFs or mode shapes, the file structure must be
inspected to identify which pages contain metadata, which pages contain node information,

and which pages contain the actual measured or synthesized data.
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5.7.2 Reading the experimental and synthesized FRF UNV file

The experimental and synthesized FRFs were exported from Testlab in UNV format. This file
contains both the measured FRFs and the FRFs synthesized from the identified modal
model. In MATLAB, the UNV file was read using the UFF reading function, which stores the

contentin a cell array, for example:
data_s{1,i}
where [ is the index of the page in the exported UNV file.

The first pages of this file contain general information about the Testlab project. This
information can include the model name, the Testlab application name, the project name,
the creation time, the creation date, the saving time, and the dataset type. The dataset type

is important because it identifies the content of each page.

For example, the first data page may include general project metadata such as the model
name and the Testlab project name. Another early page contains the node information. This
node page stores the node names and, when available, the node coordinates. The node
coordinates are necessary because the FRFs and mode shapes must be associated with the

correct physical locations on the experimental geometry.

After the initial metadata and geometry pages, the file contains the FRF pages. In this thesis,
the experimental FRFs and synthesized FRFs are both present in the same exported file.
Each FRF is stored in one page. Therefore, the file contains a repeated structure: a page
containing an experimental FRF is followed later by a page containing the corresponding
synthesized FRF, orthe experimental and synthesized FRFs are stored in two ordered groups

with the same page structure.

This is useful because the same input-output coordinate can be compared directly between
the experimental FRF and the synthesized FRF. The experimental FRF represents the
measured dynamic response, while the synthesized FRF represents the response

reconstructed by Testlab from the identified modal parameters.
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5.7.3 Structure of each FRF page in the UNV file

Each FRF page contains both the numerical FRF values and the metadata required to identify
the corresponding input-output function. The most important fields are the measured data

vector, the FRF name, the frequency-axis information, and the channel information.

The measured data vector contains all the complex FRF values for that specific input-output
pair. This vector gives the response quantity divided by the reference force over the exported
frequency range. In this thesis, the response quantity is acceleration and the input quantity

is force. Therefore, the FRFs are inertance functions.

The FRF name is also importantbecause itidentifies the response point, response direction,
reference point, and reference direction. In the roving-hammer configuration, the
accelerometer channels are the response channels, while the hammer channel is the
reference channel. Therefore, the FRF name allows each function to be connected to the

corresponding accelerometer location and hammer excitation direction.

Each FRF page also contains frequency-axis information. This includes the frequency start
value, the frequency increment, the number of frequency values, and the frequency unit.

From these values, the frequency vector can be reconstructed as:

fi = fstare + (0 = DAS

Where f; is the frequency at line i, fg:4,+iS the starting frequency, and Afis the frequency

increment.

The quantity information describes the physical units of the exported data. The frequency
axis is expressed in hertz. The FRF values are expressed as acceleration divided by force.
Depending on the export settings, the acceleration may be stored in g, so the FRF unit may

appear as g/N. Testlab also stores unit-system information, such as MKS units.

The general structure of one FRF page can be summarized as follows.
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Field / information

Meaning

Use in MATLAB

Measured data vector

FRF name

Response channel

Reference channel

Frequency start value

Frequency increment

Number of values
Frequency quantity

FRF quantity

complex FRF values for one input-output
pair

name of the function, including response

and reference information

accelerometer channel

hammer channel

first frequency value

spacing between frequency lines

number of frequency points
hertz label and frequency unit

acceleration/force information

FRF magnitude and phase
plotting

selection of the required FRF
identifies response node and
direction

identifies input/reference
coordinate

reconstruction of frequency
vector

reconstruction of frequency
vector

size of FRF vector
axis labelling

confirms inertance type

Unit information Testlab unit-system information physical interpretation of values

Table 5.3: Internal structure of one FRF page in the UNV file

The same page structure is repeated for the experimental FRFs and for the synthesized FRFs.
This repetition makes it possible to write MATLAB routines that automatically search for a
specific FRF name, find the corresponding experimental and synthesized functions, and plot

them together.

5.7.4 Reading the modal UNV file

A second UNYV file was exported from Testlab to store the identified real modes. This file
contains the modal properties obtained from the PolyMAX processing. Similar to the FRF

UNYV file, the modal UNV file is organized as a sequence of pages.

The first pages of the modal UNV file have the same generalrole as in the FRF UNV file. They

contain projectinformation, node information, and geometry-related data. After these initial
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pages, the modal pages appear. These pages contain the modal properties and mode-shape

vectors.

The pages containing modal information can be identified from their dataset type. In the
exported modal file, the modal-property pages contain the identified modes. Each modal
page corresponds to one mode or one residual term. Therefore, the modal file is read page
by page, andthe pages with modal data are used to extract the naturalfrequencies, damping
ratios, and eigenvector components. The main information contained in each modal page

is:

e processing name;
¢ mode number;

e natural frequency;

e dampingratio;

eigenvector components in the measured directions.

The processing name identifies the PolyMAX processing from which the mode was exported.
This is important when several modal processing results exist in the same Testlab project.
The mode numberidentifies the mode inside the selected processing. The natural frequency

and damping ratio are the modal parameters identified by Testlab.

5.7.5 Modal parameters and eigenvectors in the modal UNV file

The modal UNV file contains the information required to build the experimental mode-shape
matrix used in the MATLAB post-processing workflow. For each exported mode, the file

contains the mode frequency, damping ratio, and eigenvector components.

The eigenvector components are stored by node and by direction. In the exported data, the

modal components can be interpreted as the modal displacement or modal response
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components in the three spatial directions. These components are used to create the

experimental modal matrix:

(DEMA

where each column represents one experimental mode and each row represents one

measured degree of freedom.

For example, if the experimental comparison uses three tri-axial accelerometers, the mode-

shape vector of each mode contains nine translational components:
¢, = [120xy 120y 120, 2104 210y 210, 3055 305, 305,]7

where r is the mode number. Repeating this extraction for all selected modes gives the

complete experimental mode-shape matrix.

Ppma = [¢1 by ¢m]

where m is the number of identified modes.

The size of &g, 4 depends on how the FRF dataset is arranged before exporting the modal
results. In a roving-hammer test with fixed accelerometers, if the FRF matrix is used in its
original form, the rows of @4 correspond to the measured response DOFs, i.e. mainly the
fixed accelerometer locations and directions. If the FRF matrix is switched in Simcenter
Testlab by exploiting the reciprocity assumption, the hammer excitation coordinates can be
treated as reciprocal response coordinates. In this configuration, the exported mode-shape
vector can be defined over a larger set of spatial coordinates, corresponding to the hammer
impact points and directions, provided that these coordinates are included in the
switched/reciprocal modal dataset. Therefore, the reciprocity switch does not create new
physical sensor measurements; rather, it rearranges the measured FRFs so that the roving-

hammer locations can contribute to the spatial definition of the mode shapes.

In Simcenter Testlab, switching the FRF matrix relies on the reciprocity assumption, which

is generally valid for linear passive structures.
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In the modal UNV file, the three directional eigenvector components are stored separately.
These components correspond to the X, Y, and Zdirections of the exported node. In
MATLAB, these values are extracted and assembled according to the same DOF order used
for the Romax eigenvectors. This is essential because MAC comparison requires the

experimental and numerical vectors to have the same DOF order and the same coordinate

convention.
Modal-file item Meaning Use in MATLAB
Processing name | name of the PolyMAX processing identifies the modal processing
Mode number mode index in the processing mode ordering
Mode frequency identified natural frequency frequency comparison
Damping ratio modal damping identified by Testlab damping interpretation and Rayleigh fitting
X-component modal component in X direction construction of mode-shape vector
Y-component modal componentin Y direction construction of mode-shape vector
Z-component modal componentin Z direction construction of mode-shape vector

Table 5.4: Modal information extracted from the modal UNV file

This modal export is therefore the main source for the experimental frequencies, damping

ratios, and mode-shape vectors used in the MAC calculations.

5.7.6 Reading the FRF MAT file

In addition to the UNV files, the FRFs were also exported in MAT format. This file can be
loaded directly in MATLAB without using a UNV reader. The exported MAT file is organized as
a MATLAB structure. In this thesis, the MAT file was organized as a 1 X 1structure containing

three main fields:

x_values
y_values

function_record
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The field x_values contains the frequency-axis information. This includes the starting value,
the frequency increment, the number of values, and the physical quantity associated with

the x-axis. Since the x-axis represents frequency, the quantity label is hertz.

The field y_values contains the FRF data values. These values include the exported
experimental FRFs. The data are stored as a matrix in which the rows correspond to
frequency lines and the columns correspond to different FRFs. Therefore, the number of
columns indicates the number of exported FRFs, and the number of rows indicates the

number of frequency points.

The field function_record contains the metadata associated with each FRF. This field is
essential because it links the numerical FRF values stored in y_values to their physical
meaning. Without function_record, the FRF matrix would only contain numerical values, but
the response point, excitation point, direction, method, and run name would not be directly

known.

The MAT file structure can be summarized as follows.

MAT-file field Main content Meaning
x_values frequency-axis definition defines the frequency vector
y_values FRF value matrix contains the complex FRF data
function_record FRF metadata identifies each FRF physically

Table 5.5: Main fields of the exported FRF MAT file

The frequency vector is reconstructed from the x_values field using:
fi = fstare + (i = DAS

where fqr¢iS the start value and Afis the frequency increment. The FRF matrix is extracted
from the y_values field. Each column corresponds to one FRF exported from Testlab. The

corresponding name and metadata of each column are read from function_record.
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5.7.7 Frequency-axis and FRF-value fields in the MAT file

The x_values field contains the information required to reconstruct the frequency axis. The
start value is usually zero or the first exported frequency line. The increment represents the
frequency spacing between consecutive lines. The number of values gives the total number
of frequency samples. The quantity subfield inside x_values provides the label and unit of
the x-axis. In this case, the label is frequency and the unit is hertz. Additional information

may indicate that the data were saved by Testlab using the MKS unit system.

They_valuesfield contains the actual FRF values. The values are stored in a numerical array.
Each column contains all frequency-line values for one FRF. Therefore, if the file contains
N¢frequency lines and Nyexported FRFs, the FRF matrix has the size of N X Ny. Where N¢is
the number of frequency values and Nyis the number of FRFs. The quantity subfield inside
y_values describes the physical quantity of the FRF values. Since the measured response is
acceleration and the reference is force, the exported FRFs are inertance functions.
Depending on the export settings, the response acceleration may be expressed in g, giving

units suchas g/N.

Field Subfield / item Interpretation

x_values start value first frequency value
x_values increment frequency discretization
x_values number of values number of frequency lines

x_values.quantity
y_values.values
y_values.quantity

y_values.info

label and unit

numerical values

label and unit

unit-system information

frequency in Hz
complex FRF matrix
inertance, acceleration/force

Testlab export information

Table 5.6: Interpretation of x_values and y_values

This organization allows MATLAB to reconstruct the complete FRF dataset directly from the

MAT file.
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5.7.8 Function-record information in the MAT file

The function_record field stores the metadata foreach exported FRF. This field is particularly
important because it identifies each column of the FRF matrix. The name subfield contains

the FRF names. The size of this cell array corresponds to the number of exported FRFs.

The type field identifies the function type. In this thesis, the functions are FRFs. The creation
time and last modification time provide metadata about when the data were generated and

saved.

The primary_channel field identifies the response channel used for each FRF. In the present
experimental setup, the primary channel corresponds to the accelerometer channel. The
reference_channel field identifies the reference channel, which corresponds to the impact
hammer. This distinction is important because FRFs are defined as response over reference

force.

The memo field can contain additional annotations, such as the accelerometer number and
direction. This information helps verify whether each FRF has been assighed to the correct

measurement coordinate.

The frf subfield contains information related to the FRF estimation. The method field
indicates the estimator used to calculate the FRF. In this thesis, the estimator was H1. The
scalingfield indicates the scaling applied to the FRF. In the exported files used for this work,

the scaling was set to none.

The export properties and annotation fields contain project and run information. In
particular, the run name is important because it identifies the hammer point and hammer
direction used during the roving-hammer measurement. This information was used to check

that the FRF was saved with the correct excitation coordinate.
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function_record item Meaning Use
name FRF names identifies each exported FRF

. confirms that the function is an
type function type

creation_time
last_modification_time

primary_channel

reference_channel

memo

frf.method

frf.scaling

TL_export_properties_annotation

project_name

run_name

creation time
last modification time

accelerometer channel

hammer channel

accelerometer number and
direction

FRF estimator

scaling option

Testlab export annotations

Testlab project name

hammer point and direction

FRF

metadata

metadata

identifies response coordinate

identifies reference/input
coordinate

additional coordinate
annotation

confirms H1 method
confirms scaling setting

stores project and run
information

identifies source project

identifies excitation coordinate

Table 5.7: Main information stored in function_record

The function_record field therefore provides the link between the numerical FRF matrix and

the physical test configuration. It allows a MATLAB script to search for a specific FRF by

name, identify its response and reference coordinates, and compare it with the

corresponding synthesized FRF or reciprocal FRF.

5.7.9 Use of the exported files in MATLAB post-processing

The exported UNV and MAT files were used together in the MATLAB post-processing

workflow. The FRF UNV and MAT files provided the measured and synthesized FRFs, while

the modal UNV file provided the identified modal parameters and mode-shape vectors.

The first use of these files was FRF visualization. The FRF names stored in the UNV pages or

in function_record.name were used to select a specific input-output function. The
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corresponding frequency vector was reconstructed from the frequency-axis information,

and the FRF magnitude and phase were plotted.

The second use was experimental/synthesized FRF comparison. The experimental FRF and
the synthesized FRF corresponding to the same input-output pair were selected and plotted
together. This comparison verified whether the modal model identified in Testlab

reproduced the measured dynamic behaviour.

The third use was reciprocity verification. By using the FRF names, MATLAB selected

reciprocal cross-FRF pairs, for example:
Hyp and Hgy

These functions were then compared in magnitude and phase. Good agreement between

reciprocal FRFs supports the linearity and consistency of the measured data.

The fourth use was construction of the experimental mode-shape matrix. The modal UNV
file provided the eigenvector components for the identified modes. These components were
extracted at the selected nodes and directions and assembled into the matrix: ®gy4 This

matrix was then used to calculate the Auto-MAC matrix for the experimental modes.

The fifth use was EMA-Romax correlation. The experimental mode-shape matrix extracted
from the Testlab modal export was compared with the numerical mode-shape matrix
extracted from Romax. Before computing MAC, the DOF order and coordinate directions

were checked to ensure that both matrices were expressed in the same reference system.

The exported file structure therefore made the MATLAB workflow traceable. Each FRF could
be identified by its response point, response direction, reference point, and reference
direction. Each mode could be identified by its frequency, damping ratio, and eigenvector
components. This traceability was essential for reliable FRF validation, reciprocity checking,

modal validation, and EMA-Romax correlation.
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Exported file

Main structure

Main content

Use in MATLAB

Experimental/synthesized
FRF UNV

Modal UNV

FRF MAT file

MAP file, when available

ordered
pages/cells

ordered
pages/cells

1 X 1IMATLAB
structure

node mapping
text/table

metadata, node information,
experimental FRFs,
synthesized FRFs

modal frequencies, damping
ratios, eigenvector
components, residuals

x_values, y_values,
function_record

correspondence between
exported node IDs and
Testlab node names

Table 5.8: Summary of exported Testlab file structures

FRF plotting and FRF
validation

construction of
Depa, Auto-MAC,
Cross-MAC

direct access to FRF
matrix and metadata

node identification
and DOF mapping

This exported-data structure allowed the Testlab results to be used outside the Testlab

environment. Testlab was used for acquisition and PolyMAX modal identification, while

MATLAB was used to inspect the exported data, reconstruct FRFs, verify reciprocity,

calculate MAC matrices, and perform the final experimental-numerical correlation.
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6 Cantilever Beam: Method Validation

6.7 Purpose of the preliminary beam study

Before applying the experimental procedure to the electric powertrain, a preliminary
validation activity was carried out on a cantilever beam. The beam was selected as a
controlled test structure because its modal behaviour is simpler than that of a complete
powertrain and can be interpreted using three complementary approaches: analytical beam

theory, finite element simulation, and EMA.

The purpose of this chapter is not only to report the beam test results, but also to
demonstrate the development of the complete experimental-numerical workflow used later
for the powertrain. The cantilever beam was therefore used as a methodological
benchmark. Through this case, the acquisition hardware, the Testlab setup, the roving-
hammer strategy, the modal parameter extraction procedure, the MATLAB post-processing

tools, and the FE/EMA correlation procedure were verified under controlled conditions.

6.2 Test specimen and boundary condition

The test specimen consisted of a rectangular steel beam arranged in a cantilever
configuration. One end of the beam was clamped, while the other end was free. The fixed
boundary condition was obtained by sandwiching the beam end between a base plate and
a reinforced fixture. The complete clamping assembly was then fixed to the laboratory

workbench using manual C-clamps.

This boundary condition was intended to approximate an ideal clamped-free configuration.
However, from an experimental point of view, a real clamped boundary always has a finite
compliance. Small rotations, local slips, imperfect contact, and flexibility of the fixture can
reduce the effective stiffness of the system. For this reason, the beam test was also used to
study the influence of boundary-condition flexibility on the correlation between numerical

and experimental modal results.
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Figure 6.1: Beam experimental setup and Test.Lab geometry

90[Page



6.3 Geometry definition

A simplified one-dimensional geometry was defined in Testlab to represent the beam. The
main nodes were distributed along the longitudinal axis of the beam, while two additional
off-axis nodes were introduced at the free end to capture torsional behaviour. This node
configuration allowed both bending and torsional deformation patterns to be represented

during mode-shape visualization.

Node | X[mm] | Y[mm] | Z[mm]

100 0 0 0
105 20 0 0
110 60 0 0
115 100 0 0
120 140 0 0
125 180 0 0
130 220 0 0
135 260 0 0
140 300 0 0
145 340 0 0
150 380 0 0
155 420 0 0
305 420 -15 0
310 420 15 0

Table 6.1: Node coordinates of the beam

Nodes 115, 135, and 305 were selected as accelerometer reference locations. Node 305
was located close to the free end of the beam, where the displacement of the first bending
mode is expected to be high. Nodes 115 and 135 were located along the beam span and

provided additional spatial information for the identification of higher-order modes.
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6.4 Instrumentation and channel mapping

The experimental setup was composed of an LMS SCADAS Mobile acquisition system, a

PCB 086CO03 instrumented impact hammer, three PCB 356A45 tri-axial accelerometers, a

workstation running Testlab, and the required BNC cables and ICP signal conditioning.

Component SCADAS ports Location / function
Accelerometer 1 1,2,3 Beam tip, node 305
Accelerometer 2 4,5,6 Node 115
Accelerometer 3 9,10, 11 Node 135

Impact hammer 8 Roving excitation input

Table 6.2: Accelerometers position & dedicated SCADAS port

Two input ports of the SCADAS unit, ports 7 and 14, were identified as non-functional during

the preliminary activity. These ports were excluded from the final channel mapping. All

accelerometer channels were configured as ICP inputs. The measured quantity was defined

as acceleration for the accelerometers and force for the hammer.

24 LMS Test.Lab Impact Testing - Beam - Section1
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Figure 6.2: Testlab channel setup
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6.5 Roving-hammer acquisition strategy

The experimental activity was carried out using a roving-hammer strategy. The
accelerometers remained fixed at nodes 115, 135, and 305, while the hammer was moved
between the excitation points. This approach was selected instead of a roving-
accelerometer strategy because the beam is lightweight and therefore sensitive to
accelerometer mass loading. The beam was excited using a roving-hammer strategy. Node

100 was not impacted because it was located under the clamp and was not accessible for

hammer excitation.

For the accessible nodes, the main excitation direction was the vertical direction, and each
point was impacted three times to improve repeatability. Horizontal excitation was also
applied to the beam-span nodes, again with three repetitions where access allowed it. At
the three free-end nodes, horizontal excitation was performed only once because of
practical hammering limitations and because these points share the same longitudinal and

vertical coordinates.

Excitation along the beam axis was performed only once at the central free-end node, since
this was the only suitable location for applying an impact in the longitudinal direction.
Therefore, the amount of data collected was not identical in all directions, and the modal
identification is expected to be more reliable for the vertical bending modes than for the

horizontal and longitudinal/torsional responses.

Position Excited Number of
Node ID .. . . i Comment
description direction(s) repetitions
100 Clamped/root Not excited 0 Located under the
node clamp
105, 110, 115, 120,125, | Accessible beam- | Vertical and 3 per Main excitation erid
130, 135, 140, 145, 150 span nodes horizontal direction g
155, 305, 310 Free-end nodes | Vertical 3 Used for bending-

mode excitation
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Limited accessibility at

155, 305, 310 Free-end nodes Horizontal 1
the free end

Longitudinal / . .
155 Central free-end beam-axis 1 Only suitable point for

node . . longitudinal excitation
direction

Table 6.3: Beam roving-hammer excitation plan

The three measurements were averaged in order to improve repeatability and reduce
random noise. Measurements affected by double hits, overload, poor input level, or poor
coherence were rejected and repeated. During acquisition, Testlab displayed the force
input, the acceleration response, the instantaneous FRF, the averaged FRF, and the

coherence function.

The hammer-tip selection for the beam was made according to the target frequency range
and the expected stiffness of the structure. Since the beam validation test aimed to identify
several bending and torsional modes up to 1500 Hz, the selected tip had to provide sufficient
bandwidth to excite the higher modes. According to the PCB hammer manual, a stiffer tip is
recommended when a higher-frequency response is required, while a softer tip is more
suitable for lower-frequency excitation. For this reason, the selected hammer tip, metallic
in this case, was considered appropriate for the beam validation test, where the objective
was not only to excite the first bending mode but also to identify higher-order modes within

the selected bandwidth.

6.6 Modal parameter extraction using PolyMAX

After acquisition, the FRFs were processed in the Testlab modal analysis environment. The
PolyMAX estimator was used to identify the modal parameters within the frequency
bandwidth from 0 to 1500 Hz. The identification process was based on the stabilization
diagram. Figure 6.3 is plotted based on the FRF sum, despite not having a physical meaning,

it gives the opportunity to see all the peaks at a single plot.
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Overlay Comparison: Output Sensor 305Z / Input Hammer 305Z
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6.6.1 Analytical Euler-Bernoulli beam model

For the preliminary beam validation, an analytical Euler-Bernoulli cantilever-beam model
was used as a reference for the bending modes. The beam was modelled as a uniform

rectangular steel beam with length
L =0436m
and rectangular cross-section dimensions
a=30mm,b = 3 mm

where ais the beam width and bis the beam thickness. The material properties used in the

initial analytical model were
E =210 x 10° Pa,p = 7850 kg/m3
The cross-sectional area and mass per unit length were calculated as

S=ab
u=pS

For vertical bending, the second moment of area was calculated using the weak bending

axis:

3 ab?

I =
voo12

For horizontal bending, the second moment of area was calculated using the strong bending

axis:

ba?

I, =

12

Therefore, the analytical natural angular frequencies for vertical bending were obtained

from
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El,
pL*

— 92
Wpy = /1n

while the analytical natural angular frequencies for horizontal bending were obtained from

/Elh
— 92
Wp h _/171 m

where 1,is the dimensionless characteristic constant of the clamped-free Euler-Bernoulli

beam. These constants are obtained from the cantilever-beam frequency equation:
cos(d,)cosh(4,) +1 =10
For the first modes, the values are
Ay = 1.875,4, = 4.694,1; = 7.855

The natural frequencies in hertz were then calculated as

Wy p
fn,v - 27_[
and
wn,h
fn,h - 2T

The analytical mode shape of a clamped-free Euler—-Bernoulli beam can be written as

$n(x) = cosh(Bpx) — cos(Bpx) — op[sinh(Bpx) — sin(B,x)]
where

A
ﬂn:Tn

and

_ cosh(4,) + cos(4,)
e sinh(A,,) + sin(4,)
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The coordinate xis measured from the clamped end to the free end of the beam. The same
analytical mode-shape expression is valid for both vertical and horizontal bending. The
difference between the two bending directions is not the shape function itself, but the
bending stiffness EI, which depends on the corresponding second moment of area.

Therefore, vertical bending uses I, = ab3/12, while horizontal bending uses I, = ba3/12.

These analytical frequencies and mode shapes were used as a first reference for the beam
validation. The analytical model was then compared with the 3D Nastran model and with
the experimental EMA results. The Euler-Bernoulli model provides a reliable reference for
bending-dominated modes, but it does not predict torsional modes. For this reason, no
analytical torsional frequency was reported, and torsional behaviour was interpreted using

the 3D finite element model and the experimental mode shapes.

6.6.2 MSC Nastran finite element model

For the numerical comparison, a three-dimensional finite element model of the beam was
prepared in MSC Nastran format and solved using SOL 103 normal modes analysis. The
objective of this model was to provide a numerical reference for the experimental EMA

modes and to check the accuracy of the simplified analytical Euler-Bernoulli beam model.

The beam was modelled with its real rectangular geometry. The longitudinal direction of the

beam was defined along the X-axis. The model length was approximately:
L =436 mm
and the cross-section was approximately:
30mm X 3 mm

The finite element mesh was generated using three-dimensional CHEXA hexahedral solid

elements. The final model contained 3212 grid points and 1450 CHEXA elements.
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The mesh was regular along the beam length and across the beam width. The longitudinal
discretization was approximately 3 mm, giving a sufficiently fine mesh for the frequency
range considered in the beam validation. Since the objective of the model was modal-
frequency and mode-shape comparison rather than local stress analysis, this discretization
was considered adequate for the global bending and torsional modes investigated in this

thesis.

The material was defined as linear elastic isotropic steel. The properties used in the initial

finite element model were:

E = 210 kN/mm?
v=20,3
p = 7,85 x 10~° tonne/mm?> = 7850 kg/m*>

where Eis Young’s modulus, vis Poisson’s ratio, and pis the density.

The boundary condition was applied at the left end of the beam in order to reproduce the
clamped-free configuration. The nodes of the clamped section were constrained using SPC

constraints, with all six degrees of freedom fixed:

Inthe Nastran model, this corresponds to fixing degrees of freedom 1 to 6 at the constrained
end-section nodes. This boundary condition represents the ideal clamped support used in
the analytical and numerical comparison. In the real experiment, however, the clamp has
finite stiffness, and this difference is one of the reasons why the experimental frequencies

are lower than the initial numerical predictions.
Two finite element configurations were considered.

The first model did not include the accelerometers and was used to compare the 3D FEA

results with the analytical Euler—-Bernoulli beam model.

The second model included the accelerometer masses in order to evaluate the mass-

loading effect introduced by the sensors. In this second configuration, the accelerometers
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were represented using CONM2 concentrated mass elements placed at the experimental

sensor locations. Three CONM2 elements were

approximately:

Meee =428

corresponding to the mass of one tri-axial accelerometer.

Item

Value / description

Analytical model
Numerical model
Nastran analysis type
Beam length

Beam width

Beam thickness
Cross-sectional area
Mass per unit length
Second moment of area
Young’s modulus
Poisson’s ratio

Density

Element type

Number of grid points
Number of solid elements
Boundary condition
Constrained DOFs
Accelerometer modelling

Accelerometer mass

Euler-Bernoulli cantilever beam
3D MSC Nastran finite element model
SOL 103 normal modes
0.436 m/ 436 mm
0.030 m/30 mm
0.003m/3 mm
9.0 X 1075 m?

0.7065 kg/m
6.75 x 10711 m*

210 GPa
0.3
7850 kg/m?

CHEXA hexahedral solid elements
3212
1450
Left end fully clamped
1-6 fixed at the clamped section
CONM2 lumped masses in the mass-loaded model

approximately 4.2 g each

Table 6.4 : Analytical and MSC Nastran beam model properties
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Figure 6.5 : MSC Nastran finite element model of the cantilever beam. The beam was discretized using CHEXA solid
elements and fully constrained at the left end to reproduce the clamped-free boundary condition. In the mass-loaded

configuration, the accelerometers were represented using CONMZ2 concentrated mass elements.

The comparison between the analytical Euler-Bernoulli model and the 3D Nastran model
showed very small differences for the main bending modes. For the vertical bending modes,
the analytical-FEA error remained approximately between 0.38%and 0.48%. This confirms
that the finite element discretization was sufficiently accurate for the global bending modes

and that the simplified Euler-Bernoulli model was justified as an analytical reference.

Therefore, the larger discrepancies observed between the numerical and experimental
frequencies cannot be attributed mainly to poor mesh discretization or to the use of the 1D
analytical beam theory. They are more likely related to experimental effects such as finite
clamping stiffness, fixture compliance, accelerometer mass loading, and small deviations

from the ideal clamped-free boundary condition.
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Figure 6.6: Visual comparison of the 3 primary bending mode shapes in Analytical , FEA and EMA from left to right in
the EMA unlike the other two the fixed end is on the right, and the EMA shows the same mode shape but with
eigenvector multiplied by -1.

The software initially identified 12 modes in the selected frequency range. The identified

frequencies and damping ratios are summarized below.
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Mode Frequency [Hz] Damping ratio [%] Preliminary interpretation

1 11.687 0.34% 1st vertical bending mode

2 74.233 0.65 % 2nd vertical bending mode

3 117.772 0.35% 1st horizontal bending mode

4 207.590 0.5% 3rd vertical bending mode

5 293.879 5.69 % 1st Torsional mode around beam axis
6 304.600 1.71% Vertical bending coupled with torsion

around beam axis

7 412.752 0.48 % 4th vertical bending mode

8 687.879 0.55% 5th vertical bending mode

9 706.834 0.92% 2nd horizontal bending mode

10 860.305 5.25% 2nd Torsional mode around beam axis
1 1054.802 0.96 % 6th vertical bending mode

12 1443.185 0.56 % 7th vertical bending mode

Table 6.5: EMA Modes frequency, damping ratio and interpretation

Although 12 modes were mathematically identified, a physical interpretation of the results
was necessary. Modes 5 and 10 showed damping ratios greater than 5 percent, which is

unusually high for a steel beam in this type of test.

6.7 MATLAB post-processing

After the modal extraction in Testlab, the experimental data were exported for independent
post-processing in MATLAB. The measured FRFs were exported as MAT files, while the
identified mode shapes were exported using universal file format. The objective of the
MATLAB workflow was to provide an autonomous verification layer beyond the Testlab

interface.

The MATLAB post-processing included the following tasks:
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1. import of experimental FRFs and modal data;

2. organization of input and response coordinates;

3. coordinate-system alignment between experimental and numerical models;
4. FRF synthesis using the identified modal parameters;

5. comparison between experimental and synthesized FRFs;

6. Maxwellreciprocity checks;

7. Auto-MAC computation for experimental mode-shape independence;

8. Cross-MAC computation for FE'fEMA mode-shape correlation;

9. frequency-error calculation;

10. Rayleigh damping identification.

6.8 Conclusions from the beam validation

The cantilever beam activity successfully validated the complete experimental and post-
processing workflow required for the powertrain study. The acquisition chain was verified,
the roving-hammer strategy was tested, modal parameters were identified using PolyMAX,
and the MATLAB post-processing workflow was developed and checked. The beam was
particularly useful because it is simple enough to interpret physically, but still sensitive to
important experimental effects such as boundary-condition flexibility, accelerometer mass

loading, measurement noise, and possible nonlinear behaviour.

The beam test also showed that the quality of the measured FRFs depends strongly on the
selected input-output coordinates. In general, the results were more repeatable when the
considered points were closer to the clamped root of the beam. In this region, the vibration
amplitude is lower and the motion is more controlled by the boundary condition. Moving
toward the free tip, the oscillation amplitude increases and the beam becomes more
flexible. As a consequence, the measured response can become more sensitive to small
nonlinear effects, imperfect impacts, local flexibility, sensor mass loading, and small

variations in the boundary condition. Therefore, the comparison between reciprocal FRFs is
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expected to be better for points closer to the root and more critical for points closer to the

free end.

For this reason, the reciprocity check should not be presented only with the best possible
FRF pair. A representative pair of closer points should be shown to demonstrate the
expected good agreement, while an additional less favourable or more flexible input-output
pair should be included to show the real experimental limitations. The plot must clearly
indicate the measured direction, for example (Z)-direction inertance, so that the compared

FRFs are physically consistent.

The acquisition duration for the beam test was checked using the impulse-response
concept introduced in Section 4.2. After the hammer impact, the beam response behaves
as a free-decay signal governed by the exponential term (e‘z‘”nt). The first bending mode is
the most critical mode for the acquisition time because it has the lowest natural frequency
and therefore the slowest decay. Higher modes decay more rapidly because the product
(Cw,) is larger. Therefore, the acquisition window was selected to be long enough to capture

the decay of the first mode without repeating the impulse-response plot in this chapter.
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Figure 6.7: Maxwell's Reciprocity evaluation

The reciprocity comparison is based on Maxwell’s reciprocity theorem. For a linear
reciprocal structure, the cross-inertance measured from input coordinate k to response
coordinate Ishould be equivalent to the cross-inertance measured from input coordinate

lto response coordinate k, provided that the same physical direction is considered. In this
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thesis, reciprocity was used as an experimental consistency check rather than as a strict
exact equality requirement, because small differences can appear due to manual hammer

excitation, local flexibility, antiresonance regions, and measurement noise.

Figure 6.7 shows representative reciprocity comparisons for the beam test. The agreement
is acceptable in the Z-direction and Y-direction, where the reciprocal FRFs show similar
resonance peaks and comparable globaltrends. This confirms that the measured datasetis
sufficiently consistent for the main bending-mode identification and for the following modal
correlation steps. The remaining differences between reciprocal curves are considered
acceptable because the beam response is sensitive to impact location, excitation direction,

and local vibration amplitude, especially near the free end.

The reciprocity result in the X-direction is less reliable. This is mainly related to the practical
limitation of the acquisition strategy: the X-direction excitation was performed only once
and only at the limited accessible locations near the free end of the beam. Therefore, the X-
direction reciprocal comparison has lower repeatability than the Y- and Z-direction cases
and should be interpreted with more caution. For this reason, Figure 6.7 reports only
representative reciprocity checks in the main text, while the additional reciprocity plots are

reported in the appendix.

The Auto-MAC matrix was used to evaluate the geometrical similarity between the
experimentally identified mode shapes. The diagonal terms are equal to one because each
mode is compared with itself. The off-diagonal terms indicate whether different identified
modes have similar spatial deformation patterns. Low off-diagonal values confirm that the
mode shapes are well separated from a geometrical point of view, while high off-diagonal
values may indicate similar deformation shapes, closely spaced modes, insufficient spatial

resolution, or identification uncertainty.
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Experimental Auto-MAC Matrix

MAC Value

Figure 6.8: Auto-MAC 3D Matrix displaying experimental mode independence

The Cross-MAC matrix was then used to compare the experimental mode shapes with the
numerical mode shapes. This comparison is necessary because frequency agreement
alone is not sufficient for model validation. A mode can have a frequency close to a
numerical prediction but still represent a different deformation pattern. The Cross-MAC
results therefore provide a quantitative indication of the similarity between experimental

and numerical mode shapes.

Cross-MAC: Mass-Updated FEA vs. Experimental EMA
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Figure 6.9: 3D Bar plot of the Cross-MAC matrix
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CROSS-MAC CORRELATION RESULTS

EMA Mode Freq [Hz] Best Match FEA & EMA MAC Value
Mode

1-1stVB 11.69 1 0.994
2-2ndVB 74.23 2 0.944
3-1stHB 117.77 3 0.600
4-3rdVB 207.59 4 0.938

5-1stT 293.88 5 0.298

6-V+T 304.60 5 0.357
7-4thVB 412.75 6 0.879
8-5thVB 687.88 7 0.803
9-2ndHB 706.83 8 0.659
10-2ndT 860.30 9 0.297

Table 6.6: Tabular breakdown of the best-matched EMA & FEA modes (V:vertical, H:Horzontal, B:Bending, and
T:Torsional) and their corresponding MAC values AVERAGE MAC (For Matched Modes): 0.677

The initial FE/EMA comparison showed that the numerical model overestimated the natural
frequencies when ideal material properties and ideal boundary conditions were assumed.
This discrepancy was expected because the real experimental system included additional
effects that were not fully represented in the initial numerical model. These effects included
the finite stiffness of the clamped boundary, accelerometer mass loading, and small
compliance of the fixture. Afterincluding the accelerometer mass and updating the effective
Young’s modulus, the agreement between the numerical and experimental frequencies

improved significantly.
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Analytical

Mode Type Mode Analytical F!EA (3D. EMA (Lab FEA vs. EMA vs. FEA
No. (1D) Simulation) Test) Error
Error

Vertical

. 1st 13.19 Hz 13.24 Hz 11.69 Hz 13.29% 0.38%
Bending
Vertical

. 2nd 82.63 Hz 82.96 Hz 74.23 Hz 11.76 % 0.40 %
Bending
Horizontal

. 1st 131.90 Hz 131.60 Hz 117.77 Hz 11.74 % 0.23%
Bending
Vertical

. 3rd 231.38 Hz 232.30 Hz 207.59 Hz 11.90 % 0.40 %
Bending
Torsional 1st - 357.50 Hz 293.87 Hz 21.65% -
Vertical

. 4th 453.40 Hz 455.20 Hz 412.75Hz 10.28 % 0.40 %
Bending
Vertical

. 5th 826.43 Hz 807.10 Hz 687.87 Hz 17.33% 2.34%
Bending
Horizontal

. 2nd 749.51 Hz 752.60 Hz 706.83 Hz 6.47 % 0.41%
Bending
Vertical

. 6th 1119.64 Hz 1125.00 Hz 1054.80Hz | 6.66 % 0.48 %
Bending

Table 6.7: Error in Vertical, Horizontal and Torsional modes, with different methods.

The comparison between the analytical 1D Euler-Bernoulli beam model and the 3D FEA
model shows very small discrepancies. For the vertical bending modes reported in Table
6.5, the analytical-FEA error remains approximately between 0.38%and 0.48%, with an
average error of about 0.4%. This confirms that the simplified Euler-Bernoulli formulation is

suitable for representing the main vertical bending behaviour of the beam.

The Cross-MAC analysis highlights that the highest correlation is obtained for the vertical
bending modes, which show MAC values between 0.803 and 0.994. The horizontal bending
modes exhibit an intermediate level of correlation, with MAC values of 0.600 and 0.659.
Conversely, the torsional modes show poor correlation, with MAC values close to 0.30.
However, these discrepancies should not be mainly attributed to modelling errors, since the

torsional behaviour is evaluated from only two points located away from the beam
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centreline, making the estimation highly sensitive to experimental uncertainties, especially

possible errors in the evaluation of the distance from the centreline.

Therefore, the use of a 1D analytical beam model is justified as a reference for the
preliminary validation stage. Since the analytical and 3D FEA results are almost identical for
the main bending modes, the larger differences observed between FEA and EMA cannot be
attributed mainly to the analytical simplification. Instead, they are more likely related to
experimental effects such as non-ideal clamping stiffness, accelerometer mass loading,

fixture compliance, and small deviations from the ideal clamped-free boundary condition.

The extended comparison in Table 6.5 further confirms that the Euler-Bernoulli analytical
model provides a good reference for bending-dominated modes. However, no analytical
value is reported for the torsional mode, because the analytical model used in this work is
based on Euler-Bernoulli beam theory, which describes bending deformation but does not
predict torsional behaviour. For this reason, the Euler-Bernoulli model is considered
reliable for validating the main bending-frequency trend, while the 3D FEA model remains

necessary for interpreting torsional and coupled deformation modes.

MODEL UPDATING RESULTS

Initial Young's Modulus: 210.00 GPa

UPDATED Young's Modulus: 174.62 GPa

Mode EMA (Target) Initial Analytical Updated Analytical
1-1VB 11.69 Hz 13.19Hz 12.02 Hz
2-2VB 74.23 Hz 82.63 Hz 75.35Hz
3-3vB 207.59 Hz 231.38 Hz 210.99 Hz
4-4VB 412.75 Hz 453.40 Hz 413.45Hz

Average Initial Error: 9.60 %
Average UPDATED Error: 2.11 %

Table 6.8: Final frequency results after updating the Effective Young's Modulus
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The damping identified by Testlab was also analysed. Testlab estimates modal damping
from the FRF behaviour in the neighbourhood of the resonance peaks. Therefore, the
damping values are most reliable when the corresponding peak is clear, isolated, and well
represented by the identified modal model. However, if a pole is computational, weakly
excited, affected by noise, or close to another mode, the identified damping value may not

be physically meaningful.

6.8.1 Experimental modal damping analysis
For the beam, the Rayleigh damping model was used as a compact way to describe the

frequency dependence of damping. In Rayleigh damping, the damping matrix is written as
[C] = a[M] + BIK]
and the damping ratio of mode (r) is

a )
_a  por
2w, 2

Sr

The first term, (a/(2w,)), is mass-proportional and decreases hyperbolically with
frequency. The second term, (fw, /2), is stiffness-proportional and increases linearly with
frequency. The Rayleigh coefficients (@) and () were estimated by using pinv (Pseudo-
inverse) and fitting this expression to the experimental damping ratios of the accepted

physical modes, making a=0.9323 and $=5.9069¢-6.

Before fitting the Rayleigh damping curve, modes with unusually high damping values were
examined carefully. In particular, modes 5 and 10 correspond to torsional modes of the
beam and show damping ratios higher than 5%. Although flexural and torsional modes are
not expected to have exactly identical damping values, their modal damping factors should
generally remain of the same order of magnitude for a uniform steel beam unless a specific
torsional dissipation mechanism is present. Therefore, the significantly higher damping
values estimated for modes 5 and 10 are likely affected by the higher experimental

uncertainty associated with the identification of the torsional modes. This interpretation is
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also supported by their low Cross-MAC values, which indicate weaker agreement between

the experimental and numerical torsional mode shapes.

The damping-fit plot should report the mode number, frequency, damping ratio, and
physical interpretation of the modes used in the fitting process. This information is
important because the reader must understand which modes were retained, which modes

were excluded, and why the fitted damping model is considered representative.
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Figure 6.10: Rayleigh Damping with frequency and number of modes

Figure 6.10 reports the experimental damping ratio of each identified mode together with its
modal interpretation. Modes 1, 2, 4, 7, 8, 11, and 12 are mainly vertical bending modes,
modes 3 and 9 are horizontal bending modes, mode 6 is a coupled vertical bending/torsional
mode, while modes 5 and 10 are torsional modes. The torsional modes show the highest

damping values and are therefore treated with caution in the damping interpretation.
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Figure 6.11: Rayleigh Damping identification curve considering only 1st and 2nd term of the proportional damping
equation and the sum of the curves a=0.9323 & B=5.9069e-6 (The plot is zoomed so the mode 5 & 10 are not
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Figure 6.12: Comparison of experimental damping ratios with Rayleigh damping and constant average damping levels.
The two horizontal lines define a practical constant damping range, showing that the beam damping is better
represented by an approximately constant value than by the Rayleigh curve. (The plot is zoomed so the mode 5 & 10
are not visible here)

Figure 6.11 compares the experimental damping ratios with the Rayleigh proportional
damping curve and with two constant average damping levels. The first horizontal line

represents the average damping ratio calculated using all identified modes, while the
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second horizontal line represents the average damping ratio calculated after excluding

modes 5 and 10, which showed unusually high damping values.

The purpose of these two horizontallines is to show that the damping behaviour of the beam
can be described more realistically by a nearly constant damping range rather than by a
strongly frequency-dependent Rayleigh curve. Most of the physically accepted damping
ratios are concentrated between these two constant levels. Therefore, a constant damping
ratio in this range provides a better practical description of the experimental damping

behaviour of the beam.

The Rayleigh model,

shows a sharp variation at low frequency due to the mass-proportional term a/(2w), and
then increases with frequency due to the stiffness-proportional term fw/2. This trend does
not match the distribution of the experimental damping ratios very well. In contrast, the
experimental points are mostly distributed around an almost horizontal level. For this
reason, the damping of the beam is better interpreted as approximately constant within the

range bounded by the two average damping lines.

Modes 5 and 10 were not used to define the lower average line because their damping ratios
are much higher than the other modes and are not representative of the expected lightly
damped behaviour of the steel beam. The lower horizontal line therefore represents the
average damping of the more consistence dampings, while the upper horizontal line gives
the average when all identified modes are included. The region between these two lines (0.7-

1.5%) can be considered a reasonable constant damping range for the beam dataset.

The result of the beam study confirms that the experimental workflow is suitable for
application to the electric powertrain. The beam validation demonstrated how to acquire
reliable FRFs, identify modal parameters, verify reciprocity, evaluate mode-shape

consistency with Auto-MAC, compare experimental and numerical mode shapes with
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Cross-MAC, update physically meaningful model parameters, and build a damping model
from selected experimental modes. These operations form the methodological basis for the

powertrain analysis presented in the following chapters.
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7 Electric Powertrain: Rigid-Body Identification

7.1 Purpose of the rigid-body identification stage

The first stage of the powertrain study is focused on the low-frequency dynamic behaviour
of the complete assembly. In this range, the powertrain motion is expected to be strongly
influenced by the rubber mounts and by the global mass and inertia properties of the
assembly. The corresponding modes are often described as rigid-body or mount-controlled
modes because the powertrain body moves mainly as a whole, while the deformation of the

metallic components is limited.

Identifying these modes is important because they determine the vibration isolation
performance of the mounting system. If the mount stiffness or damping is not correctly
represented in the numerical model, the predicted rigid-body frequencies and mode shapes
will differ from the experimental results. For this reason, the rigid-body identification stage

provides direct information for mount-stiffness validation and possible updating.

7.2 Test bench and boundary conditions

The electric powertrain was tested on a Hardware-in-the-Loop test bench designed for
controllable and repeatable validation of electric powertrains. The bench is intended for
NVH performance assessment and for the experimental correlation of high-fidelity
numerical models. In its complete operating configuration, the bench includes a Unit Under
Test, a Load Emulating Unit, inverters, a bidirectional DC power supply, a rotating shaft, a

torque meter, cooling components, safety barriers, and a control system.

In the present thesis, the bench was used primarily as a realistic mechanical support
environment forimpact-based Experimental Modal Analysis. The focus was not on powered
operating conditions, but on the structural dynamic characterization of the mounted

powertrain. This distinction is important because the modal test was performed to identify
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natural frequencies, damping ratios, and mode shapes, rather than to reproduce driving

cycles or torque-speed operating points.

The most relevant aspect of the bench for this work is the mounting condition of the Unit
Under Test. According to the bench documentation, the UUT is mounted using the same

supports and elastic mounts as in the real vehicle [17].

This condition is essential for the present EMA activity because the low-frequency modes of
the assembly are strongly influenced by the rubber mounts and by the global mass and
inertia properties of the powertrain. Therefore, the test bench provides a more
representative boundary condition than a fully rigid laboratory fixture. The bench is built on
arigid steel frame isolated from the laboratory floor by rubber mats. A thick steel mounting
plate with threaded holes allows the main components to be fixed in the required

configuration.

From the point of view of modal correlation, this support condition must be considered
carefully. Although the bench is designed to be stiff, it is not an ideal infinitely rigid ground.
Its frame, mounting plate, bolted connections, and floor isolation may contribute to small
discrepancies between the experimental modal properties and the numerical model,

especially if the numerical model assumes ideal boundary conditions.
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Figure 7.1 : Electric powertrain test bench and support system with Vehicle (subscript V) and Experimental (subscript

EMA) reference frame

7.3 Powertrain mounting configuration

The electric powertrain was installed on the bench through its support system, including the
long arm, short arm, rear arm, rubber mounts, brackets, and bolted connections. This
configuration was selected because the purpose of the rigid-body identification stage was
to characterize the global motion of the powertrain on its actual support paths. Testing the
powertrain without its elastic mounts would not reproduce the boundary conditions
relevant to the vehicle installation and would not allow the mount-controlled modes to be

correctly identified.

In this thesis, the term rigid-body mode is used for low-frequency modes in which the

powertrain assembly moves mainly as a whole on its rubber mounts, with limited
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deformation of the metallic components. When deformation of the mounting arms or
brackets is visible, the safer term mount-controlled low-frequency mode is used. This
distinction is important because purely rigid-body modes are mainly governed by the global
mass, inertia, and mount stiffness, while mount-controlled modes may already include

local flexibility of the support structure.

7.4 Rigid-body measurement nodes and reference DOFs

The experimental geometry was defined in Testlab by selecting measurement nodes on the
mounting arms and on the powertrain body. The node set was chosen according to three
criteria: physical relevance, accessibility, and suitability for mode-shape visualization.
Nodes on the mounting arms were necessary because the arms represent the main
structural paths between the powertrain body and the elastic mounts. Additional nodes on
the powertrain body were included to describe the global motion of the assembly and to

support comparison with the numerical model.

The initial measurement layout used one accelerometer on each main mounting arm. In the
later configuration, the node set was expanded to improve the spatial description of the
powertrain. The long arm was described with nodes on multiple faces so that bending and
torsional deformation could be distinguished. Nodes on the short arm, rear arm, and
powertrain body were included to capture the global motion of the assembly and to improve

the reliability of EMA-Romax mode-shape comparison.

In Testlab, the experimental geometry was intentionally simplified. The purpose was not to
reproduce the complete CAD topology of the powertrain, but to create a measurement
geometry capable of visualizing the deformation at the selected experimental points. For
this reason, nodes were connected using splines and the assembly was treated as a single
experimental component. Screw nodes were also included where necessary because they

represent the physical connection between the mounting arms and the motor body.
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The following table summarizes the configuration used in the recent powertrain
experimental activity. The measurement geometry used during the powertrain activity
evolved during the experimental campaign. The layout reported later in the thesis was
mainly used for the extended structural-mode analysis of the long arm and powertrain body.
For the low-frequency rigid-body and mount-controlled correlation, additional nodes were

also considered, including screw nodes and specific mounting-arm reference nodes.

The excitation directions were selected according to the accessibility and the physical
orientation of each node group. The screw nodes were impacted only along the axial
direction of the corresponding screw, because this direction represents the load path
through the bolted connection. The nodes located on the horizontal face of the long arm
were impacted in the vertical direction, while the nodes located on the vertical face were
impacted horizontally. This strategy allowed the main local stiffness directions of the

mounting arms to be excited while respecting the practical limitations of hammer access.

In particular, the MAC-based rigid-body comparison used the accelerometer-reference
locations at nodes 120, 210, and 305. These nodes correspond to the long arm, short arm,
and rear arm accelerometer positions. The numerical eigenvectors were extracted at the
same physical locations and then transformed into the experimental reference system

before computing the MAC.

Component | Face/location | Node | x[m] y [m] z[m]
Long arm Screw 11 0.0000 | 0.0407 | 0.0430
Long arm Screw 12 0.0000 | 0.0407 | -0.0430
Long arm Screw 13 0.0000 | -0.0407 | -0.0430
Long arm Screw 14 0.0000 | -0.0407 | 0.0430

Long arm Horizontalface | 105 0.1000 | 0.0040 | 0.0500
Long arm Horizontalface | 110 0.1500 | 0.0040 | 0.0500

Long arm Horizontalface | 115 0.2000 | 0.0040 | 0.0500

122|Page



Long arm Horizontal face | 120 0.2500 | 0.0040 | 0.0500

Long arm Vertical face 125 0.1000 | 0.0249 | -0.0022
Long arm Vertical face 130 0.1500 | 0.0249 | -0.0022
Long arm Vertical face 135 0.2000 | 0.0249 | -0.0022

Long arm Vertical face 140 0.2500 | 0.0249 | -0.0022

Short arm Screw 21 -0.5250 | 0.0407 | 0.0430
Short arm Screw 22 -0.5250 | 0.0407 | -0.0430
Shortarm Screw 23 -0.5250 | -0.0407 | -0.0430
Short arm Screw 24 -0.5250 | -0.0407 | 0.0430

Short arm Horizontal face | 205 -0.5400 | 0.0040 | 0.0500

Short arm Horizontal face | 210 -0.6000 | 0.0040 | 0.0500

Short arm Vertical face 215 -0.5400 | 0.0249 | -0.0022

Short arm Vertical face 220 -0.6000 | 0.0249 | -0.0022

Rear arm Screw 31 -0.4134 | -0.4886 | 0.1187
Rear arm Screw 32 -0.3941 | -0.4886 | -0.1001
Rear arm Screw 33 -0.4525 | -0.4886 | -0.0905
Rear arm Screw 34 -0.5077 | -0.4886 | 0.0548

Rear arm Horizontal face | 305 -0.4250 | -0.5500 | 0.0670

Table 7.1 : Node coordination of the powertrain

7.5 Sensor placement and direction correction

Three tri-axial accelerometers were installed on the main support paths of the powertrain.
One accelerometer was positioned on the long arm, one on the short arm, and one on the
rear arm. This arrangement was selected as a compromise between spatial coverage and
practical constraints such as available channels, cable routing, accessibility of the

mounting surfaces, and the need to avoid interference with hammer impacts.

The accelerometer on the long arm was placed at node 120, the accelerometer on the short

arm at node 210, and the accelerometer on the rear arm at node 305. This configuration
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allowed the response of the main mounting paths to be measured simultaneously and
provided a first experimental description of the global mount-controlled motion of the

powertrain.

Due to practical mounting constraints, the local axes of the accelerometers could not
always be alighed with the global reference frame. In particular, some sensor axes were
oriented opposite to the selected global directions. This was corrected in Testlab by
assigning the corresponding negative measurement direction. This correction was
necessary to avoid sign errors in the experimental mode shapes and to ensure consistency

with the numerical coordinate system used for Romax or FE comparison.

Accelerometer Location Node Main reason
Accelerometer 1 Long arm 120 response on main mounting arm
Accelerometer2 | Shortarm 210 response on secondary support path
Accelerometer3 | Reararm 305 response on rear support path

Table 7.2 : Accelerometer coordination

7.6 Hammer excitation strategy and tip selection

The powertrain was excited using the PCB 086C03 instrumented impact hammer. A roving-
hammer strategy was adopted: the accelerometers remained fixed at selected reference
locations, while the hammer was moved between the selected excitation nodes and
directions. This strategy allowed several input coordinates to be tested while keeping the

sensor mass distribution constant during the measurement campaign.

The hammer-tip selection was made according to the required frequency content of the
input force. The powertrain test had to satisfy two requirements at the same time. First, the

excitation had to contain enough low-frequency energy to identify rigid-body or mount-
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controlled modes. Second, the input had to preserve enough bandwidth to excite the first
structural resonances of the mounting arms and powertrain body. For this reason, a

medium-hardness plastic tip was selected.

The medium tip represents a compromise between the soft and hard tips. A softer tip would
increase the contact duration and concentrate the input energy at lower frequencies, which
is useful for rigid-body modes but may reduce the excitation of higher structural modes. A
harder tip would extend the usable bandwidth but could reduce the low-frequency energy
and make the impacts less repeatable on a complex mounted assembly. The PCB manual
confirms that the frequency range of the hammer can be varied by changing the tip, and
recommends stiffer tips for higher-frequency response and softer tips with extender mass

for lower-frequency response.

As shown previously in Figure 5.2, the medium tip provides an intermediate force-spectrum
bandwidth. The choice of the medium tip is also supported by the frequency response
curves of the PCB 086C03 hammer family. These curves show that the medium tip occupies
an intermediate position between the soft tips and the hard tip in terms of frequency
bandwidth. Therefore, it was selected to excite both the low-frequency mount-controlled
modes and the first higher-frequency structural modes without requiring multiple

reconfigurations of the test setup.

7.7 Acquisition parameters and quality control

The acquisition settings were selected to provide sufficient frequency resolution for low-
frequency modal identification. The bandwidth was set to 640 Hz, which was adequate for
the rigid-body and mount-controlled frequency range of the powertrain. The number of
spectral lines was set to 4096, resulting in a frequency resolution of 0.15625 Hz. This fine
resolution was important because low-frequency modes can be close to each other, and

damping estimation requires a sufficiently detailed description of the resonance peaks.
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The acquisition time was setto 6.4 s. This value was chosen to allow the structural response
to decay after the hammer impact. If the acquisition time is too short, the response is
truncated and leakage errors appear in the frequency domain. If the acquisition time is
excessively long, the useful vibration response may already have decayed and the
measurement can become more affected by background noise. The selected acquisition

time therefore represents a compromise between response decay and noise limitation.

Since the hammer impact is applied manually, it is not possible to reproduce exactly the
same force amplitude for every strike. For this reason, the input range was configured in
Testlab to define an acceptable force interval rather than a single target value. Impacts
outside this range were rejected because they could either overload the measurement chain
or provide insufficient excitation energy. This procedure improved repeatability while

preserving the practical flexibility of manual impact testing.

Each measurement point was impacted three times and the corresponding FRFs were
averaged. Averaging was used to reduce random variability caused by the manual impact
process and to improve the signal-to-noise ratio. During acquisition, the force signal,
acceleration responses, PSDs, instantaneous FRFs, averaged FRFs, and coherence
functions were monitored. Measurements affected by overload, double impact, poor input

level, abnormal PSD ripple, or poor coherence were rejected and repeated.

Parameter Value Reason
Bandwidth 640 Hz covers low-frequency mount-controlled range
Spectral lines 4096 provides fine frequency discretization
Frequency resolution 0.15625 Hz helps distinguish close resonances
Acquisition time 6.4s allows response decay after impact
Number of impacts per point 3 improves repeatability through averaging

Table 7.3 : Low-frequency powertrain acquisition settings
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7.8 Low-frequency EMA mode identification

After acquisition, the accepted impacts were averaged to generate the low-frequency FRF
dataset. The FRF sum was used as afirst global indicator of the resonance distribution. This
allowed the main frequency regions of interest to be identified before the detailed modal
extraction. Individual FRFs were then inspected to check the consistency of the peaks,

phase behaviour, and coherence.

The PolyMAX estimator was applied to the low-frequency FRF dataset. Stable poles were
selected from the stabilization diagram by considering frequency stability, damping
stability, correspondence with FRF resonance peaks, and physical plausibility of the
associated mode shapes. A pole was not accepted only because it appeared in the
stabilization diagram; it also had to correspond to a meaningful deformation pattern of the

powertrain assembly.

The experimental analysis identified six relevant low-frequency modes. These modes were
classified according to their dominant motion. The first three modes were mainly associated
with global translations of the powertrain assembly along the principal directions, while the
following modes showed bending and torsional characteristics. The six identified modes
were therefore interpreted as rigid-body or mount-controlled modes, depending on the

amount of visible deformation in the mounting arms and powertrain body.

The identified modes were classified as rigid-body modes or mount-controlled low-
frequency modes. Modes were considered rigid-body-like when the powertrain moved
mainly as a whole on the rubber mounts. When visible deformation of the mounting arms or
brackets was present, the mode was classified as mount-controlled rather than purely rigid-
body. This classification was necessary because the two types of modes are affected by

different modelling parameters.
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EMA mode

Experimental
frequency [Hz]

Experimental
damping ratio [%]

Dominant motion

22.79

1.80

TranslationinyY

26.17

1.78

Translationin X

33.17

1.46

TranslationinZ

43.40

2.05

Rotation around Z

48.48

3.08

Rotation around X

O UA WN=

81.45

2.60

Rotation around Y

Table 7.4 : Experimental low-frequency modes identified by EMA
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Figure 7.2 : EMA modes 1 to 6 with frequency and damping ratio
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The damping ratios of the six low-frequency modes were also examined using a Rayleigh
damping representation. This was done to observe the damping trend in the mount-
controlled frequency range and to provide a compact damping model for the identified
modes. However, in the rigid-body correlation stage, damping was not used as the primary
validation parameter. The main correlation criteria were natural frequency, mode-shape

interpretation, and MAC values.

7.8.1 Experimental modal damping analysis

The Rayleigh fit should therefore be interpreted as a descriptive damping model for the
experimental low-frequency modes, rather than as the main updating target for the Romax
model. This is because the low-frequency damping is strongly affected by the rubber

mounts, support conditions, and experimental boundary conditions.
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Figure 7.3: Rayleigh Damping with frequency and number of modes for low frequency range

129|Page



Breakdown of Rayleigh Damping Components

0.035 —

0.025 —

=
o
2 @® Experimental Data
k- s - . "
@ 0.02 \ - s Total Rayleigh Fit (o & /3)
[: 4 - 9
o \ e = = +Mass Proportional (a / 2w)
£ \ - — = -Stiffness Proportional (G / 2)
o \ - -
£ -
@ b i
0 0.015 — A ° -
e N -
3 = i
o N -
= ~ =
~ -
i P
0.01 — i
\’v\/
e S~ -~
P ~a
P ~
-
-
0.005 — S

0 10 20 30 40 50 60 70 80
Frequency [Hz]

Figure 7.4: Rayleigh Damping identification curve considering only 1st and 2nd term of the proportional damping
equation and the sum of the curves a=3.1371 & B=1.054e-6

The damping ratios identified for the low-frequency powertrain modes are higher than those
obtained for the cantilever beam. In the beam case, the accepted physical modes were
generally lightly damped, with most damping ratios below approximately 1%. This behaviour
is expected for a steel beam with a relatively simple structure and limited internal
dissipation. In contrast, the low-frequency powertrain modes show damping ratios in the

range of approximately (1.5%) to (3.1%), as shown in Figure 7.3.

This higher damping level is physically reasonable because the low-frequency powertrain
modes are governed mainly by the rubber mounts and by the support system. Unlike the
beam, the mounted powertrain includes rubber elements, bolted interfaces, mounting
arms, contact regions, and bench/support compliance. These elements introduce
additional energy dissipation. Therefore, the damping of the mounted powertrain is not only
material damping of the metallic structure, but also includes dissipation associated with

the rubber mounts and the assembled boundary conditions.
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The Rayleigh damping fit shown in Figure 7.4 provides a compact proportional damping
representation of the identified experimental damping trend. In this model, the damping

matrix can be written as
[C] = a[M] + B[K]

where (\alpha) is the mass-proportional damping coefficient and (\beta) is the stiffness-
proportional damping coefficient. For the low-frequency powertrain modes, the identified

coefficients were @ = 3.1371, f = 1.054 x 10°°
The corresponding modal damping ratio is:

_a  Po
2w, 2

Sr

This representation is useful because, once the proportional damping coefficients are
known, an equivalent damping matrix ([C]) can be introduced in a numerical model if the
mass and stiffness matrices ([M]) and ([K]) are available. In this way, the damping behaviour

identified experimentally can be used for dynamic response calculations.

However, in the present EMA-Romax correlation, damping was not used as the main
updating parameter. The low-frequency validation focused primarily on natural frequencies,
mode shapes, and MAC values, because these quantities are directly related to the mass,
inertia, mount stiffness, and support stiffness of the powertrain. The Rayleigh damping
model was therefore used mainly to describe the experimental damping trend and to show
that the mounted powertrain has higher damping than the beam due to the presence of

rubber mounts and assembled support interfaces.

7.9 Experimental and synthesized FRF comparison

After the low-frequency modes were identified, the quality of the modal extraction was
verified by comparing the experimental FRFs with the synthesized FRFs generated directly

in Simcenter Testlab. The experimental FRFs were obtained from the measured hammer
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force and acceleration responses, while the synthesized FRFs were reconstructed by

Testlab from the modal parameters identified during the PolyMAX analysis.

This comparison was used as the first validation step of the EMA model. If the identified
natural frequencies, damping ratios, and mode shapes are reliable, the synthesized FRFs
should reproduce the main features of the measured experimental FRFs. In the present
powertrain rigid-body analysis, the agreement between the experimental and synthesized
FRFs was very satisfactory. The resonance peaks, antiresonance regions, and global FRF
trends were reproduced with good accuracy, indicating that the selected modal parameters

captured the dominant low-frequency dynamics of the mounted powertrain.

The synthesized FRFs are smoother than the experimental FRFs because they are generated
from the identified modal model and are therefore less affected by measurement noise,
impact variability, and small experimental disturbances. This difference is expected. The
important result is that the synthesized curves follow the measured FRFs in the frequency

regions where the rigid-body and mount-controlled modes were identified.

A second validation step was then performed in MATLAB. In this case, the identified FRFs
were calculated independently using the exported modal parameters. This MATLAB
reconstruction was introduced to verify the consistency of the post-processing workflow
outside the Testlab environment and to prepare the data for further correlation operations

such as MAC analysis and EMA-Romax comparison.

The MATLAB-identified inertance FRFs were calculated using modal superposition:

¢ir¢jr

—w? +j2{rw,w

N
inertance — 2
Hij (@) =~ sz
T
r=1

where N is the number of selected modes, w,is the natural angular frequency of mode r,
{ris the damping ratio, and ¢;-and ¢j,.are the modal components at the response and

excitation coordinates.
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The good agreement between the experimental FRFs, the Testlab synthesized FRFs, and the
MATLAB-identified FRFs confirmed that the identified modal parameters were reliable.
Therefore, the six low-frequency EMA modes were considered suitable for the following

EMA-Romax correlation step.

FRF type Source How it was obtained Purpose
Experimental Testlab measured from hammer force and direct experimental reference
FRFs accelerometer responses
Synthesized Testlab reconstructed by Testlab from check quality of modal extraction
FRFs PolyMAX-identified modal parameters inside Testlab
Identified FRFs | MATLAB | calculated later using exported modal independent verification and

parameters and modal superposition preparation for further correlation

Table 7.5 : FRF validation workflow for the rigid-body EMA analysis
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Figure 7.5 : Experimental, Testlab-synthesized and Matlab synthesised FRF comparison
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7.10 Initial EMA-Romax comparison before model modification

Before modifying the numerical model, the six experimental low-frequency modes were
compared with the corresponding Romax modes. This first comparison was used as a
diagnostic step to evaluate whether the initial numerical model reproduced the global
dynamic behaviour of the mounted powertrain. Differences were observed both in
frequency and in the physical similarity of the mode shapes. This indicated that the initial
Romax model required further refinement before being used as a reliable representation of
the tested assembly. In particular, the low-frequency modes are strongly affected by the
stiffness of the rubber mounts, the stiffness of the mounting arms, the boundary condition
imposed by the bench, and the mass and inertia distribution of the powertrain. Therefore,
the discrepancies observed in the initial comparison were interpreted as an indication that

the support system and arm stiffness had to be checked and updated.

Initial EMA Frequency Initial EMA .
Romax i : Romax . Dominant
Mode frequency | difference | Interpretation . damping .
frequen [Hz] [%] damping [%] motion
cy[Hz] [%]
Romax too Translatio
1 26.2 22.79 +14.96% stiff for this 30.4 1.80 e
motion
2 28.2 26.17 +7.76% | nomaxslightly |0, 17g | |ranslatio
stiff nin X
3 31.1 33.17 —6.24%  nomaxslightly | 5 g 14¢ | 'ranslatio
flexible ninz
4 33.2 43.40 -23.50% Romax too 24.0 005 Rotation
flexible around Z
5 43.9 48.48 -9.45% Romax too 18.1 3.08 Rotation
flexible around X
6 58.9 81.45 ~27.69% | Homaxtoo 13.5 2.60 Rotation
flexible around Y

Table 7.6 : Initial EMA—Romax comparison before modification

The initial EMA-Romax comparison was performed using the manufacturer’s original

stiffness set. With this configuration, Romax identified six low-frequency vibration modes,
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as reported in Table 7.6. However, the frequency agreement with the experimental Testlab
results was not satisfactory. The first two numerical modes were higher than the
experimental values, while the higher low-frequency modes were generally lower than the
corresponding EMA modes. This showed that the model was not simply globally too stiff or
globally too flexible. Instead, the discrepancy depended on the direction and physical

nature of each mode.

The numerical dampingvalues reportedin the preliminary Romax comparison were not used
as the primary validation quantity. In this stage, the correlation focused mainly on natural
frequencies and mode shapes, because the objective was to validate the stiffness, mass,
and support representation of the numerical model. Damping was considered separately as
an experimental output and should not be overinterpreted unless the numerical damping

model is explicitly defined.

The initial comparison showed that the original stiffness set did not reproduce the
experimental low-frequency behaviour with sufficient accuracy. Therefore, the following
step was a directional support-stiffness modification, followed by a bearing-stiffness
correction when an additional rotor axial-shift mode appeared in the updated numerical

model.
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Figure 7.10 : Initial comparison of EMA and Romax mode 3
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7.11 Numerical model modification: support-arm, rubber-mount, and bearing

stiffness methodology

After the initial EMA-Romax comparison, the numerical model was modified to improve the
correlation with the experimental low-frequency modes. The modification focused first on
the stiffness representation of the powertrain support system. This was necessary because
the low-frequency rigid-body and mount-controlled modes are strongly affected by the
stiffness of the rubber mounts, the stiffness of the metallic support arms, and the way these

components are represented in Romax.

The purpose of the modification was not simply to force the numerical frequencies to match
the experimental ones. The objective was to obtain a model that better reproduced both the
frequency values and the deformation patterns observed during the EMA test. For this
reason, the updated Romax modes were later evaluated using MAC-based comparison with

the experimental mode shapes.

The initial Romax model used the manufacturer’s support-stiffness data. However, the
manufacturer stiffness values refer to the complete support system, not only to the rubber
mount. Each support is composed of a metallic arm and a rubber mount. Therefore, the
stiffness reported in the datasheet can be interpreted as the equivalent stiffness of two
springs in series: the stiffness of the steel arm and the stiffness of the rubber mount. The

stiffness relation is:

1 1 1
= +

ksupport karm kmount

where kgpportiS the stiffness of the complete support, k,pis the stiffness of the metallic

arm, and k,,,,untiS the stiffness of the rubber mount.

This distinction is important for the Romax model. If the steel arm is represented separately
in Romayx, then the stiffness assigned to the ground connection should represent mainly the
rubber mount, not the complete arm—mount system. Otherwise, the compliance of the arm

may be counted incorrectly. Therefore, this methodology was used to separate the arm
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stiffness from the rubber-mount stiffness before defining the support stiffnesses in Romax.
Inthis approach, the FE arm can be imported in Romax, connected to the housing with high-
rigidity dummy shafts, and then connected to ground through a dummy shaft with the

stiffness of the rubber mount.

The arm stiffness was calculated through finite element analysis. The workflow started from
the 2D drawing of the support arm, followed by 3D CAD modelling in SolidWorks, pre-
processing and mesh generation, solution in MSC Nastran, and post-processing of the
displacement results. The same methodology was applied to the long arm, short arm, and

reararm.

In the FE model, the arm was fixed at the four screw-hole locations. RBE2 elements were
used atthe centre of the four holes, and all six degrees of freedom were constrained in order
to reproduce the clamping condition. At the centre of the rubber-mount hole, an RBE3
element was introduced. This point was used to apply the external unit force. Three unit
forces were applied separately in the x, y, and zdirections because the datasheet provides

stiffness values in the three main directions.

For each direction, the solver provides the displacement at the reference point located at
the centre of the rubber mount. Since the applied force is equalto 1 N, the static stiffness of

the arm can be calculated directly as:

P 1
x_ux
f 1
y_uy
k_l
Z_uz

where u,, u,, and u, are the displacements calculated in the corresponding force direction.

After obtaining the arm stiffness, the rubber-mount stiffness was calculated from the series-

stiffness relation. This provided the rubber stiffness values that are more suitable for the
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Romax ground connections when the metallic arms are represented as structural
components. In other words, the support system was separated into two contributions: the

metallic arm stiffness and the rubber-mount stiffness.

The stiffness values obtained from this procedure were initially static values. However, the
Romax vibration model requires complex stiffness values. Therefore, the static rubber
stiffnesses were expressed in complex form by assuming hysteretic damping with a

constant loss factor and the corresponding magnitude was evaluated. Loss factor is:

n =012

The modulus of the complex stiffness was written as:

k™ = kstatic(l + ih)

and the corresponding magnitude was approximated as:

| k* 1= kstaticV 1 + h?

This procedure was applied to the rubber stiffnesses of the long arm, short arm, and rear
arm. The resulting complex stiffness values were then used as the physical basis for the

Romax support-stiffness modification.

The rotational stiffness of the ground connections was treated separately. Since the
rotational stiffness values were not specified in the available stiffness datasheets, they were
introduced as modelling assumptions. In the initial model, very low rotational stiffness
values were assighed in order to avoid imposing an artificially rigid rotational constraint at
the support locations. A value of (1000Nmm/rad) was therefore selected as the starting

point for the rotational support representation, before the subsequent tuning activity.
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Vehicle / Arm stiffness Complete Calculated rubber
Support Component [N/mm] support stiffness mount stiffness
Directions [N/mm] [N/mm]
Long arm, front right Xv / axial 8658.0 296 306.5
. Zv / radial 10062.4 683 732.7
Long arm, front right
ver
e T, e Yv / radial 189681.3 506 507.4
hor
Short arm, front left Xv / axial 30048.1 474 481.6
Short arm, front left Zv / radial 29446.4 1063 1102.8
vert
Yv / radial 345303.9 805 806.9
Short arm, front left
hor
Xv / radial 118259.2 805 810.5
Rear arm .
horizontal
Zv / radial 53304.9 1063 1084.6
Rear arm .
vertical
Rear arm Yv / axial 19353.6 474 485.9

Table 7.7 : Static arm and rubber-mount stiffness from FE-based methodology

The table shows that the metallic arms are significantly stiffer than the complete support

system. Therefore, the global support compliance is mainly governed by the rubber mount

rather than by the steel arm. This confirms that separating the rubber stiffness from the arm

stiffness is necessary when the arm is represented separately in Romax.

Support

Vehicle / component direction Rubber complex stiffness [N/mm]

Long arm, front right

Xv / axial 453
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Long arm, front right Yv / radial horizontal 692
Long arm, front right Zv / radial vertical 935
Short arm, front left Xv / axial 779
Short arm, front left Yv / radial horizontal 1284
Short arm, front left Zv / radial vertical 1779
Rear arm Xv / radial horizontal 1296
Rear arm Yv / axial 805
Rear arm Zv / radial vertical 1754

Table 7.8: Rubber complex stiffness values calculated for Romax

These values representthe rubber complex stiffnesses calculated after separating the steel-
arm stiffness from the complete support stiffness. They were used as the physical reference
for the support-stiffness update in Romax. However, the final values inserted in Romaxwere
not a simple uniform scaling of these stiffnesses. The final tuning was directional, because
the low-frequency modes involve coupled translations and rotations and each mode is

affected by a different combination of support directions.

For clarity, the original Romax support-stiffness values and the modified values used after

tuning are reported in the following tables.
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Support Axial Xv XradialZv | YradialYv Torsional X tilt Y tilt
stiffness stiffness stiffness stiffness stiffness stiffness
[N/mm] [N/mm] [N/mm] [Nmm/rad] [Nmm/rad] [Nmm/rad]
Long arm 455 945 694 1000 1000 1000
Short arm 781 3585 1792 1000 1000 1000
Rear arm 1294 1745 792 1000 1000 1000
Table 7.9: Original Romax support-stiffness values before modification
Support Axial Xv XradialZv | YradialYv Torsional X tilt Y tilt
stiffness stiffness stiffness stiffness stiffness stiffness
[N/mm] [N/mm] [N/mm] [Nmm/rad] [Nmm/rad] | [Nmm/rad]
Long arm 200 945 2200 1000 1000 1000
Shortarm 400 1285 2200 1000 1000 1000
Rear arm 1294 1745 792 (10"6) (1076) (10"6)
Table 7.10: Modified Romax support-stiffness values used after tuning

Support Stiffness component Original value Modified value Change

Long arm Axial stiffness [N/mm] 455 200 -56.0%

Long arm Xradial stiffness [N/mm] 945 945 0.0%

Long arm Y radial stiffness [N/mm] 694 2200 +217.0%

Long arm Torsional stiffness [Nmm/rad] 1000 1000 0.0%

Long arm Xtilt stiffness [Nmm/rad] 1000 1000 0.0%

Long arm Y tilt stiffness [Nmm/rad] 1000 1000 0.0%

Short arm Axial stiffness [N/mm)] 781 400 -48.8%

Short arm Xradial stiffness [N/mm] 3585 1285 -64.2%

Short arm Y radial stiffness [N/mm] 1792 2200 +22.8%

Short arm Torsional stiffness [Nmm/rad] 1000 1000 0.0%
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Short arm Xtilt stiffness [Nmm/rad] 1000 1000 0.0%

Short arm Y tilt stiffness [Nmm/rad] 1000 1000 0.0%
Rear arm Axial stiffness [N/mm] 1294 1294 0.0%
Rear arm Xradial stiffness [N/mm] 1745 1745 0.0%
Rear arm Y radial stiffness [N/mm] 792 792 0.0%
Rear arm Torsional stiffness [Nmm/rad] 1000 (1076) +10000%
Rear arm Xtilt stiffness [Nmm/rad] 1000 (1076) +10000%
Rear arm Y tilt stiffness [Nmm/rad] 1000 (1076) +10000%

Table 7.11: Change from original to modified Romax support stiffness

The comparison shows that the support update was directional. For the long arm, the axial
stiffness was reduced from 455 N/mm to 200 N/mm, while the Y radial stiffness was
increased from 694 N/mm to 2200 N/mm. For the short arm, the axial stiffness was reduced
from 781 N/mm to 400 N/mm, the X radial stiffness was reduced from 3585 N/mm to 1285
N/mm, and the Y radial stiffness was increased from 1792 N/mm to 2200 N/mm. For the rear
arm, the translational stiffnesses were kept unchanged, while the rotational stiffnesses

were increased from 1000 Nmm/rad to 1.0 X 10®Nmm/rad.

This confirms that the modification was not a global stiffness increase or decrease. The
changes were introduced component by component and direction by direction in order to
improve the low-frequency modal set. The increase of the rear rotational stiffness can be
interpreted as a constraint stiffening action, while the changes in the long and short arm

translational stiffnesses affect the mount-controlled translational and rotational modes.

The modification of the support stiffness improved the numerical frequency set, but the
updated Romax model identified seven low-frequency modes instead of the six modes
identified experimentally. According to the later model-checking activity, the additional

numerical mode was related to axial shifting of the rotor. This issue was notinterpreted as a
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mounting-arm stiffness problem. Instead, it was corrected separately by increasing the

rotor bearing stiffnesses.

Therefore, the final Romax model modification was performed in two main stages. First, the
support stiffness representation was updated using the arm-rubber separation
methodology described above. Second, the rotor bearing stiffnesses were increased to
control the additional axial rotor-shift mode. This distinction is important because the
support-stiffness update affects the global mount-controlled modes, while the bearing-

stiffness correction mainly affects an internal rotor-related mode.

Ste Mode.l. Stiffness set Result
o} condition
. - . Six numerical modes identified, but
Initial Romax Manufacturer/original stiffness .
1 frequency agreement with EMA was not
model values A
satisfactory
S t- . . e .
9 stLilfF;rr:Z;s Directional modification based on Frequency set improved, but seven
the arm-rubber stiffness separation | numerical modes appeared
update
Bgarmg- . . . Additional axial rotor-shift mode reduced
3 stiffness Rotor bearing stiffness increased
. or removed from the low-frequency set
correction
Final Six Romax modes selected and
. Modified support stiffness + compared with six EMA modes using
4 correlation . . . . .
increased bearing stiffness frequency, mode-shape interpretation,
model
and MAC

Table 7.12: Romax model-update sequence

The final stiffness set should therefore be interpreted as a tuned Romax input set based on
the physical arm-rubber separation methodology. The mechanical basis for distinguishing
the metallic arm stiffness from the rubber-mount stiffness are provided. The final Romax
inputvalues were then modified direction by direction during the correlation activity. For this
reason, the update is not described as a global increase or decrease of stiffness, but as a

directional support-stiffness modification combined with a bearing-stiffness correction.
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7.12 Eigenvector extraction and node mapping

To perform a quantitative comparison between EMA and Romax mode shapes, the
numerical eigenvectors were extracted at the same physical locations used in the
experimental test. The simulation-eigenvector file contains Romax eigenvectors at the
accelerometer-reference nodes 120, 210, and 305. These are the same locations used for

the low-frequency EMA reference measurements.

Two coordinate representations were prepared. The first one corresponds to the Romax
accelerometer reference. The second one corresponds to the EMA reference system. This
second representation is required because the experimental accelerometer axes did not
always coincide with the numerical axes. In the final MAC calculation, the eigenvectors was
compared in a common reference system; otherwise, the MAC values may be artificially

reduced or the wrong mode pairing may be selected.

Since three reference frames were involved in the correlation, the EMA reference frame was
selected as the common comparison frame. The relationship between the experimental
EMA frame, the vehicle frame, and the Romax frame was defined as Xgya = Yy, = Xromaxs
Yema = —Xo = Zromax» anNd Zgya = Z, = Yromax- Therefore, before computing the MAC
matrix, the Romax eigenvector components were reordered and sign-corrected according
to this transformation. This step was necessary to ensure that the EMA and Romax mode-

shape vectors described motion in the same physical directions.
For the rigid-body comparison, the translational DOFs used in the MAC calculation were:
[1204’ 2104’ 3054’ 120y’ 210y 305y 120, 210, 305,]

Rotational components were also extracted for the Romax eigenvectors, but the EMA
reference vector was based on translational accelerometer measurements. Therefore, the
main MAC calculation for the accelerometer-reference comparison was performed using

equivalent translational DOFs only.

149|Page



The experimental mode-shape vector was constructed from the measured acceleration
directions at the selected powertrain nodes. The numerical mode-shape vector was
obtained by extracting the Romax eigenvector components at the corresponding nodes and
directions. Then the spatial correspondence between the experimental Testlab geometry
and the Romax model was defined. The simulation-eigenvectors was then used to assemble

the numerical mode-shape matrix.

Before computing MAC, the coordinate systems were checked to ensure that the

experimental and numerical directions were consistent.

Data source Content Use in correlation

experimental frequencies, damping ratios, mode

Testlab EMA results
shapes

experimental reference

coordinates of all experimental / comparison

Node positions node mapping

nodes
Simulation . numerical mode-shape
. Romax eigenvectors at selected nodes
eigenvectors vectors
MATLAB MAC script Auto-MAC and Cross-MAC calculation mode-pair selection
Romax - EMA modified Romax mode-shape visualization visual confirmation

Table 7.13: Data used for EMA—Romax mode-shape correlation

DOF group Experimental source Numerical source Used in MAC?
120_X,120_Y, Accelerometer at long arm Romax eigenvector at Yes

120_7 g node 120

210X, 210.Y, Accelerometer at short arm Romax eigenvector at Yes

210_Z node 210

305X, 305.Y, Accelerometer at rear arm Romax eigenvector at Yes

305 Z node 305

Rotations ¢x, Not directly measured by Available in Romax No, not for translational
oy, ¢z accelerometers MAC

Table 7.14: DOFs used for the rigid-body MAC calculation

150|Page



7.13 MAC-based selection of the final Romax modes

After the modification of the arms and rubber stiffness in the Romax model, seven candidate
numerical modes were available in the low-frequency range. These corresponded to 7
Romax modes. However, the EMA procedure identified six relevant low-frequency modes. A
direct one-to-one correspondence could therefore not be assumed from the numerical

order alone.

The final selection of the Romax modes was performed using the Modal Assurance Criterion.
For each EMA mode, the MAC value was computed against the seven modified Romax
candidate modes. A high MAC value indicates that experimental and numerical mode
shapes have similar spatial deformation patterns. Alow MAC value indicates that the modes
are not physically equivalent, even if their frequencies are close. The six Romax modes
retained in the final comparison were those that showed the best combination of frequency

proximity, mode-shape similarity, and MAC value.

This procedure is important because, in a complex mounted assembly, mode order can
change after modifying stiffness parameters. A numerical mode may appear close in
frequency to an experimental one while representing a different physical motion. For this
reason, the final pairing was based primarily on mode-shape similarity and only secondary

on frequency order.

The final Romax modes were selected by considering the MAC matrix together with the
frequency comparison and the visual interpretation of the mode shapes. This combined
approach was necessary because frequency proximity alone can lead to incorrect mode
pairing in a complex assembly. In the final selection, six Romax modes were retained
because they showed the highest similarity to the six experimental modes. One of the seven
modified Romax candidate modes were excluded because it did not provide a sufficiently

good correspondence with the EMA mode set.

| (¢£MA- ¢Romax) |2

(¢L€MA ¢EMA) ((d)lgomax ¢Romax)

MAC (¢EMA: ¢Romax) =
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EMA mode | Romax M1 | RomaxM2 | Romax M3 | Romax M4 | Romax M5 | Romax M6 | Romax M7
EMA M1 0.811 0.000 0.243 0.003 0.183 0.043 0.009
EMA M2 0.041 0.713 0.061 0.008 0.008 0.001 0.049
EMA M3 0.015 0.000 0.012 0.897 0.001 0.000 0.048
EMA M4 0.076 0.033 0.113 0.000 0.034 0.002 0.000
EMA M5 0.078 0.003 0.039 0.002 0.005 0.752 0.017
EMA M6 0.009 0.008 0.001 0.000 0.000 0.001 0.960

Table 7.15 : Full MAC matrix between the six EMA low-frequency modes and the seven modified Romax candidate

modes
EMA mode | Romax M1 | RomaxM2 | Romax M4 | Romax M3 | RomaxM6é | Romax M7 | Romax M5
EMA M1 0.811 0.000 0.003 0.243 0.043 0.009 0.183
EMA M2 0.041 0.713 0.008 0.061 0.001 0.049 0.008
EMA M3 0.015 0.000 0.897 0.012 0.000 0.048 0.001
EMA M4 0.076 0.033 0.000 0.113 0.002 0.000 0.034
EMA M5 0.078 0.003 0.002 0.039 0.752 0.017 0.005
EMA M6 0.009 0.008 0.000 0.001 0.001 0.960 0.000

Table 7.16. Sorted MAC matrix after reordering the Romax candidate modes according to the best EMA-Romax

correspondence. Romax M5 does not provide the best match for any EMA mode.

EMA Selected Selected Selected Selected Selected Selected
mode Romax M1 Romax M2 Romax M4 Romax M3 Romax M6 Romax M7
II\E'II\"IIA 0.811 0.000 0.003 0.243 0.043 0.009

f:;A 0.041 0.713 0.008 0.061 0.001 0.049

E,::A 0.015 0.000 0.897 0.012 0.000 0.048
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EMA
M4

EMA
M5

EMA
M6

0.076 0.033
0.078 0.003
0.009 0.008

0.000 0.113
0.002 0.039
0.000 0.001

0.002 0.000
0.752 0.017
0.001 0.960

Table 7.17 . Final selected MAC matrix after excluding the unmatched Romax candidate mode 5. The diagonal values

EMA

represent the final EMA—Romax mode pairing used for the low-frequency correlation.

Selected Romax

MAC

Correlation

mode mode value quality Comment

EMA M1 Romax M1 0.811 Good Strong similarity; accepted match

EMAM2  Romax M2 0.713 Acceptable /good | C'car bestmatch, butlower than M1
and M3

EMA M3 Romax M4 0.897 Good Strong similarity; accepted match

EMAM4 | Romax M3 0.113 Poor /uncertain | \ oAk correlation; requires
discussion

EMA M5 Romax M6 0.752 Acceptable / good SIlAegr match with moderate-high

EMA M6 Romax M7 0.960 Excellent Best-correlated mode

Table 7.18 : Final MAC-based selection of the six Romax modes used for comparison with the six EMA low-frequency

modes.

The full MAC matrix shows that six Romax modes were selected from the seven modified

Romax candidate modes. The selected numerical modes were Romax M1, M2, M4, M3, M6,

and M7. Romax M5 was not retained because it did not provide the highest MAC value for

any of the six experimental modes.

The strongest correlation was obtained for EMA M6 and Romax M7, with a MAC value of

0.960. Good correlation was also obtained for EMA M3 with Romax M4 and EMA M1 with

Romax M1. EMA M2 and EMA M5 showed acceptable correlation with Romax M2 and Romax

M6, respectively.
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EMA M4 showed a low maximum MAC value of 0.113, even after sorting the Romax
candidate modes. This indicates that the fourth experimental mode is not well represented
by the available translational Romax eigenvectors. The low value may be caused by limited
spatial resolution, missing rotational information, coordinate-system mismatch, or the
presence of a local bending component that is not captured adequately by the selected
accelerometer-reference DOFs. Therefore, EMA M4 should be treated as an uncertain mode

pair and discussed separately rather than presented as a fully validated match.

7.14 Final low-frequency EMA-Romax correlation

The final low-frequency correlation was obtained after selecting the six Romax modes that
best matched the six experimental modes. The correlation was evaluated using three

criteria: frequency error, MAC value, and physical interpretation of the mode shape.
The frequency error was computed as:

fRomax - fEMA

Error[%] = 100
fema

A good correlation requires not only a small frequency error, but also a physically consistent
mode shape. For this reason, a mode pair was considered reliable only when the
deformation pattern observed in Romax was compatible with the experimental mode shape

and the MAC value was sufficiently high.

The final comparison confirmed which low-frequency modes were correctly represented by
the updated numerical model and which modes still showed discrepancies. Modes with
good MAC but frequency error may indicate that the physical deformation pattern is
correctly captured but the stiffness or mass level still requires updating. Modes with low
MAC indicate a more fundamental mismatch in the mode shape, possibly due to incorrect
mode pairing, insufficient spatial resolution, coordinate-system mismatch, or missing

flexibility in the numerical model.
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EMA EMA EMA Selected Romax Frequenc
mod | frequency | damping & Romax frequency | yerror MAC Final interpretation
e [Hz] [%] mode [Hz] [%]
1 22.79 1.80 Romax M1 | 20.2 -11.36 0.g17  |ranslationin¥: good
shape correlation
Translation in X:
2 26.17 1.78 Romax M2 | 25.0 -4.47 0.713 | acceptable/good
correlation
3 33.17 1.46 Romax M4 | 36.0 +8.53 0.897 |ranslationinZ:good
correlation
Rotation around Z:
4 43.40 2.05 RomaxM3 | 29.3 -32.49 0.113 poor MAC, uncertain
match
Rotation around X:
5 48.48 3.08 Romax M6 | 52.5 +8.29 0.752 | acceptable/good
correlation
6 81.45 2.60 Romax M7 | 82.6 +1.41 0.960 | Hotation around Y:

excellent correlation

Table 7.19 : Final EMA-Romax low-frequency correlation after model modification

The final correlation shows good agreement for most of the low-frequency modes. The

strongest correlation is obtained for EMA mode 6 and Romax M7, with a MAC value of 0.960

and a frequency error of only +1.41%. EMA modes 1, 2, 3, and 5 also show acceptable to

good mode-shape correlation. EMA mode 4 remains uncertain because its MAC value is only

0.113 and its frequency error is large. Therefore, this mode should not be considered fully

validated and requires further investigation, possibly through additional measurement

points, verification of coordinate signs, or inclusion of rotational/flexible DOFs in the

comparison.
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7.15 Discussion of residual discrepancies

Although the modification of the numerical model improved the physical correspondence
between EMA and Romax, some discrepancies may remain. These discrepancies must be
interpreted by considering both the experimental Llimitations and the modelling

assumptions.

It was recently discovered an error in the datasheet, where some stiffness directions were
swapped. This is likely the main reason for the discrepancies observed in the original model

and explains why a modification of the initial stiffness values was necessary.

One possible source of discrepancy is the rubber mount stiffness. The low-frequency
behaviour of the powertrain is strongly governed by the mount stiffness in the main
directions. If the rubber stiffness used in Romax does not correspond to the complex
stiffness of the real mounts under the tested preload and frequency range, the predicted

rigid-body frequencies will shift.

A second source of discrepancy is mount directionality. Rubber mounts do not generally
have the same stiffness in all directions. Incorrect orientation or simplified stiffness
representation can modify the coupling between translation and rotation of the powertrain

assembly.

Athird source is the stiffness of the mounting arms and bolted connections. Even in the low-
frequency range, the arms may not behave as perfectly rigid links. If their flexibility is
underestimated or overestimated, the bending and torsional mount-controlled modes may

not match the experiment.

Afourth source isthe boundary condition of the testbench. The bench is designed to be stiff,
but it is not an ideal rigid ground. The steel frame, mounting plate, bolted interfaces, and
rubber floor isolation can introduce additional compliance that may not be included in the

numerical model.
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Finally, the experimental mode-shape resolution is limited by the number and location of
measurement points. If a mode has local deformation in an area that is not measured, its
experimental mode shape may be incomplete. This can reduce the MAC value even when

the global motion is physically similar.

7.16 Conclusions of the rigid-body identification chapter

This chapter presented the low-frequency rigid-body and mount-controlled identification of
the electric powertrain. Six experimental modes were identified by EMA and classified
according to their dominant motion: translation in Y, translation in X, translationin Z, and 3

rotations around Z, X, Y.

An initial comparison with the Romax model was first performed before modifying the
simulation parameters. This comparison showed that the numerical model reproduced the
general type of low-frequency motions, but the correlation was not sufficient to directly
validate the model. Therefore, the numerical model was modified by considering physically

meaningful parameters, mainly related to rubber stiffness and mounting-arm stiffness.

After modification, seven Romax candidate modes were available in the low-frequency
range. Since the EMA identified six modes, a MAC-based selection was performed to choose
the six numerical modes most similar to the experimental ones. The final correlation was
therefore based on frequency comparison, visual mode-shape comparison, and MAC

values, rather than on mode order alone.

The results of this chapter provide the basis for the next part of the thesis, where the analysis
is extended from low-frequency mount-controlled behaviour to the structural modes of the

long arm and bulk powertrain.
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8 Long Arm and Bulk Powertrain Structural Modes

8.1 Purpose of the structural-mode study

After the low-frequency rigid-body and mount-controlled behaviour was characterized, the
analysis was extended to the higher-frequency structural modes of the powertrain
assembly. In this range, the response is ho longer governed only by the global motion of the
powertrain on its rubber mounts. Instead, deformation of the mounting arms, brackets,

bolted interfaces, housing, and local structural features become significant.

Long arm is particularly important because it represents one of the main structural paths
between the powertrain body and the support system. Its bending stiffness, torsional
stiffness, thickness, bolted connections, and boundary conditions can strongly influence
the modal behaviour of the complete assembly. For this reason, the long-arm modes and
their correlation with the Romax model are central to the structural validation stage of the

thesis.

The purpose of this chapter is therefore to identify the experimental structural modes of the
powertrain, compare them with the corresponding numerical modes, and evaluate whether
discrepancies are related to local flexibility of the long arm or to more global modelling
assumptions. This chapter is separated from the rigid-body chapter because the physical
mechanisms are different: Chapter 7 focused mainly on rubber-mount and global inertia

effects, while this chapter focuses on structural flexibility.
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Figure 8.1 : powertrain experimental setup- Long Arm study

8.2 Extended measurement geometry for structural-mode analysis

For the structural-mode analysis, the experimental geometry was extended beyond the
three accelerometer-reference nodes used in the rigid-body comparison. The objective was
to improve the spatial description of the long arm, short arm, rear arm, and powertrain body
so that local deformation patterns could be visualized and compared with the numerical

mode shapes.

The extended geometry consisted of 21 nodes distributed over the main structural regions
of interest. Several nodes were placed on different faces of the long arm to make bending
and torsional deformation visible. Additional nodes were included on the powertrain body

to represent the global deformation of the assembly. This 21-node layout is therefore used
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in the structural-mode chapter, while the rigid-body chapter used only the accelerometer-

reference DOFs at nodes 120, 210, and 305 for MAC comparison.

Although some nodes, such as 120, 210, and 305, appear in both chapters, their role is
different. In Chapter 7, they were used as reference response coordinates for low-frequency
EMA-Romax correlation. In the present chapter, they are part of a larger geometry used to

interpret structural deformation of the mounting arms and powertrain body.

Figure 8.2: Additional nodes for structural-mode analysis showed with red dots

Node x[m] | y[m] z[m] Position

10 0.039 0.014 0.078 Long arm mount

105 0.100 | 0.004 0.050 Long arm horizontal face
110 0.150 | 0.004 0.050 Long arm horizontal face
115 0.200 | 0.004 0.050 Long arm horizontal face
120 0.250 | 0.004 0.050 Long arm horizontal face
125 0.100 | 0.0249 0.0022 Long arm right face

130 0.150 | 0.0249 0.0022 Long arm right face

135 0.200 | 0.0249 0.0022 Long arm right face
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145 0.100 6.0249 0.0022 | Longarm left face

150 0.150 ;)_0249 0.0022 | Longarm left face

155 0.200 6.0249 0.0022 | Longarm left face

210 ;).600 0.004 0.050 Short arm horizontal face
305 6.425 -0.550 0.067 Rear arm horizontal face
40 ;).290 -0.041 | 0.122 | Powertrain body

41 6.339 -0.269 0.136 Powertrain body

42 ;). 417 | 0270 | 0.149 | Powertrain body

43 ;)_ 407 0-108 1 0.025 | Powertrain body

a4 6.289 0.111 | -0.025 | Powertrain body

45 ;).157 0.137 0.013 Powertrain body

46 E). 75 | "0-108 | 0.042 | Powertrain body

47 ;).264 -0.319 | 0.015 | Powertrain body

Table 8.1: Extended 21-node geometry for structural-mode analysis
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8.3 Acquisition settings and hammer-tip selection

The long-arm structural test was configured to cover a higher frequency range than the low-
frequency rigid-body analysis. For this reason, the acquisition bandwidth was set to 3200
Hz. This value was selected because the structural modes of the long arm and powertrain
body were expected to occur at significantly higher frequencies than the mount-controlled

modes discussed in Chapter 7.

The number of spectral lines was set to 4096, giving a frequency resolution of 0.78 Hz and
an acquisition time of 1.28 s. This configuration provided a suitable compromise between
frequency resolution and acquisition duration. The resolution was sufficiently fine to identify
the main structural resonances, while the acquisition time was appropriate for an impact-

based test in the selected bandwidth.

The input signal was processed using a force-exponential window with a cutoff of 0.4%,
while the response signal was processed using an exponential window with 100% decay.
These windows were used to reduce leakage effects after the impact and to improve the

quality of the frequency-domain FRFs.

The FRF estimator was set to H1, which is commonly used in impact testing when the input
force is considered cleaner than the measured response and the response may contain
noise. The measurement was performed using three averages with explicit accept, meaning

that each impact was checked before being accepted into the averaged FRF.

A roving-hammer strategy was used. The accelerometers remained fixed at selected
response locations, while the hammer was moved between the selected excitation points.
This strategy avoided changing the sensor mass distribution during the test and allowed

several input coordinates to be measured efficiently.

A metal hammer tip was selected for this test. This choice was made because the objective
was to excite the higher-frequency structural modes of the long arm and powertrain body.

Compared with softer tips, the metal tip produces a shorter contact duration and therefore
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provides higher-frequency excitation content. This made it more suitable for the long-arm

structural-mode study, where the target was not limited to low-frequency rigid-body motion.

Parameter Value Reason

Bandwidth 3200 Hz covers the higher-frequency structural-mode range
Spectral lines 4096 provides detailed frequency discretization
Frequency resolution | 0.78 Hz sufficient for structural resonance identification
Acquisition time 1.28s suitable for impact testing in the selected bandwidth

Input window

Input cutoff
Response window
Response decay
FRF estimator
Number of averages
Averaging mode
Increment strategy

Hammer tip

Force-exponential
0.4%

Exponential

100%

H1

3

Explicit accept
Roving hammer

Metal tip

reduces leakage after hammer impact

limits the force window after the impulse

improves decay of measured response

applied to the response signal

suitable when response noise is expected

improves repeatability

allows manual rejection of poor impacts

keeps accelerometers fixed and moves excitation point

increases high-frequency excitation bandwidth

Table 8.2: Acquisition settings for the long-arm structural test

8.4 Data-quality checks: PSD, coherence, and measurement acceptance

During the long-arm experiment, the quality of the measured data was checked before

accepting the FRFs for modal identification. This step was necessary because impact

testingis sensitive to double hits, insufficientinput force, overloads, local disturbances, and

poor signal-to-noise ratio. The main quality indicators used during the experiment were the

input force signal, response signal, input PSD, response PSD, instantaneous FRF, averaged

FRF, coherence, and input level indicators.

164 |Page



Before the measurement, the bandwidth check in Testlab was used to verify that the
hammer input provided enough energy over the selected frequency range. The PSD of the
hammer force was inspected to ensure that the force spectrum remained useful over most
of the 3200 Hz bandwidth. This check was especially important because the long-arm test
was focused on structural modes, which occur at higher frequencies than the rigid-body and

mount-controlled modes discussed in Chapter 7.

The input spectrum was used to verify the useful excitation bandwidth of the hammer
impact. During the test, a practical -6 dB criterion was applied as suggested during the
experimental activity. The reference level was taken from the low-frequency part of the force
spectrum, where the hammer input had its highest and most stable energy content. A-6 dB
drop corresponds approximately to a reduction of the force amplitude to 50% of its

reference level:

F
re

F
F ref

=107%/20 ~ 0.50

Therefore, the frequency at which the force spectrum drops by 6 dB was used as an estimate
of the upper limit of useful excitation energy. This check was not used for damping
estimation; it was used only to verify whether the hammer impact supplied enough input

energy over the identification range.

In the example shown in Figure 8.4, the maximum low-frequency PSD level is approximately

-25.78 dB. The —6 dB reference level is therefore:

—25.78—-6 = —-31.78 dB

The intersection between this horizontal level and the force PSD curve occurs at
approximately 2958.78 Hz. This value is close to the selected 3200 Hz bandwidth, indicating
that the metal hammer tip provided sufficient excitation energy over most of the selected

structural-mode frequency range.
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The -6 dB bandwidth check was not used alone. It was combined with the coherence check.
The useful bandwidth measurement was considered valid only where the input force still
contained sufficient energy and the input-output consistency remained high. In practice,
coherence values higher than approximately 0.9 were desired over the identification range.
The coherence display zoomed between 0.7 and 1.0 to inspect this high-coherence region
more clearly. Local coherence drops near antiresonances were interpreted with caution,
because the response magnitude is very small in those regions and the signal-to-noise ratio

naturally decreases.

During the measurement phase, Testlab displayed several plots simultaneously. The input
time signal was checked to verify that the hammer impact had the correct pulse shape and
did not contain a double hit. The response time signal was checked to confirm that the
accelerometers measured a clear vibration response. The input PSD and response PSD
were monitored to verify that the excitation and response contained sufficient frequency
content. The instantaneous FRF was used to check the immediate result of each impact,
while the averaged FRF and coherence were used to assess the quality of the accepted

measurements.

In the long-arm structural test, the time response was checked together with the PSD, FRF,
coherence, and input-level indicators. Compared with the low-frequency rigid-body test,
the response contains higher-frequency content and decays over a shorter time interval.
This behaviour is consistent with the use of a metal hammer tip and the higher acquisition

bandwidth selected for the structural-mode analysis.

In general, coherence values close to 1 indicate a reliable linear relationship between the
hammerinput and the measured acceleration response. However, local dropsin coherence
were not automatically considered measurement errors. In several cases, coherence drops
occurred near antiresonance regions, where the FRF magnitude becomes very smalland the
signal-to-noise ratio decreases. Therefore, coherence was interpreted together with the FRF

magnitude and phase, rather than used alone as a rejection criterion.
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The input-levelindicators were also checked during the test. The channels were expected to
remain in the green region, indicating that the signal level was suitable and that no overload
occurred. Measurements were rejected and repeated when abnormal PSD behaviour,
double impact, overload, poorinput level, or poor coherence outside antiresonance regions

was observed.
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Check

Purpose

Acceptance logic

Input force pulse

Response time
signal

Input PSD / force
spectrum

-6 dB force
bandwidth

Response PSD

Instantaneous FRF

Averaged FRF

Coherence

Input level
indicators

Measurement
status

Detect double impacts or poor
hammer strikes

Verify that the structure responded
clearly

Verify hammer excitation bandwidth

Estimate where force amplitude
drops to about 50% of its low-
frequency level

Verify response frequency content
Check each individual impact

Evaluate repeatability after
accepted impacts

Verify input-output consistency

Avoid overload or weak signals

Verify acquisition condition

Accept only single, clean impacts

Reject if response is weak or disturbed

Accept if the input force remains sufficiently
high over the identification range

Useful bandwidth should cover most of the
structural-mode range

Accept if structural response is visible

Reject if the FRF is abnormal

Accept if peaks are stable and repeatable

Coherence should remain high, preferably
above 0.9, except local drops near
antiresonances

Channels should remain in the green range

Accept only when no overload or double-
impactissue is present

Table 8.3: Data-quality criteria used during the long-arm structural test

These quality checks ensured that the structural-mode identification was based on reliable
FRFs. The combination of PSD bandwidth verification, coherence monitoring, explicit
impact acceptance, and reduced the risk of

input-level control including poor

measurements in the final averaged FRF dataset.

8.5 FREF validation for the structural-mode range

After the data-quality checks, the identified modal model was validated by comparing the
experimental FRFs with the synthesized FRFs generated from the identified modal
parameters.

This comparison was performed for several Z-direction input-output

combinations among nodes 10, 110, and 120 on the long arm.

169 |Page



The purpose of this comparison was to verify whether the selected structural modes were
able to reproduce the measured dynamic behaviour. The synthesized FRFs are not expected
to match every local irregularity of the experimental curves because the experimental data
include noise, local effects, residual contributions, and high-frequency effects not fully
captured by the selected modal set. However, the synthesized FRFs should reproduce the

main resonance regions and the global trend of the measured FRFs.

Representative comparisons show satisfactory agreementin the main structural resonance
regions. This confirms that the identified modal parameters are suitable for mode-shape
interpretation and for the subsequent EMA-Romax comparison. The full set of FRF
comparisonsis reported in the appendix, while only representative cases are included in the

main chapter.
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Figure 8.8: Experimental and synthesized FRF comparison for 1102 / 110Z
Figure Response node / direction | Excitation node / direction | Purpose
Fig. 8.6 1207 1207 collocated \{alldatlon atthe long-
arm end region
Fig. 8.7 120Z 110z cross-FRF along the long arm
Fig. 8.8 1102 1102 collocated validation at an

intermediate long-arm point

Table 8.4: Representative FRF comparisons used for structural-mode validation

Overall, the FRF comparisons confirm that the synthesized FRFs reproduce the dominant

structural resonance regions of the long arm. This supports the reliability of the modal
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parameters used in the structural-mode analysis. The remaining discrepancies are
attributed to measurement noise, residual modal contributions, local flexibility not fully
represented by the selected modes, and the complexity of the assembled powertrain

structure.

8.6 Experimental structural modal results

The structural modal identification was performed in Testlab using the measured FRF
dataset. The stabilization diagram was used to select stable poles, and the final mode list
was accepted only after checking the corresponding damping values, FRF contribution, and

mode-shape plausibility.

Eleven experimental modes were identified in the structural-mode range. These modes
represent a combination of long-arm deformation, powertrain-body motion, and coupled
motion between the mounting arms and the main assembly. The first four identified
structural modes were observed at 250 Hz, 355 Hz, 482 Hz, and 573 Hz. The complete

preliminary frequency comparison with Romax is reported in Table 8.5.

The mode shapes were extracted from Testlab and compared with the corresponding Romax
mode shapes. This comparison is necessary because the structural modes cannot be
validated by frequency alone. Similar frequencies do not necessarily imply similar

deformation patterns, especially in a complex assembled structure such as the electric

powertrain.
Mode number EMA frequency [Hz] Romax frequency [Hz] Frequency error [%]
1 250 151 -39.60
2 355 260 -26.76
3 482 392 -18.67
4 573 408 -28.80
5 873 509 -41.70

172|Page



6 1306 597 -54.29

7 1485 628 -57.71
8 1757 793 -54.87
9 2046 846 -58.65
10 2155 874 -59.44
1 2535 925 -63.51
12 : 990

Table 8.5: Preliminary EMA—Romax frequency comparison for structural modes

8.6.1 Experimental modal damping analysis

The damping trend of the long-arm structural modes was also evaluated using a Rayleigh
damping representation. This plot was used to check whether the experimentally identified
damping ratios followed a reasonable frequency-dependent trend in the structural-mode

range.

Compared with the low-frequency rigid-body modes, the long-arm structural modes involve
more local deformation of the arm, mounting interfaces, and powertrain body. For this
reason, the Rayleigh damping curve should be interpreted as an approximate global
damping representation, not as a complete physical damping model of all local dissipation
mechanisms. The plot is useful mainly to identify the overall damping trend and to detect

possible outlier modes with unusually high or inconsistent damping.
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The preliminary comparison shows that the Romax model predicts the structural modes at
lower frequencies than the experimental results. This indicates that the numerical model
may be globally or locally more flexible than the tested structure. However, this conclusion
must be treated carefully because modes should not be paired only by order. A reliable
correlation requires visual mode-shape comparison and, when possible, MAC-based
validation. The current draft already notes that the table is preliminary and that mode pairing

cannot be based on frequency order alone.

8.7 EMA-Romax mode-shape comparison

The experimental mode shapes extracted from Testlab were compared with the
corresponding Romax mode shapes. The purpose of this comparison was to determine
whether the numerical model reproduced the same physicaldeformation patterns observed

experimentally.

The comparison was performed by considering both frequency proximity and visual
similarity of the animated mode shapes. In the long-arm structural range, visual comparison
is especially important because several modes may involve coupled deformation of the long
arm, short arm, rear arm, and powertrain body. Therefore, mode order alone was not

considered sufficient for validation.

Representative EMA-Romax mode-shape comparisons are included for the first
experimental structural mode at 250 Hz compared with the Romax mode at 151 Hz, and the
second experimental mode at 355 Hz compared with the Romax mode at 260 Hz. The

remaining mode-shape images are placed in the appendix.
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Figure 8.9: EMA mode at 250 Hz versus Romax mode at 151 Hz

Figure 8.10: EMA mode at 355 Hz versus Romax mode at 260 Hz

8.8 Long-arm thickness sensitivity in Romax and SolidWorks

A long-arm thickness sensitivity study was performed to investigate whether the stiffness of
the long arm could explain part of the discrepancy between the experimental and numerical
structural modes. Since natural frequencies depend on the ratio between stiffness and
mass, changing the thickness of the long-arm plate modifies the bending and torsional
stiffness and therefore shifts the modal frequencies.
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The thickness effect was studied in both Romax and SolidWorks, but with different
modelling assumptions. In SolidWorks, the long arm was isolated from the powertrain and
treated as an independent cantilever-like component. The fixed boundary condition was
applied at the screw-hole region, because these holes represent the connection points
between the long arm and the rest of the assembly. This simplified model was useful for

understanding the local stiffness effect of the long arm itself.

In Romax, the long arm was not isolated. It was part of the complete powertrain assembly,
so the boundary condition was not equivalent to a fixed cantilever end. The whole assembly
can move, and the long arm interacts with the powertrain body, mounts, and other structural
components. Therefore, the frequency change caused by modifying the long-arm thickness

in Romax represents the effect of thickness variation within the full assembled system.

The comparison between the SolidWorks and Romax thickness studies is important
because it shows the difference between local component behaviour and assembled-
system behaviour. In SolidWorks, the thickness change mainly affects the isolated bending
and torsional stiffness of the arm. In Romax, the same change affects the coupled modes of
the complete powertrain. Therefore, the two models are not expected to give identical
frequency shifts, but together they help interpret whether the long arm is a dominant

contributor to the structural-mode discrepancy.

Aspect SolidWorks model Romax model
Modelled structure | isolated long arm complete powertrain assembly
Boundary condition | fixed at screw-hole region coupled to full assembly and mounts

. luat bled-system f
Main purpose evaluate local arm stiffness effect z\rii‘tua © assembied-system frequency
Physical cantilever-like simplification coupled structural dynamics

assumption

local bending/torsion frequency

change global/coupled mode frequency change

Expected result

Table 8.6: Difference between SolidWorks and Romax thickness studies
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In addition to the full-system Romax analysis, a simplified modal study of the long arm was
carried out in SolidWorks in order to investigate the influence of plate thickness on the
natural frequencies of the component. In this simplified approach, the long arm was treated
as an isolated cantilever-like structure, so that the local structural sensitivity to thickness

variation could be studied separately from the global powertrain dynamics.

The SolidWorks model was created using the long-arm geometry shown in Figure 8.11. The
component consists of a flange plate, a tubular body, and reinforcing ribs connecting the
flange to the cylindrical section. Compared with the Romax model, this simplified model
does not represent the interaction with the complete powertrain assembly. Its purpose is
therefore not to reproduce the full experimental behaviour, but rather to provide a local
structural interpretation of how thickness variation affects the complex stiffness of the long

arm.

Forthe boundary conditions, the long arm was assumed to be fixed at the flange attachment
region. More specifically, the fixed boundary condition was applied at the four bolt holes
used for the screw connection, as shown in Figure 8.12. This choice was made to represent
the constraintintroduced by the mounting interface in a simplified but physically meaningful
way. In this respect, the SolidWorks model differs from the Romax model. In Romax, the long
arm is part of the complete powertrain system, and the entire assembly is free to move
according to the mount and structural dynamics. Therefore, in Romax the long arm is not
fixed as an isolated component, whereas in SolidWorks the fixed-hole condition was

intentionally introduced to obtain a cantilever-type approximation.

The material of the SolidWorks model was defined as linear elastic isotropic steel. The main
material properties used in the model were an elastic modulus of 210000 N/mm?, a
Poisson’s ratio of 0.3, and a mass density of 7850 kg/m3. These values were considered
sufficient for a first-order structural sensitivity study focused on the variation of natural

frequencies with thickness.

The finite element discretization was performed using a solid mesh, as shown in Figure 8.13.
A blended curvature-based mesh was adopted in order to capture the geometry of the
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tubular section, ribs, and flange with sufficient accuracy. In particular, a maximum element
size of 8 mm and a minimum element size of 2.66664 mm were used. The final mesh
contained 4761 nodes and 13921 elements. The mesh quality was considered acceptable
for this preliminary modal study, with 86.8% of the elements having an aspect ratio smaller
than 3 and no elements with an aspect ratio greater than 10. After defining the geometry,
material, boundary conditions, and mesh, a modal analysis was performed. The first modes

predicted by the simplified SolidWorks model are illustrated in table 8.7.

The results of this SolidWorks study were then compared with the Romax thickness-
sensitivity trend. The comparison is useful because it highlights the difference between a
local isolated-component model and a full-system model. In SolidWorks, the frequency
variation is mainly driven by the local stiffness and mass distribution of the long arm itself,
whereas in Romax the same variation is influenced by the coupling with the surrounding

powertrain structure and by the global system dynamics.

Figure 8.11: Geometry of the isolated long arm used in SolidWorks modal study.
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Figure 8.12: Fixed boundary condition applied at the four flange bolt holes in the SolidWorks model.

Figure 8.13: Finite element mesh of the simplified SolidWorks long-arm model.
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Mode/Width 5mm (Nom.) 4mm (-10%) 3mm (-20%) 6mm (+10%) 7mm (+20%)

1 500.74 Hz 454.36 Hz 413.93 Hz 542.73 Hz 574.05 Hz

2 545.03 Hz 488.10 Hz 441.04 Hz 591.44 Hz 627.06 Hz

3 2055.6 Hz 1851.4 Hz 1723.3 Hz 21171 Hz 2167.9 Hz

4 2096.8 Hz 1992.2 Hz 1872 Hz 2257.2Hz 2352.4 Hz

5 2130.0 Hz 1997 Hz 1911.6 Hz 2379.8 Hz 2588.7 Hz
Table 8.7: Isolated long-arm thickness modification in SolidWorks

Mode / Width 5mm (NOM.) 7mm (+20%)

9 (Long Arm 1st) 150.9 Hz 155.7 Hz

10 (Long Arm 2nd) 155.2 Hz 160.3 Hz

Table 8.8: Long-arm thickness modification in Romax for 5mm and 7 mm respectively

8.9 Discussion

The long-arm structural analysis shows that the discrepancy between EMA and Romax
cannot be interpreted only through frequency values. The experimentaland numerical mode
shapes must also be compared because the same frequency range may contain different
deformation patterns. The FRF validation confirmed that the experimental modal model
reproduces the main measured dynamic behaviour. The PSD and coherence checks also
supported the quality of the measured dataset. Therefore, the observed EMA-Romax
discrepancies are more likely related to modelling assumptions than to poor experimental

data.

The long-arm thickness sensitivity suggests that the stiffness of the long arm does not have
a visible effect on the predicted structural frequencies. However, the effect depends
strongly on the modelling boundary condition. In the isolated SolidWorks model, the arm

behaves similarly to a cantilever beam fixed at the screw-hole region. In Romax, the long arm
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is part of the complete powertrain assembly, and its deformation is coupled with the rest of

the system.

This means that the long arm cannot be updated only as an isolated component without
considering the assembled boundary conditions. A physically meaningful model update
should consider the long-arm thickness or stiffness together with bolted-joint stiffness,

mount stiffness, mass distribution, and the compliance of the powertrain support system.
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9 Conclusions and Future Work

9.1 Conclusions

This thesis developed and applied a roving-hammer Experimental Modal Analysis workflow
for the modal characterization and numerical validation of an electric powertrain. The
objective was to obtain reliable experimental modal data and use it to evaluate and improve
the correlation of the Romax numerical model, especially for the low-frequency mount-

controlled behaviour and the higher-frequency structural response.

The workflow was first verified on a cantilever beam. This preliminary test allowed the
complete measurement and post-processing procedure to be checked on a simple
structure before applyingitto the powertrain. The beam study confirmed the reliability of the
roving-hammer acquisition, FRF estimation, PolyMAX modal identification, FRF synthesis,
reciprocity verification, frequency comparison, and MAC-based validation. It also showed
the importance of practical experimental effects such as accelerometer mass loading, finite
clamp stiffness, and fixture compliance. After model updating, the beam average frequency
error was reduced from 9.60%to 2.11%, confirming that physically meaningful parameter

adjustment can improve experimental-numerical correlation.

The validated workflow was then applied to the electric powertrain. In the low-frequency
range, six experimental modes were identified between 22.79 Hzand 81.45 Hz. These modes
represented the main rigid-body and mount-controlled translations and rotations of the
assembly. The initial comparison with Romax showed that the discrepancy was not caused
by a simple global stiffness error; instead, the differences were direction-dependent and

related to the representation of the support system.

Forthisreason, the Romax model was updated through a physically based support-stiffness
methodology. The metallic mounting arms and rubber mounts were treated as stiffnesses
in series, and the calculated rubber stiffness values were converted into complex stiffness
values using a hysteretic loss factor. The final update also included a bearing-stiffness

correction to reduce the influence of an additional axial rotor-shift mode. The updated

183 |Page



model gave a better correlation for several low-frequency modes. The best agreement was
obtained for EMA mode 6 and Romax M7, with MAC = 0.960and a frequency error of
+1.41%. EMA mode 3 also showed strong correlation with MAC = 0.897. However, EMA
mode 4 remained weakly correlated, showing that some rotational or coupled behaviour still

requires further modelling improvement.

The thesis also investigated the higher-frequency structural behaviour of the long arm and
the bulk powertrain. In this range, eleven experimental modes were identified between
approximately 250 Hzand 2535 Hz. The preliminary comparison showed that Romax
generally predicted the structural modes at lower frequencies than the experiment. This
indicates that the structural-frequency range is more sensitive to local flexibility, bolted

interfaces, assembled boundary conditions, and long-arm modelling assumptions.

Overall, the thesis achieved its main objective by establishing a complete experimental-
numerical validation procedure for an electric powertrain. The results show that reliable
validation cannot be based only on frequency comparison. FRF quality, coherence,
synthesized FRF agreement, reciprocity, mode-shape visualization, MAC values, and
physicalinterpretation mustbe considered together. The final outcome is a repeatable EMA-
based methodology that can support future Romax model refinement and electric

powertrain NVH development.

9.4 Future work

Future work should focus on improving the spatial resolution of the experimental mode
shapes by increasing the number of accelerometers and measuring points. This would allow
local deformation, rotational behaviour, and coupled modes to be identified more
accurately, especially in the powertrain housing and support regions. The experimental
campaign could also be extended to investigate the local structural modes of the short arm

and rear arm, and also complete the long arm analysis.
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9.5 Final remark

The thesis confirms that roving-hammer EMA is a powerful tool for validating the modal
behaviour of an assembled electric powertrain. The method provides direct experimental
information about natural frequencies, damping ratios, FRFs, and mode shapes. When
combined with MATLAB post-processing and MAC-based comparison, it becomes an

effective framework for evaluating and improving numerical models such as Romax.

The final low-frequency results show that the updated Romax model captures several
important mount-controlled modes with acceptable or good correlation, while the
remaining discrepancies identify where future modelling improvements should focus. The
structural-mode study further shows that higher-frequency discrepancies require careful
interpretation of local flexibility and assembled boundary conditions. Therefore, the main
outcome of the work is not only a set of experimental modal results, but a complete
validation methodology that can support future electric powertrain model refinement and

NVH development.
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710 Appendix A - MATLAB code structure

MATLAB scripts:

%% Data Reading

if exist('./github_repo', 'dir')
addpath('./github_repo');

else

warning('Directory github_repo not found. Please ensure readuff.m is added to the system path.');

end
file_unv = 'Real_modes_powertrain_LF.unv';
if exist(file_unv, 'file')

data = readuff(file_unv);
else

error('File %s not found!', file_unv);
end

%% Geometry Plot

node_names = data{l, 3}.nodeN;
node_coord_x = data{l, 3}.x;
node_coord_y = data{l, 3}.y;
node_coord_z = data{l, 3}.z;

figure;

plot3(node_coord_x,node_coord_y,node_coord_z, 'sq-");
text(node_coord_x,node_coord_y,node_coord_z,num2str(node_names))

title('Geometry'); grid on

% Modal Properties

PhiX =[]z PhiY = Tis PhiZ = [1;
fn_vet = []; zita_vet = [];

for count_idx = 1:numel(data)

if data{count_idx}.dsType == 55 && isfield(data{count_idx}, 'modeFreq')

end

end

% Save frequency and Damping Ratio

fn_vet = [fn_vet; data{count_idx}.modeFreq];
zita_vet = [zita_vet; data{count_idx}.mode_v_damping_ratio];

PhiX = [PhiX, data{count_idx}.r1(:)];
PhiY = [PhiY, data{count_idx}.r2(:)];
PhiZ = [PhiZ, data{count_idx}.r3(:)];
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%% Proportional Damping Identification
% Formula: zeta_r = a * (1 / (2*wr)) + b * (wr / 2)

wr = 2 * pi * fn_vet; % Natural frequencies in rad/s
zeta = zita_vet; % Damping ratios from Testlab

1. Set up the A matrix (12x2) and b vector (12x1)
Column 1: coefficients for alpha (a) -> 1 / (2*wr)
Column 2: coefficients for beta (b) -> wr / 2
[1./(2*wr), wr./2];

zeta;

@ > 52 52 %

% 2. Solve the overdetermined system using pinv (Pseudo-inverse)
% x_sol = [a; b]

x_sol = pinv(A) * B;

% x_sol= A \ B;

alpha_LS = x_sol(1); % Mass proportional coefficient (a)

beta_LS = x_so0l(2); % Stiffness proportional coefficient (b)

% 2. Calculate Auto MAC Formula
for i = 1l:num_modes
for j = 1:num_modes
vl = Phi(:, i);
v2 = Phi(I5 3)s

% MAC Formula: |[(v1®H * v2)|*2 / ((v1”H * v1) * (v2°H * v2))
num = abs(vl® * v2)"2;
den = (v1' * vl1) * (v2' * v2);

MAC_matrix(i, j) = num / den;
end
end
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Appendix B - Additional experimental plots

Beam additional reciprocity FRFs
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Remaining Romax mode shapes of the beam after mass modification of the sensors
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