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Abstract

Compressed Air Energy Storage (CAES) systems are emerging as a promising
large scale energy storage technology, where the efficiency of the compression
process has a direct impact on the overall cycle performance. Centrifugal com-
pressors represent a critical component, and the availability of reliable prediction
tools is essential to support their design, optimization, and integration into such
systems. While three dimensional CFD simulations can provide highly accurate
results, they are computationally intensive and not always suitable for prelimi-
nary design phases, where faster evaluation methods are required.

This thesis focuses on the study of the performance of a one-dimensional
model for centrifugal compressor performance prediction, implemented in MAT-
LAB. The model computes key parameters such as pressure ratio and isentropic
efficiency directly from the compressor geometry and boundary conditions. A cen-
tral feature of the work is the implementation of multiple sets of loss correlations
from the literature, each describing different mechanisms including incidence, skin
friction, clearance, slip, mixing, and diffuser-related effects. A detailed discussion
of these correlations is provided, emphasizing their assumptions, validity ranges,
and impact on the predicted performance.

To assess the predictive capability of the model, the code was applied to
centrifugal compressor geometries and datasets reported in the literature, which
include experimental measurements of pressure ratio and efficiency. The com-
parison revealed that the model is able to reproduce performance trends, while
also highlighting the discrepancies associated with different sets of correlations.
In particular, certain models provided good agreement in terms of pressure ra-
tio prediction, whereas others were more effective in estimating efficiency trends.
These results underscore the importance of selecting appropriate loss models de-
pending on the specific performance feature of interest.

Overall, the thesis provides a critical review of existing loss modeling ap-
proaches. Within the broader framework of CAES applications, the study demon-
strates how one-dimensional modelling can effectively balance computational ef-
ficiency and predictive accuracy, making it suitable for preliminary design and
comparative studies. The modular structure of the code also opens the way for
future extensions, including the integration of new correlations and its application
to alternative compressor configurations or other turbomachinery components.
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Introduction

The global energy demand is continuously increasing, driven by industrial devel-
opment and population growth. According to the International Energy Agency
(IEA), in 2024 global demand rose by approximately 2.2%, a rate significantly
higher than the average growth of the past decade, which was around 1.3%.
Although fossil fuels still represent the dominant energy source, renewable tech-
nologies are rapidly gaining ground.

In terms of electricity production, recent data show that renewable sources
have reached nearly 30% of global electricity generation, marking a substantial
milestone in the ongoing energy transition.

This evolution is critical for several reasons:

e the growing electrification of industrial processes and transport increases
the need for flexibility within the power system:;

e renewable energy sources, such as wind and solar, are inherently intermit-
tent and variable over time;

e to ensure grid stability and system efficiency, energy “buffering” or storage
solutions are required when the power supply exceeds demand.

For these reasons, the development of energy storage technologies is essen-
tial to sustain the continuous expansion of renewable energy. Without efficient
storage, the large-scale integration of renewables could be significantly limited.
Various storage solutions are available today — including electrochemical batter-
ies, pumped hydro, thermal storage, and Compressed Air Energy Storage (CAES)
systems — each offering specific advantages depending on the required scale, du-
ration, and operational flexibility.

To better frame the role of CAES within the broader landscape of energy
storage technologies, a brief overview of the main storage principles is necessary.
Energy storage solutions can be categorised according to the form in which energy
is accumulated: electrochemical systems (such as lithium-ion and flow batteries)
store energy through reversible chemical reactions; mechanical systems, including
pumped hydro and flywheels, rely on gravitational or rotational potential; thermal
storage technologies retain energy as sensible or latent heat; and thermomechan-
ical systems, such as CAES, store energy by compressing and later expanding
a working fluid. Each technology offers different advantages in terms of stor-
age duration, response time, scalability, and cost. In particular, mechanical and
thermomechanical storage solutions are considered highly suitable for medium-
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and large-scale applications due to their robustness, long lifetime, and compar-
atively low degradation. Within this framework, CAES emerges as a promising
option for large-scale, medium—long duration storage, bridging the gap between
short-term battery-based solutions and long-term bulk storage.

CAES represents one of the most promising large-scale energy storage tech-
nologies. Its working principle is based on compressing ambient air using surplus
electrical energy during periods of low demand, storing it in high-pressure vessels
or underground caverns, and then expanding it through turbines to generate elec-
tricity during peak demand periods. This configuration allows the decoupling of
electricity generation and consumption, contributing to the stability and flexibil-
ity of the electrical grid. Recent advancements, such as adiabatic and isothermal
CAES concepts, aim to improve round-trip efficiency by recovering or managing
the thermal energy produced during compression. Consequently, CAES systems
are gaining increasing attention as viable, large-scale, and environmentally sus-
tainable alternatives to electrochemical storage, particularly for medium- and
long-duration energy storage applications.

A critical component of CAES systems is the compressor train, responsible
for converting electrical energy into potential energy stored as compressed air.
Among the various compressor typologies, centrifugal compressors are particu-
larly attractive due to their compactness, reliability, and capability to operate
over a wide range of flow conditions. Their aerodynamic design, however, in-
volves complex flow phenomena that strongly affect the overall performance —
including incidence effects, boundary-layer development, tip-clearance losses, and
mixing in the diffuser.

Accurate performance prediction of these machines requires robust physi-
cal modeling and the implementation of reliable loss correlations. While three-
dimensional CFD simulations can provide detailed insights into the flow behavior,
they are computationally expensive and not ideal for system-level design or para-
metric studies. In this context, one-dimensional (1D) performance models offer
a valuable compromise between accuracy and computational efficiency, allowing
the prediction of global quantities such as pressure ratio, efficiency, and mass flow
rate with reduced computational cost.

The present thesis focuses on the development and validation of a one-dimensional
performance model for centrifugal compressors, intended for use in CAES applica-
tions. The model, implemented in MATLAB, integrates multiple aerodynamic loss
correlations — covering incidence, skin friction, tip leakage, mixing, and diffuser
losses — to capture the main physical mechanisms that determine compressor
performance. The predictive capability of the model is evaluated through a de-
tailed comparison with experimental data from several reference cases available
in the literature, including well-documented NASA and Eckardt compressors, as
well as eight additional rotors presented by Zhang et al. (2019).

Ultimately, the goal of this work is to provide a flexible, physically consistent,
and computationally efficient tool capable of predicting the performance of cen-
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trifugal compressors across a wide operating range. Such a model can serve both
as a standalone design and analysis tool and as a foundation for future system-

level simulations and optimization studies within the framework of energy storage
technologies.
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Chapter 1

CAES - Compressed Air Energy
Storage

CAES — Compressed Air Energy Storage — is a well-established mechanical
energy storage technology suitable for large-scale commercial applications, along-
side PHES (Pumped Hydroelectric Energy Storage).

The concept was first proposed in the 1940s, but practical implementations did
not appear until the 1960s. During that period, the energy sector faced several
challenges: increasing power demand during peak hours placed considerable stress
on existing power plants, which were often unable to supply the required energy.
Another important issue was the significant amount of off-peak energy that was
routinely wasted |[1].

CAES technology emerged as a promising solution to mitigate these fluctuations.
Beginning in the 1970s, CAES attracted growing interest thanks to its large stor-
age capacity, environmentally friendly operation (particularly when no fossil fuels
are used for reheating), long lifetime, low self-discharge, and relatively low cost
per unit of stored energy [2]. CAES systems can also be easily integrated with
intermittent renewable energy sources, such as wind and solar, contributing to
smoothing power output [1].

Despite its advantages, CAES also presents several drawbacks: high upfront cap-
ital investment, the need to reheat the air before expansion, lower round-trip
efficiency (RTE) compared to other storage technologies, siting and permitting
challenges, difficulties in identifying and preparing suitable geological caverns,
limited depth of discharge, and longer response times [2]|. Furthermore, the re-
quirement to raise the temperature of the stored air prior to expansion highlights
another major limitation: the frequent reliance on fossil fuels during the discharge
phase [1].

1.1 Working principle

A CAES system stores electrical energy in the form of pressurised air, which can
later be expanded to generate electricity on demand. It is based on the same
thermodynamic principles as a conventional gas turbine, with the key distinc-
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tion that CAES decouples the compression and expansion processes. Energy is
stored as elastic potential energy in a dedicated storage vessel, as illustrated in

igure 1.1}

Electricity Electricity

4
Fuel —  Combustor Exhaust 3 E
3
Fuel
C: Compressor T: Turbine G: Generator
(a) (b}

C: Compressor  T:Turbine  G: Generator

Figure 1.1: Structure of: (a) a conventional gas turbine system; (b) a gas turbine
system adapted for energy storage [1].

The CAES process consists of three fundamental stages:
e Charging phase;

e Storage phase;

e Discharge phase.

The compression and expansion of air are commonly approximated as poly-

tropic processes:
n—1
P2\ "
—= -1, 1.1
() ] (L)

where n is the polytropic index (n = 1 for isothermal processes, n = ~ for
isentropic processes). The ideal isentropic efficiency of each stage is defined as:

n
pv" = const, Lipoy = HRTI

Li ntropi

ns = se: topc' (12>
Lactual

Losses due to friction, heat transfer, and flow non-uniformities typically result in

ns values between 0.8 and 0.9 for modern turbocompressors.

1.1.1 Charging phase

During off-peak periods, or when renewable generation exceeds demand, the
charging phase takes place. The surplus energy powers a multi-stage compressor
unit that compresses ambient air. The discharge temperature at the outlet of the
compressor can be very high; therefore, intercoolers are installed between stages
to reduce the temperature and limit the work input. The compressed air is then
stored in a dedicated volume — usually an underground cavern, a lined rock cav-
ern, or a bank of above-ground tanks — where it remains at high pressure until
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energy is required.

The compression process is energy-intensive and releases a significant amount of
heat:

Qcomp = /mcp (Toue — Tin) dt. (1.3)
In conventional CAES plants, this heat is rejected to the environment through

intercoolers and aftercoolers. In more advanced concepts, it is captured and
stored for later use.

1.1.2 Storage phase

The compressed air is stored in a sealed volume between a minimum and maxi-
mum allowable pressure. The difference between these two pressure levels defines
the usable energy capacity.

For an isothermal storage process, the theoretical stored energy is given by:

Pmax
Ecav - / Vdp = V (pmax - pmin) 9 (14)

Pmin

while for a general polytropic evolution:

n—1

Pmin "
1— , 1.5
<pmax> ] ( )

where n is the polytropic index (1 < n < 7).

maxv
Ecav - b

n—1

1.1.3 Discharging phase

When electricity is required — either during peak demand or when renewable
production is insufficient — the stored air is released and expanded through one
or more turbine stages coupled to an electrical generator. Depending on the plant
configuration, the air may be preheated before expansion using:

e external fuel combustion (DIABATIC SYSTEMS);
e stored heat recovered from the compression phase (ADIABATIC SYSTEMS);
e heat exchangers or liquid heat carriers (ISOTHERMAL SYSTEMS).

The expansion process generates mechanical work, which is converted back
into electricity:

Loy = / 0 (howe — hin) dt. (1.6)
The round-trip efficiency is defined as:
Eel out
=% 1.7
IRT Eel,in + Efuel ( )

typically ranging from 40-55% for diabatic CAES and reaching up to 70% or
higher for advanced adiabatic configurations.

18



1.2 CAES components

A CAES plant stores and dispatches energy by combining mechanical equipment
with suitable geological formations. The overall system relies on six key compo-
nents:

e Motor/Generator: equipped with clutches that allow alternating engage-
ment with the compressor or the turbine, depending on the operating mode
(charging or discharging);

e Compressor: stores energy by compressing ambient air. It typically con-
sists of two or more stages with intercoolers and aftercoolers to improve
compression efficiency;

e Turbine: converts the stored energy back into electrical power when de-
mand exceeds supply. Turbine trains usually include both high-pressure
(HP) and low-pressure (LP) expansion stages;

e Controllers: manage the combustion turbine (in diabatic plants), the com-
pressor train, the auxiliary systems, and the transition between charging
and discharging modes;

e Auxiliary equipment: includes fuel storage (if applicable), cooling sys-
tems, piping networks, and heat exchangers;

e Underground storage: the geological cavity (typically a salt cavern) that
houses the compressed air.

Fuel ﬂNaturaGa’s}r”Zﬁﬁ\
Y

1. Excess or off-peak power
is used to compress air

Campressor + + HHE

2. Air is pumped underground
and stored for later use

3. When electricity is needed, the stored air
is used to run a gas-fired turbine-generator

Compressed Air

(V)

Cavern

Figure 1.2: Main components of a CAES system .

CAES installations generally require specific geographic conditions, as com-
pressed air is traditionally stored in natural or artificially created caverns.

19



Modern developments aim to overcome this limitation by using man-made above-
ground or underground tanks, while more recent studies explore offshore and
underwater storage configurations |1].

1.3 Storage media and system configuration

The most common storage method is the use of underground salt caverns, which
provide large volumes, excellent sealing characteristics, and a self-healing rock
structure. Alternative options include lined rock caverns, porous geological
formations, and above-ground pressure vessels.

Key design parameters for storage include the total volume, allowable pressure
range, and temperature regulation strategy (isothermal vs. adiabatic behaviour).
Air storage vessels can be classified as:

e Constant-volume storage: the chamber has fixed boundaries and accom-
modates different pressures depending on the charge state. Because CAES
turbines cannot operate below a minimum inlet pressure, the usable pres-
sure range must be limited. Examples include salt caverns formed through
solution mining and abandoned mining cavities.

¢ Constant-pressure storage: the gas is kept at an approximately constant
pressure within a variable-volume vessel. This requires a liquid displace-
ment system to maintain isobaric conditions. A notable variant exploits
the hydrostatic head of water to maintain pressure.

Constant-pressure storage generally offers superior performance compared to
constant-volume systems. Advantages include:

e higher usable energy density, since the turbine inlet pressure remains con-
stant;

e no throttling losses before expansion;
e reduced mixing losses associated with temperature variation;

e improved turbo-machinery performance thanks to stable operating condi-
tions;

e wider siting flexibility.

However, constant-pressure systems are significantly more expensive to construct
due to the complexity and cost of the variable-volume containment structure.

1.4 CAES classification

A central challenge in CAES systems concerns the management of the heat pro-
duced during compression and the energy required to raise the air temperature
prior to expansion. Improving round-trip efficiency relies heavily on recovering
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this waste heat.

Research in recent decades has led to several CAES concepts, classified according
to how compression heat is handled. As introduced in the discharge phase, three
major categories can be identified:

e Diabatic CAES;
e Adiabatic CAES;
e Isothermal CAES.

CAES
Diabatic J Adiabatic Isothermal
A-CAES A-CAES
D-CAES I-CAES
with TES Without TES

Figure 1.3: Classification of CAES systems [1].

1.4.1 Diabatic CAES Systems (D-CAES)

Diabatic CAES systems dissipate the heat of compression to the environment.
They represent the earliest generation of CAES technologies, developed during
the second half of the twentieth century. Because the stored air cools down signif-
icantly, an external heat source is required prior to expansion to avoid excessively
low turbine inlet temperatures and the associated risk of icing. This external
heat is typically provided by fossil fuel combustion. Typical round-trip efficien-
cies range from 40% to 55%, depending on the degree of recuperation. Despite
their limitations, D-CAES plants have demonstrated long-term reliability and
have provided grid stability services for decades.

Two large-scale D-CAES plants are currently in operation: the Huntorf plant
in Germany and the McIntosh plant in the United States. Both use natural
gas as the primary heat source and store high-pressure air in salt caverns.

The Huntorf plant (1978) is widely recognised as the first commercial CAES
installation. It employs two 60 MW compressors and a 321 MW expander train,
operating between 46 and 72 bar, with an efficiency of approximately 42%. Due
to the absence of a thermal storage system, about 25% of the compression energy
is dissipated as waste heat.
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Figure 1.4: Huntorf CAES plant H

The second major facility, the McIntosh plant (1991) in Alabama (USA),
includes three compressors and two expanders, operating between 46 and 75 bar.
While based on the Huntorf layout, it incorporates improved components and a
recuperator to preheat the combustion air, raising the overall efficiency to ap-

proximately 53% [1].

Compressors
LP HP

Electric
generator/motor
Airin w/SSS clutches
20°C,1 bar 0 (::I .
Intercoolers

h

Turbines
HP LP

Waste heat from LP turbine
used to pre-heat stored air

Figure 1.5: McIntosh plant: heat and energy flows .
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1.4.2 Adiabatic CAES Systems (A-CAES)

Adiabatic CAES systems aim to overcome the limitations of D-CAES by sig-
nificantly improving efficiency. As previously noted, the heat released during
compression is critical for defining overall plant performance. In A-CAES de-
signs, this heat is captured during the charging phase and reused for reheating
the air during expansion, eliminating the need for fossil fuels. Depending on
the thermal storage strategy adopted, A-CAES systems are classified into two
categories: those without TES and those with TES.

A-CAES without TES

In A-CAES systems without dedicated thermal storage, both compressed air and
heat are contained within a single storage volume. This imposes significant tech-
nical constraints: the high temperature at the compressor outlet requires storage
vessels capable of withstanding elevated temperatures, and the achievable pres-
sure ratio is limited to prevent excessive temperature rise.

Consequently, these systems generally operate at relatively low storage pressures
and, therefore, low energy densities. In addition, substantial material require-
ments and the need to protect large surfaces from heat loss lead to high capital
costs. For these reasons, A-CAES without TES is not expected to become com-
mercially viable in the near future [4].

v A

Comp Exp

Heat- and Compressed Air
Storage

Figure 1.6: A-CAES without TES .

A-CAES with TES

A-CAES systems equipped with thermal energy storage collect the heat produced
during compression in a dedicated TES unit. This substantially increases overall
efficiency while reducing system constraints, enabling:

e faster start-up times,

e greater operational flexibility and part-load capability,
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e reduced limitations on air storage conditions,
e higher storage pressures and energy densities.

Expected round-trip efficiencies range between 70% and 75%. Compared to
D-CAES systems, A-CAES operation relies solely on off-peak or renewable elec-

tricity .

The selected storage temperature strongly influences system design and over-
all plant behaviour, although its effect on thermodynamic efficiency is less pro-
nounced. Three process classes can be distinguished depending on the storage
temperature:

e High-temperature TES (above 400°C): typically implemented using packed-
bed sensible heat storage. Outlet temperatures can reach almost 600°C, en-

abling high turbine inlet temperatures. This concept is commonly referred
to as AA-CAES (Advanced Adiabatic CAES).

e Medium-temperature TES (200-400°C): molten salts, thermal oils, or
phase-change materials (PCM-filled packed beds) are used. These technolo-
gies benefit from synergies with established thermal storage applications.

e Low-temperature TES (below 200°C): based on liquid heat-transfer me-
dia, enabling the use of standard heat exchangers and reducing start-up
time to a few minutes.

Atmosphere H Exhaust

<

Figure 1.7: A-CAES with TES [1].

Several A-CAES plants are currently under development and approaching
commercial deployment. In Germany, RWE Power is developing the “ADELE”
project, targeting a capacity of 200 MW with an estimated round-trip efficiency
of approximately 70% and 1 GWh of storage. In China, the Institute of Engi-
neering Thermophysics of the Chinese Academy of Sciences has constructed a 1.5

24



MW A-CAES pilot plant and is developing a 10 MW demonstration facility |1].

Although promising, A-CAES technology is still in an early stage of development,
and continued research and investment will be essential to reach widespread com-
mercial deployment.

1.4.3 Isothermal CAES Systems (I-CAES)

To further improve round-trip efficiency and reduce plant costs, modern concepts
propose the use of isothermal or near-isothermal compression and expansion.
Achieving such conditions requires continuous heat removal (during compression)
or heat addition (during expansion), typically through advanced heat-exchanger
configurations.

Because heat transfer requires time, isothermal CAES concepts generally rely on
piston-based machinery, which offers slower compression and expansion rates and
larger heat-exchange surfaces [4]. Liquid-piston compressors — resembling recip-
rocating machines — have been developed as promising candidates for achieving
near-isothermal behaviour. The injection of fine water droplets into the airflow
has also proven effective in enhancing heat transfer.

[sothermal compression minimises work input from a thermodynamic stand-
point, but its practical implementation requires efficient large-area heat transfer
under dynamic conditions. As a result, [-CAES systems are typically modular,
making them suitable for small- to medium-scale installations, with achievable
efficiencies comparable to adiabatic systems at lower pressure ratios.

A Pumped Hydro Compressed Air Energy Storage (PH-CAES) configura-
tion was proposed by Chen et al., achieving a near-isothermal compression and
expansion with polytropic exponents of 1.07 and 1.03, respectively. The mea-
sured round-trip efficiency was 51%, with potential for improvement using higher-
efficiency hydro turbines [5].

Droplet-based I-CAES

In droplet-based systems, heat transfer surface area is greatly increased by spray-
ing fine liquid droplets into the airflow during compression. The droplets are later
separated, stored, and reinjected during expansion [1]. A schematic representa-

tion is shown in [Figure 1.8|
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Figure 1.8: Droplet-based I-CAES .

Liquid Piston CAES (LP-CAES)

In liquid-piston CAES systems, a vertical water column is used to compress the
air. Because heat is continuously exchanged between the liquid and the gas, both
compression and expansion are nearly isothermal. The liquid piston offers several
advantages:

e reduced leakage;
e improved heat transfer due to water—air contact;

e stable and quasi-isothermal compression behaviour.
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Figure 1.9: Liquid piston compressor/expander .

1.4.4 Ocean CAES Systems (O-CAES)

Ocean-based CAES systems exploit hydrostatic pressure to maintain constant
pressure within the storage vessel. Because the storage temperature remains
relatively constant and the system operates isobarically, O-CAES requires less
compression work and generates more expansion work, improving overall plant
efficiency.

In this configuration, the compressor is located onshore, while the storage vessel
is placed underwater. O-CAES offers several advantages:

e naturally constant pressure behaviour,
e higher exergy efficiency,
e reduced throttling and mixing losses.

As with land-based systems, ocean CAES may be diabatic, adiabatic, or
isothermal. Efficiency values range from approximately 55% (diabatic) to 70%
(isothermal). Lower pressure ratios further improve efficiency .

1.4.5 Hybrid CAES

Hybrid CAES concepts combine elements of diabatic, adiabatic, and isothermal
operation. Part of the compression heat may be stored in a TES, while additional
heat can be supplied externally to compensate for losses during expansion. Al-
ternatively, hybrid systems may integrate CAES with waste-heat recovery units,
solar thermal systems, or geothermal heat sources, improving flexibility and site
adaptability.

Although hybrid configurations increase design complexity, they enable a wider
range of operational strategies and often yield improved overall performance.
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1.5 Performance and efficiency considerations

The overall efficiency of a CAES system depends on:
1. the thermodynamic efficiency of compressors and turbines;
2. TES effectiveness and heat exchanger performance;
3. mechanical and electrical conversion efficiencies;
4. piping, throttling, and storage-related losses.
Typical values include:
e nrr ~ 0.45 for diabatic systems;
e nrr ~ 0.70 for adiabatic systems;

e theoretical values exceeding 0.80 for isothermal designs.

1.6 Role of the compressor

The compressor is the cornerstone of the charging phase and one of the most
critical components of the entire CAES cycle. Its performance determines:

e the electrical energy input required per unit of stored energy;
e the thermal energy available for recovery in adiabatic configurations;
e the operational flexibility during part-load and transient operation.

High efficiency, a wide operating range, and robust mechanical characteristics
are essential to ensure stable operation and high round-trip efficiency. Accurate
compressor modelling — including aerodynamic losses, leakage, mixing, and tip-
clearance effects — is therefore critical for reliable CAES performance prediction
and system optimisation.

The next chapters focus on the thermodynamic modelling and loss analysis of the
compressor, forming the technical core of this thesis.
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Chapter 2

Centrifugal Compressors

Compressors are operating machines designed to increase the pressure of a gas
by reducing its volume and supplying energy to the fluid. They are essential
components in a wide range of industrial applications such as gas turbines, re-
frigeration systems, chemical plants, and energy storage technologies like CAES
(Compressed Air Energy Storage). The fundamental role of a compressor is to
raise the total pressure of the working fluid from an initial state (p;,7}) to a
higher one (p2,T5), enabling the gas to be used for further energy conversion or
storage purposes.

A brief discussion is proposed to highlight the main components of the centrifugal
compressor and the basic laws allowing to described the physics governing the
device.

2.1 Centrifugal Compressor Stage

In the following figures, the typical configuration of a single stage compressor
is shown: the stage is composed by a rotating impeller, aiming to energize the
fluid, and diffuser, to recover some of the fluid kinetic energy before leaving the
compressor through the volute, which collect the flow from the stator to the
discharge pipe. If the fluid exiting from the diffuser should feed a following stage,
a crossover system and a return channel is developed (not our case study). Above
the impeller, an inlet guide vane vane (IGV) can be introduced to properly guide
the fluid at the inlet of the impeller.

The diffuser can be of two types: ’vaneless’, when it’s a simple annular passage,
or 'vaned’, when stationary vanes are integrated to the system and assist the
diffusion process [6].
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IMPELLER DIFFUSER

Figure 2.1: Front view of a centrifugal compressor [6]

A brief description of the main components is provided.

2.1.1 Inlet Guide Vane

Variable Inlet Guide Vanes (VIGV) are an adjustable row of stator blades in-
stalled upstream of the compressor inlet. Their main purpose is to regulate the
incidence angle of the incoming flow and to introduce a controlled amount of
swirl, allowing the compressor to operate efficiently over a wide range of condi-
tions.

VIGVs are used to:
e control the incoming mass flow rate;
e adjust the incidence angle on the impeller blades, reducing off-design losses;

e delay surge and widen the operating range of the compressor;
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e regulate the power absorbed by the machine, improving part—load efficiency.

By rotating the guide vanes, the tangential component of the inlet velocity is
modified, directly affecting the inlet velocity triangle and the specific work input
to the compressor.

A VIGV system typically consists of a circumferential row of short and robust
stator blade connected to an external ring mechanism that allows to rotate all
the the vanes simultaneously. The vanes have an aerodynamic profile similar
to a stator blade, generally with a rounded leading edge to accommodate large
incidence variations, a tapered trailing edge, a relatively short chord length for
mechanical stiffness and an allowable turning angle typically between £30° and
60°.

When the vanes rotate:

e positive vane angles introduce a swirl component in the direction of wheel
rotation, increasing the specific work and the achievable pressure ratio;

e negative angles reduce swirl, lowering the work input and shifting the com-
pressor characteristic to avoid surge;

e in the design condition, the VIGVs are often in a nearly neutral position.

Figure 2.2: Example of IGV component ||
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2.1.2 Impeller

The impeller is the rotating component of the compressor aimed in accelerating
and compressing the fluid, which enters the impeller axially and leaves radially.
It consists in a series of blades mounted on a central hub, design to impart ki-
netic energy, converted from mechanical energy, to the airflow. The blades are
typically made from aluminium alloys, titanium or stainless steel to provide the
proper resistance and durability against high rotational stresses.

Two groups of blades can be distinguished in full length blades, which are as
long as the impeller, and the splitter blades: they are shorter and don’t occupy
the entire impeller. They are developed in the regions where the flow curvature
becomes higher to better guide the fluid exiting from the impeller.

The impeller can have two different configurations: it can be open (or un-
shrouded) or shrouded. The impeller is said to be open when the outer or shroud
wall of the impeller is stationary; if a cover or a shroud is attached to the blades
at the outer wall that rotates with the rotor, the impeller is called shrouded.
Usually, covered impellers are used in multistage industrial compressors: an eye
seal is included to reduce the flow leakage through the gap created between the
cover and the casing.

Figure 2.3: Open impeller @
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Figure 2.4: Shrouded Impeller [@I

The shape and orientation of the blades strongly influence performance and

operating range. Depending on the outlet blade angle 5, three configurations
can be defined:

e Radial blades (2 = 90°);
e Backward-curved blades (2 < 90°);
o [Forward-curved blades (33 > 90°).

Backward-curved blades are most common in modern designs due to their higher
efficiency and stable operating characteristics.

2.1.3 Diffuser

The diffuser transforms the kinetic energy of the flow leaving the impeller into
static pressure. Depending on design requirements, two main configurations exist:

o Vaneless diffuser: simple design, suitable for wide operating ranges but less
efficient;

o Vaned diffuser: provides better pressure recovery but has a narrower stable
range.

33



In case of a vaned diffuser, between the impeller and the stator there is an
annular passage, corresponding to a vaneless diffuser: this is necessary to mix
the flow leaving the impeller and to standardize it before entering the following
channel.

Vaneless diffusers can be divided into parallel wall-types, convergent types and
expansion types, according to the different ratios of the diffuser outlet width to
the impeller outlet width: expansion types are rarely used due to reverse pressure
gradients that can be generated, alongside secondary flows [10].
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Figure 2.5: Types of diffuser [11]

Vaned diffusers are provided with blades used to remove the swirl of the fluid
at a higher rate than is possible by a simple increase in radius, thereby reducing
the length of flow path and diameter [12].

2.1.4 Volute

If the flow has to be brought out of the casing, either to be intercooled, merged
with an external side stream or at the final compressor discharge, the diffuser is
followed by a volute or scroll. The latter is a flow-collecting duct whose through-
flow area increases around the circumference as more mass fractions are added.
The alternative to the volute is the collector. The difference is the cross-sectional
area: in the collector is constant.

Several cross-sectional shapes are available for the scroll: circular, elliptical,
quadratic or rectangular. These can be symmetrical, inclined or one.sided off-
set with respect to the radial direction of the diffuser exit.

Depending on the type of volute selected, the flow can be accelerated, obtaining
a reduction of the static pressure and a lower efficiency (internal volute), an in-
crease in the static pressure through a lower velocity level (external volute) or
neither acceleration or deceleration, working as a pure collector (central volute).
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Although it plays a minor role in energy conversion, the volute has a strong
influence on flow uniformity and machine stability, particularly near surge condi-
tions.

2.2 Thermodynamic Principles of Compression

The working principles of gas compressors can be understood by applying some
basics law of physics to define the thermodynamic properties of the fluid in dif-
ferent points. The thermodynamic state is determined by the knowledge of the
temperature and the pressure

To this task, four main equations are used:

e Mass continuity equation
o Momentum equation
o First law of Thermodynamic

e Second law of thermodynamic

All the formulations are referred to one dimensional problem in steady state
conditions (so the properties of the system remains constant over time despite
the ongoing process).
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2.2.1 Mass Continuity Equation

Considering a control volume V, the mass continuity equation states that the
mass flow rate of the fluid entering V is conserved and is equal to the rate of fluid
leaving the control volume.

m = pV A = constant (2.1)

where p represents the density of the fluid, V represents the velocity and A is
the cross section normal to V. This equation will be used considering the inlet
and the outlet of the different components, allowing to compute the unknown
parameters:

P1 Vi1 A1 = paVina As (2-2)

2.2.2 Momentum Equation

The momentum equation expresses the relationship between the forces acting on
a control volume and the rate of change of momentum of the fluid passing through
it. For a steady, one-dimensional flow through a turbo-machine, it can be written
as:

R =1 (Vo — V) (2.3)

R is the resultant force acting on the fluid [N].

Considering the specific case of centrifugal compressors, it can be applied to
a control volume identified by the impeller: the external work is applied to the
hub of the rotor on which the blades are placed to accelerate the fluid.

The equation can be rearranged to compute the torque of the shaft:

T - m (RQVuQ - Rqul) (24)

where V,, identifies the tangential component of the velocity V.

2.2.3 First Law Of Thermodynamic

The first law of thermodynamic states that energy cannot be created or destroyed,
but only transformed from one to another.

For a control volume, it’s defined as the balance between heat, work and energy
variation of the fluid:

.. dE,
L — system 25
Q+L=— " (2:5)

Heat @ and work L are considered as powers [W]. The internal energy takes into

36



account different contributions: internal energy (U), kinetic energy (Ej), gravi-
tational potential energy (E,) and centrifugal force field potential energy (E,).
Net work per unit time is composed by two terms: L., the displacement work,
associated with fluid pressure and L;, the shaft work, associated with the inter-
action between the fluid and the moving elements.

The first law of thermodynamic can be rewritten by combining the expression of
the external work with the internal energy, the definition of enthalpy is obtained:

h=U+pv (2.6)

If a 1-D system in steady state conditions is considered, the first law can be
described as (written considering the specific quantities, so dividing by the mass
flow rate m):

@ is neglected: the phenomena taking place is considered adiabatic since the
time scale is too short to have thermal exchanges; a fixed frame of reference is
used, allowing to neglect the contribution of the centrifugal forces. Finally, the
potential energy is negligible.

The resulting equation considered for the compressor is:

L= (hz—h1)+%(V2—V1)2 (2.8)

Stagnation Quantities

The definition of the first law applied to the compressor allows to introduce the
concept of stagnation or total quantities: they refers to the value that a flow
property would assume if the fluid were brought to rest isentropically (without
losses or heat transfer). They are related to the static quantities by means of the
velocity:

2

ho =h + V? (2.9)

The total temperature can be obtained considering the relationship between tem-
perature and enthalpy valid for an ideal (or perfect) gas:

h=c¢c,T (2.10)
V2

To=T+ — 2.11

0 +20p (2.11)

The shaft specific work defined by equation can be also written as the differ-
ence in total enthalpies between inlet and outlet of the impeller:
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5 ) (2.12)

Considering that the passage from static to total quanities means assuming an
isentropic phenomena, the total pressure can be computed:

Ty, ~
po=p(z)7 (2.13)

The ratio between total and static temperature can be defined as:

T() ’}/—1 2
—=1+—M 2.14
7 =1+ (2.14)

M represents the Mach number, a non dimensional parameter that measures the
ratio between the flow velocity and the speed of sound a:

a=+/vRT (2.15)

M:

==

(2.16)

Alongside the stagnation quantities, also total relative parameters can be ob-

tained: instead of using the absolute velocity V, the relative velocity is used W'.

In this context, rothalpy I is the quantity conserved in a rotating reference frame:
w2  U?

I=h+——— 2.1
+ 3 5 (2.17)

Relative temperature and relative Mach number are obtained by using equations
and by just substituting V' with W.

2.2.4 Second law of thermodynamic

The second law of thermodynamic explains that the total amount of heat cannot
be converted into work: this happens due to some irreversible phenomena taking
place in the system. To analyse the systems, a new parameter is introduced: the
entropy. On a differential basis, the second law can be described by:

_0Q 4L

ds " 2.18
Tt (2.18)

The second term, describing the entropy production caused by internal irre-
versibility, is null only in case of a reversible process. By performing the in-
tegration, the entropy gain (which is always positive) can be computed. Very
useful in the computation of the thermodynamic properties is to consider isen-
tropic process: it is assumed to have no entropy generation. The final pressure can
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be computed: both isentropic and 'real’ compression line arrived to the pressure
value.

2.3 Velocity Triangles

The flow through the compressor can be described using velocity triangles: they
relate the absolute velocity V' with the relative velocity W and the tangential
speed U.

V=U+W (2.19)

A plane defined by the meridional and the tangential direction is consider to rep-
resent the velocities. Excluded U, which is purely tangential, V' and W can be
divided into the two components: V,,, V,, W,, and W,. Generally, the veloci-
ties’ vectors are characterised by an angle, defined with respect to the tangential
component: « for the absolute velocity and [ for the relative velocity.
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Figure 2.7: Impeller velocity triangles in case of Radial, Forward-curved and
Backward-curved blades.

The inlet triangles are not affected by the type of blade used in the impeller:
generally, the inlet flow is purely axial, having the absolute velocity oriented in
the meridional direction. The tangential speed U; can be computed from the an-
gular speed; the relative velocity W, (in the figure V;; is automatically obtained
(basing on the vectorial link highlighted in [2.19]

The outlet state depends on the shape of the blade: the relative velocity follows
the outlet blade angle and is directed in the same direction. Us can be computed
as Uj: the absolute velocity is obtained. W5 is oriented in the radial direction.

At the inlet, the flow may have a small tangential component V,; due to pre-

swirl, while at the outlet, V5 is generally positive and larger, resulting in a net
increase in angular momentum.

39



The theoretical energy exchange in a turbomachine, corresponding to the work
required by the compressor, is described by the Euler turbomachinery equa-
tion:

Ahy = L; = UyVyo — UiV (2.20)

where Ah; is the total enthalpy rise per unit mass, and U;, V,,; are the peripheral
and tangential velocity components at station i.

2.4 Stage Evolution
The evolution of the thermodynamic properties of a centrifugal compressor stage
can be represented in a Mollier diagram, showing the enthalpy of the system as a

function of the entropy generated. The figure 2.8 shows the compression taking
place in the impeller (from 1 to 2) and in the diffuser (from 2 to 3).

I:.II]
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I = constant
>

5

Figure 2.8: Stage evolution [14]

Fluid enters the impeller eye through an accelerating nozzle: the velocity
increases alongside a pressure drop between nozzle exit and impeller inlet. For
this reason, to be more precise, an expansion should be considered to reach point
1: a small amount of entropy is generated and an enthalpy reduction is observed.
The starting point will be called 00. According to the first law of thermodynamic,
the total enthalpy is conserved:

Ah = h01 — hoo =0 = hOO = hOl (221)
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1-2
The process taking place in this range correspond to the compression in the im-
peller: 1 is the inlet, 2 is the outlet. Considerable amount of entropy is generated
and the fluid is accelerated; using the first law, the work required to perform the
compression can be calculated:

1
Li = Ah+ AE, = (hy — hy) + 5(v22 —V?2) = hga — ho (2.22)

2-3
This section refers to the diffusion process taking place in the diffuser: the large ki-
netic energy of the flow exiting from the impeller is transformed in static pressure,
further increasing from py to ps. The stagnation enthalpy remains unchanged in
this phase.

Finally, a further compression of the fluid takes place in the scroll following the
diffuser: then, the fluid is delivered to the outlet.

2.4.1 Efficiency and Pressure Ratio

When a centrifugal compressor is analysed, two different efficiencies can be com-
puted:

o [sentropic efficiency: it’s the ratio between the isentropic work, which is the
ideal work to compress the gas isentropically, and the real work required.

Lis Li—L,— RHE
L, L;

L;s is obtained from the actual work, to which is subtracted the contri-
bution of the losses L,, and the re-heating effect (RHE, caused by viscous
dissipation.

e Polytropic efficiency: it’s the ratio between polytropic work and the real
work. Polytropic work incorporates the RHE, providing this formulation:

L 0 Lz - Lw
Moot = % = (2.24)

2.5 One-Dimensional (1-D) model

Over the past several decades, many researches have been dedicated to centrifugal
compressors and their design activity. To develop high performance compressors,
it is necessary to develop detailed performance of the individual elements of a
centrifugal compressor stage.

Nowadays, Computational Fluid Dynamics represents the most advanced method
used to design and estimate the performances of centrifugal compressors: the flow
properties are obtained by numerically solving variations of Navier-Stokes equa-
tions, relying on complex 2D /3D geometry. Despite CFD provides highly accurate
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results, three-dimensional simulations are computationally intensive and not al-
ways suitable for preliminary design phases, where faster evaluation methods are
required.

One-dimensional (1-D) performance prediction models represent the most tra-
ditional and widely used approach for the preliminary design and analysis of
centrifugal compressors: they offer extremely fast execution, clear physical inter-
pretation, and the ability to perform parametric studies with minimal compu-
tational effort. For these reasons, they are widely adopted in the early design
phase and for generating complete performance maps. The formulation of the 1-
D problem is a reduction of the actual flow and originates mainly from empirical
correlations coming from the experiments.

One-dimensional models can be categorised basing on the number of flow zones
considered; three main groups have been identified:

e Zero-zone models: only the overall characteristics of the stage are considered
(no need to divide the compressor in its different components). New design
specifications are met by simple, direct, scaling of existing stages: this
concepts follows the principles of similitude. This first level of modelling is
appropriate whenever a stage can be modified by scaling to a different size;
however, a similar stage must already exist. For this reason, more detailed
models can be evaluated;

e Single-zone models: they provide the design and performance estimation of
the centrifugal compressor by solving the governing equations at the mean
streamline and at the main stations of the compressor components (like
impeller throat, impeller outlet, ecc...) [15]. In this models, the losses
assume a key role: they are originated from experimental correlation and
are calculated to acquire the real flow conditions. It’s a more complex
model compared to the Zero-zone, providing increase accuracy and freedom
of analysis;

e Two-zone models: the flow is divided in two parts, identified by ’jet-wake’
approach. It assumes that the flow at the exit of the impeller is composed
by an isentropic region with high velocities, jet, and a low momentum zone,
the wake. Jet and wake combine through the mixing [16], |17].

This thesis uses a 1-D model obtained following the single zone approach to
evaluate the performance of a centrifugal compressor depending on the losses
considered. Because loss correlations strongly influence the accuracy of the 1-
D model - and because each correlation comes with assumptions, calibration
constants, and geometric dependencies — it is essential to:

e explain the physical origin of each loss mechanism;
e show the different correlations used to compute each loss mechanism.
The following chapter ({3|is dedicated to the loss mechanisms and to the dif-

ferent formulations obtained from experimental activities to evaluate them.
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Chapter 3

Loss Modelling in Centrifugal
Compressors

The loss mechanism has a significant impact on performance prediction for a
centrifugal compressor: understanding the influence of the various losses is a key
aspect to improve the performance of the machine.

In the literature is plenty of studies concentrated in defining the different loss
mechanism: the most important include the work of Jansen, Whitfield & Baines
and Aungier. for each loss mechanism, several loss correlations are defined. Se-
lecting a reliable set of loss correlations becomes crucial in computing the per-
formances of a centrifugal compressor. Oh et al., in this context, performed a
detailed study comparing the different loss models presented in open literature
and suggested a set of loss models accurately predicting the performance of sev-
eral different impeller configurations [18].

Meroni et al. proposed a different set in their mean-line design model of a cen-
trifugal compressor for heat pump systems [15].

More recently, Zhang et al identified new sets of loss correlations based on the
inlet tip relative Mach number and specific speed: for each condition, a set is
selected [19).

In the following paragraphs, the loss correlations developed in the MATLAB
code will be presented and the effects of each of them discussed. The correlations
are divided into the main components of a centrifugal compressor stage: in our
case, the losses have been implemented for the inlet guide vane, the impeller and
the vaneless diffuser.

3.1 Inlet guide vane loss

In the literature, two main correlation are available:

e Galvas: he states that the loss related to inlet guide vane for centrifugal
compressor is similar to the loss computed in the axial turbine (associated
with the fluid kinetic energy, boundary layer thickness and blade geomet-
rical structure of the device). The IGV loss is defined as a fraction of the
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ideal kinetic energy, depending on the exit flow angle of the inlet guide vane
(aIGV,outlet> ’19|

Kinetic Energy Fraction

CalGV = cos aIG\?fEij— 0.025 * = <0‘ICZ)“7770 el (3:1)
Ideal Kinetic Energy
V2
(KE)iqg16v outlet = #ﬁjﬁ;}) (3.2)
Inlet Guide Vane Loss
Ahigv = es1av (K E)id1GV outlet (3.3)

e Aungier: does not provide an explicit loss correlation for inlet guide vanes.
IGVs are treated as aerodynamic stator elements, and their losses are evalu-
ated using classical axial-compressor correlations (Howell, Ainley—Mathieson),
applied to the geometry transformed onto the meridional plane.

The IGV geometry is described by the inlet flow angle 5_;, the exit flow
angle f3y, and the mid-passage angle 3. To apply axial-compressor corre-
lations, all these angles are converted into the coordinate system of the
cascade deviation models [6].

However, a recent study has demonstrated that these correlations underestimate
the losses at low incidence angles when compared to the experimental results
obtained by Coppinger in his studies.

Dario Valsesia, in his master thesis [20], described an ’original’ empirical cor-
relation obtained from interpolation of the experimental loss value obtained by
Coppinger [21]. The pressure loss coefficient, having the following formula, has
been extrapolated by using a third-degree polynomial to interpolate the experi-
mental results:

Aporicy = (3 % 107° |agy,acg|* — 0.001 |argp,acg|” + 0.0248 [vgp aeg| + 0.2618) (Prot,0a — Poa)
(3.4)

where aqp 4y represents the outlet swirl angle (in degrees). This formulation

allows to consider a minimal amount of loss due to IGV in design conditions, so

where the angle is equal to zero. The result obtained defines a total pressure

drop; this value is converted to a total specific enthalpy change thanks to a

function depending on the thermodynamic properties of the fluid and the IGV

outlet conditions [20].

1
Ahgotigv =¢p | 1 — Thot,0b (3.5)

Apio v
<1+ Dt t,IGV)

Dtot,0b
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3.2 Impeller Losses

The loss mechanism taking place in the impeller which negatively affects the
efficiency of the device is composed by several contributions, each describing a
different phenomena. Depending on the model followed, the type and amount
of losses considered changes (Aungier defines a total of 14 loss mechanism, more
than the amount considered by Oh et al., 8, or by Zhang, 11). However, they can
be universally divided in two main groups:

e INTERNAL LOSS MECHANISMS: internal losses are those gener-
ated by the main flow through the compressor, compromising both the
efficiency and the compression ratio. These include:

— INCIDENCE LOSS

— BLADE LOADING LOSS

— SKIN FRICTION LOSS

— TIP CLEARANCE LOSS

— MIXING LOSS

— ENTRANCE DIFFUSION LOSS
— CHOKE LOSS

— SHOCK LOSS

— HUB TO SHROUD LOSS

— NORMAL SHOCK WAVE LOSS
— SUPERCRITICAL MACH NUMBER LOSS

e PARASITIC LOSS MECHANISMS: they refers to loss mechanisms
generated from minor flow leaking away from the main flow through the
compressor. They increase the impeller discharge stagnation enthalpy with-

out any corresponding change in pressure: only the efficiency is affected by
these losses. Are part of this category:

— DISC FRICTION LOSS
— LEAKAGE LOSS
— RECIRCULATION LOSS
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Figure 3.1: Schematic representation of parasitic losses occurring in the compres-
sor system (adapted from Japikse and Baines) [18].

Each loss will be described in the following sections: for many of those, different
correlations have been considered and the main formulations will be reported.
Some losses, instead, have a lower impact on the performance of the compressor:
for this reason, they have not been deeply analysed (up to now).

3.2.1 Incidence Loss

The incidence loss occurs when the inlet relative fluid flow angle (f;) deviates
from the actual blade inlet angle (3;). The fluid has to change direction immedi-
ately to adapt to the blade, resulting in a flow separation that causes significant
loss in energy.

Lower is the incidence angle, so the difference between the blade direction and
the relative flow, lower will be the energy loss. In the design process, incidence
can be handled by acting on the ‘inducer’ (the initial part of the impeller), to
improve stage performance.

Different correlation have been identified:

e CONRAD: found that the incidence loss is proportional to the squared of
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the tangential component of the relative velocity at the outlet.

2
Wz

Ahinc - finc 9

(3.6)
fine 18 the incident coefficient, ranging from 0.5 to 0.7 (a good approximation
is the mean value, 0.6) [19].

AUNGIER: proposes another loss correlation assuming the flow direction to
be axial at the impeller inlet. It is obtained from the difference experienced
by the actual and the ideal relative velocity.

Vi \°
Ahye =04 (W] — —2 3.7
( L cos ﬁlb) (3.7)

This equation is applied to hub, shroud and mean surfaces: then, the inci-
dence loss is obtained from the weighted average [22].

10 Ahinc,mean + Ahinc,hub + Ahinc,shr

Ahinc,tot = 12

(3.8)

Aungier provides also an improvement of this formulation, introducing an
additional term taking into accounts the effect of the abrupt flow area con-
traction at the blade leading edge due to the latter’s thickness:

Vil 2 Zept: \’
Ahipe =08 (1 — ———— _— 3.9
( W1 cos by ) + (27?7’1 cos 1 (3.9)
where Zpg indicates the number of full-length blades and ¢; is the thickness
of the blade at the inlet. As done before, the incidence loss is calculated for

hub, shroud and mean surfaces; then, the equation (3.8]) is applied. Anyway,
the second contribution provided in equation (3.9) is negligible [6].

GRAVDAHL: this formulation is derived using velocity triangles consider-
ations; the results are similar to the other loss models [23].

1 cot () m)2
Ahype = = | U — ——— 3.10
2 ( : po1 A (3.10)

GALVAS: suggests that the incidence loss is given by the difference between
the actual flow angle and the optimum flow angle at impeller inlet. The op-
timum flow angle is obtained from the inlet velocity diagram characteristics

and blade blockage By at RMS diameter [19]:

Z1t
Bi=1————— 3.11
! 7 D1 sin [y, ( )
(1= By) tan
1+ B; tan? 5,

tane; = (3.12)
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Bopt = ﬁlb — &1 (313)

A velocity is computed from the relative inlet velocity and the difference of
between the angles previously described: this quantity allows to compute
the incidence loss.

Wi = Wi cos| Bopt — i (3.14)
2
Ah. = —L 1
hlnC QCP (3 5)

3.2.2 Blade Loading Loss

This loss is associated to the momentum loss due to boundary-layer-build-up on
the blade surfaces: a negative velocity gradient is detected near the blade surface,
leading to the boundary layer growth. The increasing thickness of the boundary
layer generates flow separation.

The most important formulations are provided by:

e COPPAGE: accordingly to his studies, the boundary layer growth is mainly
influenced by the flow diffusion. The diffusion factor provides a quantitative
measure of the total diffusion (deceleration of the flow) in the impeller and
is calculated [19]:

75 Ahguer
Dy=1- VV[[//Q + O 7}‘;’ E‘”;DWQ (3.16)
o [2(1-Be) 2] 2r 0

The first contribution is related to the diffusion of the flow passage in the
form of a decrease in average velocity through the passage while the second
part is related to the loading distribution on the blade: so, the diffusion
factor is a function of the one-dimensional deceleration and turning of the
flow |18].

The theoretical head enthalpy is given by:

AhEuler = U2Vu2 - Ulvul (317)

Computed the diffusion factor, the loss is obtained:
Ahy = 0.05 D3 U3 (3.18)
e AUNGIER: the blade loading loss is computed as the mixing loss derived

from the relative velocity difference between the suction and pressure side
[19]:
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. 2w D2 Vug

AW 7L (3.19)
AW?
Ay = = (3.20)

3.2.3 Skin Friction Loss

The skin friction loss is caused by the adhesive forces between the channel surfaces
(surfaces created by the hub, blades and shroud) and the fluid.

This loss is calculated by considering the equivalent hydraulic diameter, defined
by Jansen [24]:

1 (D , D cos(B1s)+cos(Bin)
Dy, cos(3s) 2 <D12 + D_12h> < S >

Zz + D cos(f2b) A + Dis+Dip cos(B1s)+cos(Bin)
a ba us D1s—Dip, 2

(3.21)

Dyya =

Other two essential parameters needed to compute this loss are the skin fric-
tion coefficient (depending on Reynolds number, the hydraulic diameter and the
kinematic viscosity), C, and the impeller flow length, L, [19]:

Uy D
Re = —2—4 (3.22)
Vo1
C; = 0.0412 Re *19% (3.23)
. m Dls + Dlh 2
bv=3 <D1 T g kT QLZ) cos Bis + cos Buy, (3:24)

5 + cos s

These parameters are applied by implementing the loss equations generally
used in pipes.

e COPPAGE: stated that using the pipe friction correlation is suitable. It
depends on the squared average relative velocity [24]:

—
WN. 1[V2, DX W, [V, D2

AR T IS St WA (7 Bt 3.95
<%) 2[W+D?W% Uz D3 (3.25)

The loss is then computed:

—2

L, (W

Ahys =5.6C} Dhbd (E) U2 (3.26)
Ly

(' is the friction coefficient and L; is the length of the blade.
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e JANSEN: improved the model of Coppage by applying the relations for a
fully developed flow in a pipe of circular cross-section. The pipe is approxi-
mated imposing a diameter equal to the hydraulic diameter and the length
simulated by the impeller flow passage length. Moreover, Jansen excluded
the effects of non-uniform velocity distribution.

A new definition of the average relative velocity is computed to obtain
the skin friction loss [24]:

2Wo + Wis — Why,

W =
4

(3.27)

Ly g2 (3.28)

Ahyy = 2Cj

hyd

o AUNGIER: Aungier follows the same approach of Coppage and Jansen. As
already highlighted in other case, the difference is given by small changes
applied in the equations.

The hydraulic diameter is proportional to the ratio between the cross section
and the wetted parameter: the author suggests to compute it as the average
of the throat and tip/shroud values [6], |25].

4 A,
D = 3.29
Py th 2( by + scos B1) Zyi fun (3:29)
47 dg bQ/Zbl
D = 3.30
W2 o dy ) Zyy + 2Dy (3.30)
The average relative velocity is:

— W2+ W2

T % (3.31)

A check should be done about this value: Aungier states that it should be
higher to the same value computed using the throat [6]. This is needed
to not underestimate the loss: skin friction phenomena is dominated by
the zones at higher speed, which are closer to the throat area. If the value
computed is lower than the limit established by the throat area, the average
relative velocity assumes this value.

T Wfth + W3

32
W > (3.32)
Finally, the skin friction loss can be computed [6]:
LB =52
Ahgp =2C; 22T (3.33)
dr
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3.2.4 Clearance Loss

In unshrouded impellers, a small clearance between the blade tip and casing is
designed: it is necessary to allow the free rotation of the impeller.
The clearance is another factor that affects the performances of centrifugal com-
pressors: it produces losses caused by the flow that leaks through the gap. The
fluid leaks through the tip clearance from the higher pressure on the pressure side
of the blade to the lower pressure on the suction side of the blade: the mixing
between the two flows generates the loss in the form of small vortexes on the
suction side [18].

The loss is calculated only for unshrouded (or open) impellers: in the shrouded
(or covered) impellers the gap is not present, having the blades and the cover as
a unique piece.

e RODGERS:' describes the influence of the tip clearance size. The loss results
to be function of the ratio of the tip clearance size to the impeller exit width
[19]:

Ahg = 0.1 U2 (3.34)
by
e KRYLOV AND SPUNDE: they expand the correlation proposed by Rogers
by taking into account also the ratio of inlet to outlet radius [19]. It is
calculated with the following formulation:

Ahy =2 —
T 2R,

2

Rup + Ri,
‘ (& - 0.275) U2 (3.35)

e JANSEN: the fluid behaviour is described by Jansen. According to his
studies, the fluid experiences a rapid contraction followed by an expansion
process through the tip clearance. The ratio of inlet to outlet density should
be added to consider that phenomena [19):

- 1/2
<, () (i) v
b_ Vu2
p2
2 (1+2)
e AUNGIER: defines a formulation depending on the clearance mass flow and

the average pressure difference |24].
The clearance mass flow is estimated as:

Ahg = 0.6 (3.36)

ZelLnUs
g = 1 +p2)2 € om 2 (3.37)

The velocity of the clearance gap is computed from:

2 Apcl
P2

Ua = 0.816

(3.38)
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The average pressure difference across the gap is obtained from the change
in fluid angular momentum through the impeller:

m (D2vu2 - Dlvul)

Apg = 2 .
Pel ZDbL, (3:39)
p—DitD (3.40)
2
b= bl;bQ (3.41)

The clearance loss is finally obtained, using the average density between
inlet and outlet:

(3.42)

3.2.5 Mixing Loss

The mixing loss is a complicated mechanism that takes place at the end of the
impeller: the fluid exiting the rotor, it’s no longer uniform, but it’s divided in
two circumferential directions, forming the jet and the wake. Jet is a high energy
region while wake is a region with low momentum: these two streams will mix
after the impeller outlet, creating an additional loss.

Dean and Senoo were the first to treat the flow as two-dimensional, introducing
the concept of 'two-zone model’, with the jet and the wake dividing the passage
in the circumferential direction [18].

Ideal velocity profile

//

Figure 3.2: Jet-wake distribution at the impeller outlet) |
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Alj discovered that the wake exists in the corner where the suction side and
the shroud meet .

0.6

l’?ﬂ' 04

b

Figure 3.3: Velocity distribution at impeller exit) \|

Two main loss correlations are generally used for the calculation of mixing;:

o AUNGIER: stated that the wake flow mixes with jet at a velocity Wie,,.
The mixing loss can be evaluated by using the relative velocity difference be-
tween the separation point and the impeller outlet: the free stream velocity
Wsep depends on the equivalent diffusion factor [19).

Wmax
D, = 3.43
q W2 ( )
A

AW represents the relative velocity difference between the suction and the
pressure side: this value has been already introduced when talking about
blade loading loss in equation [3.19]

W, Deg < 2
Weep = D, (3.45)

Wo Te, Deq > 2

The relative velocity at the impeller outlet is given by.

Vo Ao 17
Wout = \/|: 2 2:| +W31 (346)

7TD2 bz
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The mixing loss is finally computed:

Ahpix = 0.5 (Wiep — Wout)? (3.47)

JOHNSTON AND DFEAN: thanks to experimental analysis, stated that
mixing phenomena is a rapid expansion process that ends very close to the
impeller exit radius.

They assumed a square-wave jet-wake relative velocity profile to exit from
each blade passage and no variation of relative velocities across the passage
depth. Moreover, they assumed the static pressure to be constant around
the impeller rim, the number of blades to be large (Z > 10) and no rela-
tive flow in the wake [18|. Thus, the resulting formulation is applicable for
highly-loaded compressors with clear-cut ’jet and wake’ structure [19].

The equation describing the enthalpy loss due to mixing has been achieved

starting from the conservation of mass, the moment of momentum and the
linear momentum:

1 1— — b\ V2
Ahmix: ( Ewake b) V_2 (348)

1 + tan? oy 1 — Ewake 2

where b* is defined as the ratio between the vaneless diffuser width and the
impeller exit width while €. represents the wake width.

For what it concern b'*, a limitation is provided in the paper of Botha and
Moolman [18]: according to them, the formulation is valid only for values
of b** > 1. If this constrain is not respected, they suggest the need for
an unknown contraction coefficient depending on the shape of the walls at
impeller tip (in this cases, the value of b'* has been set to 1).

The wake width ey.e usually ranges from 0.366 to 0.482. The mean value
of the range can be used for a initial computation of the mixing loss.
However, a procedure can be followed to determine the value of the wake
width: an iterative solution, following the two-zone model approach, is
performed until a proper convergence of the static pressure at impeller outlet
is achieved, as suggested in the figure [3.4}
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Figure 3.4: Iterative cycle to compute the width of the secondary flow [19].

Two-zone model equations are described in Oh et Al. paper |27]: the author
proposes three iterative procedures to obtain the thermodynamic parame-
ters and velocities of the jet, wake and mixing zone. From this cycle, the
width of the wake is computed and the mixing loss is evaluated.

3.2.6 Entrance Diffusion Loss

In many cases, the estimation of the incidence losses adopted before in section
.2.T underestimate the entrance loss at positive incidence angles: the flow adjust-
ment taking place between the leading edge and the throat becomes the prevailing
effect [19], [24]. To consider this phenomena, an entrance diffusion loss is calcu-
lated.

The model followed is provided by AUNGIER, followed by an important contri-
bution given by KOSUGE: a key parameter is the relative velocity at the throat
of the inducer.

Ahgit = 0.4 (W) — Wip,)? — Ahiye (3.49)

If the incidence loss does not underestimate the entrance loss, it’s possible to
obtain a negative value of the entrance diffusion loss: in these cases, the entrance
diffusion loss is set to zero [24].

Kosuge provided additional informations about this loss: he found out that the
flow diffusion from inlet to throat is a primary indicator of inducer stall. In par-
ticular, when inducer stall occurs, a limitation should be applied to the entrance
diffusion loss [19].

According to Aungier, stall occurs when:
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When this condition is satisfied, the entrance diffusion is calculated as |24]:

> 1.75 (3.50)

0.4 (Wl — Wth)2 — Ahinc, if Ahedf > 0.5 (Wls —1.75 Wth)z — Ahhn,
Ahedf =
0.5 (Wi, — 1.75 Wip)? — Ahyye, otherwise.

(3.51)

3.2.7 Hub-To-Shroud Loss

Hub-to-shroud loss is related to pressure gradients detected along the blade span
(from hub to shroud) due to radial equilibrium issues (similar concept is already
applied in blade loading loss, when the pressure gradient is considered among the
blades).

AUNGIER defines the parameters needed to compute the loss: the first value
is the streamline curvature, obtained from the difference in the streamline slope
angles, as [22]:

The loss is then computed:
bW)?
Ahys = % (3.53)

b and W have been already computed respectively in equations and [3.31]

3.2.8 Distortion Loss

According to AUNGIER 6], a loss is produced by the impeller tip meridional ve-
locity profile distortion factor when the distorted flow mixes with the free stream
flow, similarly to an abrupt expansion.

The tip distortion factor ( is:

A=1/(1 - By) (3.54)

Bs is the tip blockage: initially, the empirical equation was derived from ex-
perimental work input curves. After defining the limit of that approach, Aungier
was able to provide a new formulation of the tip blockage: the first equation,
dated 1995 [22|, was subsequently refined, in 2000 [6]. It’s formulation is [28|:
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2Ahgs por —p1 [Wi Dpya < b3 ) < Ay cos By )2 p2 ba .
+ (034 = , if shrouded,
W2 poa—p2 V. Waby L2 ) \AicosBu ) piLy

2Ahy s por — D AVE " pab
sfpon —p1 Wi hyd+<0'3+ 2)( QCOS/BQ) p22+i if open.

W2 poa—p2 V. Waby L_g Aycos By ) piLe 20
(3.55)
B, depends on the skin friction loss (3.33]
Finally, the distortion loss is computed [22]:
Ahy=0.5(\—1)*V2, (3.56)

3.2.9 Choke Loss

Choke loss manifests when the choking condition is reached: the velocity of the
fluid at throat is equal to the speed of sound. If the mass flow continues to in-
crease, the compressor performance will drop rapidly: the losses are produce by
a shock wave that appears in the throat at supersonic state.

The loss correlation is provided by AUNGIER: the choke loss has been related to
the geometrical structure and aerodynamic blockage in the impeller throat. To
consider the 'impeding’ identified at the throat, a contraction ratio is introduced

[19]:
o = Ao P (3.57)
A

The contraction ratio is limited:

Ap cos By 1>2 (3.58)

C,<1-—
(™

The choke loss is computed basing on the value of a parameter X defined as:
Cr Ath

Ap,
A, is defined as the impeller throat area for which the assigned mass flow
will yield a sonic velocity. It’s formulation is provided by Dixon and Hall in [12]:

X=11-10

(3.59)

. m ¢
in _ re
Athroat,crit - Yrof 1 (360)
Po,ref a 2 2(Ypef—1)
TO,reeref O,I'Qf 7ref+1
imp _ re
Athroat,crit - ) Yrof F1 (361)
2(Vper—1)
U1,ref ref
2 1) ———
Po,ref a +(A{ref ) (ao,ref )
TO,ref Ryt 0,ref Yref+1
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- imp in
Athroat,crit = max (A Athroat,crit) (362>

throat,crit’

The throat area is found by considering the continuity equation: it is assumed
that the speed reaches the speed of sound at some section. Two sections are
considered: the first one computed refers to the inlet guide vane while the second
one is referred to the impeller passage.

If the IGV is consider, the absolute speed reaches choking conditions; if the im-
peller is considered, the relative velocity reaches the speed of sound value.

From these sections, the maximum is considered.

Finally, the loss is calculated:

1
W2 (0.06X+X7), X >0,
Ahg =< 2 (3.63)

0, X <0.

3.2.10 Supercritical Mach Number Loss

According to Aungier [6], supercritical Mach number loss is generated when a
boundary layer separation occurs due to supersonic conditions at blade suction
surface.

The loss 1 calculated as:

Ahy = 0.2[(Myy — Muier) Wanax]” (3.64)

Where W,,,.. has already been described in equation and M 1o 1s:

W*
Mwlcr = Mwl m (365)

W* is the local sonic velocity.

3.2.11 Shock Loss

The shock loss is defined starting from the total pressure loss generated in an
impeller due to fluid flowing through a shock wake, which is generated in the
inlet suction side [19].

WHITFIELD AND BAINES provided the loss correlation, suggesting that the
shock loss is caused by a normal shock wave at impeller inlet. In this case, the
loss mainly depends on two ratios: the ratio of the throat to the inlet relative
velocity and the ratio of the throat to the inlet static pressure [19|:

R L G = [ CY I
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AUNGIER also discussed about this loss mechanism: when the entrance velocity,
calculated at hub, mean and shroud surfaces, exceeds sonic conditions, shock
relations are used to reduce them to sonic conditions. This consideration suggest
to assume a shock loss.

No clear formulation is provided in [22] or [6].

3.2.12 Recirculation Loss

The recirculation loss takes into account the flow that turns around after leaving
the impeller and goes back to the impeller section. Higher is the absolute flow
angle (from the meridional direction) of the flow exiting the impeller, easier will
be the recirculation phenomena; also the diffusion factor has huge impact on the
loss [18].

Different correlation has been proposed:

e COPPAGE:

Ahye = 0.02Vtan oy D} U3 (3.67)
The diffusion factor equation is already been exploited (equation |3.16])

e AUNGIER: proposed a modify approach, using the equivalent diffusion fac-
tor D.,. When the equivalent diffusion factor (equation is higher than
a certain number representing the stall of the impeller (according to Leiblein
equal to 2, as already seen in [3.2.5)), the loss is calculated as [24]:

D
(ﬂ _ 1) (W“2 — 2tan52> L if Deq > 2,
Ahye = 2 Vim2 (3.68)

0, otherwise.

e OH: created a new loss model by placing more emphasis on the flow angle
distribution. A hyperbolical functional form has been developed to compute
the loss [18]:

Ahye =8 x 107° sinh(3.5 ap) D} U3 (3.69)

However, this loss mechanism shows some limits when applied to highly-
loaded centrifugal compressors.

e RODGERS: came up with a recirculation loss formulation which is inde-
pendent from the diffusion factor. The equation has been constructed with
empirical constants [24]:

U2\’
Ah,. = 0.032 (0_21) (3.70)
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3.2.13 Disk Friction Loss

Disk friction loss is generated by the frictional torque of shear forces between the
rotating disk and and the housing: the geometry of the impeller and of the casing
have a notable impact on the loss.

The man formulations are provided by:

e DAILY & NECE: conducted an experimental and theoretical study of the
rotation of a smooth plane disk enclosed within a right-cylindrical cham-
ber. They developed theoretical models for all the different flow regimes,
coming up with the following loss correlation in which a disk friction factor
is introduced (depending on the Reynolds number) [19]:

UsRy

Vo

(3.71)

Redf =

2.67

, Redf <3 x 105,
\/ Redf
far = (3.72)

0.0622
— > 10°
(Redf)0'27 Redf = 3 x 10 s

Ahgr = far (p1 + p2) R3US / (81m) (3.73)

Daily and Nece provided also a formulation in which a coefficient Ky is com-
puted as a function of the clearance gap € alongside the Reynolds number

[24]:
( 0.1
2
3.7 (3€>
R—O25’ if Rey < 30,000,
e2‘
Ky = o (3.74)
0.102 (2_)
Dy .
02 , otherwise.
\ Re,
The loss was defined as:
p D2U3
Ahg =025 K, 2 o (3.75)

p is the mean density value.

e SHEPHERD: proposed a model depending directly on Reynolds number
rather then defining a disk friction factor. The Reynolds number is defined
with respect to the stagnation quantities [19):
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_UDy

Vo2

Re

(3.76)

Ahge = 0.01356 poUs D3/ (1 Re"?) (3.77)

e BOYCE: provided a disk friction based on the experimental work of Watabe
D2 AhEuler ‘/1 R%

[24]:
R\
Ahg = 1+ = — 1—(—
v fdf( +p1) 2 Us Ry (Rz)

In this equation, the energy exchanged across the impeller Ah,, obtained
with Euler formulation is needed.

(3.78)

e AUNGIER: the starting point of his loss model is given by the description
provided by Daily and Nece. The starting point is the definition of a disk
torque coefficient: four different flow regimes were considered by Daily and
Nece and four different equations (one for each flow regime) have been
obtained [6]:

2
Cyvi = m, laminar, merged boundary layers,
3.7 (¢/ Ry)t
Cuo = M, laminar, separate boundary layers,
v Re
0.08 (3.79)
Chis = R )'1/6 R/t turbulent, merged boundary layers,
2
0.102 (¢/Rp)%*
Cuyy = PSZ({'Q 2) , turbulent, separate boundary layers.

Re is defined in equation [3.71] To determine which flow regime exists, the
four torque coefficient are calculated and the maximum is selected C),.
At high values of Re, the roughness effects increases the torque coefficient
up to a condition in which the disk becomes ’fully rough’: in this case, the
torque coefficient doesn’t vary any more with Reynolds number. Introduc-
ing the value of the roughness e, the ’fully rough’ disk torque coefficient is
calculated as:

Corr = ! i (3.80)

R . 0.25
(3.8 logay (%) - 2.4 () )

To compute the proper value of the torque coefficient, taking into account
also the roughness effect, a new definition of Reynolds number has been
developed:
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—0.4
1100 (R—2> 1

Re, =
v Cu

A Reynolds number is also computed for the ’fully rough’ case:

1100 R
- 2 —6-10° (3.82)

er
(&

According to Daily and Nece, the disk torque coefficient can be computed

as:
if Re < Reg,

(OMS7
if Re > Re,,
(3.83)

CMra

Cu

ln@;) if Re; < Re < Re,.

Curs + (Crr — Chts) @;

\

Aungier introduced an improvement of this approach based on empirical
correlations; the torque coefficient obtained above (equation|3.83)) is denoted

as (9. The new value is given by:

1—K\?

The terms K (with seal leakage) and K (no seal leakage) are obtained from

observations on the clearance gap leakage flows:

0.46
Ko = _ (3.85)
1+25
vu2 . .
K= A Impeller tip swirl parameter (3.86)
2
(121, pa Ro U/ pia)'/°
C, = 3.87
! 21 p2 R% Uy ( )
Where m, is the leakage mass flow.
R
2 (3.88)

€

K =Ko+ C,(1.75 Ky — 0.316)

The impeller disk friction torque coefficient is computed independently for

the disk and the cover, respectivately called Cy;p and Cye [6]:
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Cyp = 0.75C)y (3.89)

Dls > 1 . .
0.75 L,,Cy |1 — , if shrouded impeller,
Cuc = . ( Dy ) (R — Ry) P
0, if ipen impeller.
(3.90)
Finally, the disk friction loss is computed:
RZ
Ahdf = (CMD + CMC) P22 U23 (391)

2m

3.2.14 Leakage Loss

Some of the flow exiting the impeller leaks through the clearance gaps and
labyrinth seals to the lower pressure regions, causing the leakage loss. For open
impellers, the loss occurs in the disk-housing gap while for the shrouded ones in
the labyrinth seals.

Several correlations are presented in literature, differentiating between open and
shrouded impellers. Starting from the OPEN impellers, the loss formulations
proposed are:

e AUNGIER: assumed that half of the clearance gap leakage flow is re-
entrained into the blade passage and re-energized by the impeller |29].
For this reason, the leakage mass flow rate correspond to the one calculate
in section m (equation . Also the other parameters, like the velocity
in the gap Uy, is taken from that section.
The leakage loss is:

mcl Ucl U2

2m

Ahjeay = (3.92)

A different formulation, still referred to Aungier, is provided by Zhang et

al. [19]:
1.332 (RoVyo — R4V,
Ahlk = P2 EUQ ( 2 727 L 1) (393)
270b
e JANSEN: similarly to Aungier, Jansen proposed a formulation for open
impellers:
€ 47 [ Ris — Ru P2
Ahy, = 0.6 — V& 14— | VoW 3.94
" by 2\/522(32—313)(+01 o ( )
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For covered impellers, the gap in which the flow can leak is given by the seal:
the leakage flow is calculated as a function of the seal geometry.
Two models are presented:

e AUNGIER: following the approach and results proposed by Egli [6], the
leakage flow is computed by means of three coefficients relying on seal’s
geometry and empirically obtained. Aungier followed the approach and
results proposed by Egli [6]. A schematization of the seal is necessary to
understand which are the main parameters:

FIN

LAND

Figure 3.5: Typical geometry of a straigth-through labyrint seal [25].

0 represents the seal clearance, ¢t the thickness of the fins, P the pitch and
d the seal diameter.

The first coefficient is the contraction coefficient C.., depending on the ratio

S/t

1

54.3 345
3+ ( 1+1066/t>

Then, the seal throttling coefficient is defined: it’s a function of the seal
pressure ratio pr and the number of fins in the seal V:

C,=1- (3.95)

2.143[In(N) — 1.464]
N N — 4.322

C, (1 —pg)"27Pn (3.96)

Finally, the carry-over coefficient C is computed: it accounts for the resid-
ual kinetic energy carried through from one restriction to the next.

é—)(an 1—|—£
Ci=1+X P P (3.97)
t ' 1— X, ‘
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X and X5 formulations depends on the number of fins:

15.1 — 0.05255 exp[0.507 (12 — N)], N <12,
X, = (3.98)
13.15 4 0.1625 N, N > 12.

1.058 +0.0218 N, N < 12,
Xy = (3.99)
1.32, N > 12.

The ratio 6/P shows an upper limit: if the limit is exceeded, the ratio
assumes the value of the limit.

4]
—<X,-1 3.100
0 <x, (3100
The leakage mass flow is defined by:

mL :7Td5CthCTp2 \ RTQ (3101)

The leakage loss is:

my, Ahe,
Ahy, = —2——< (3.102)
e OSNAGHI: another formulation is provided by Osnaghi to compute the
leakage mass flow; the loss is then computed as Aungier proposed.
There is again a strong dependency on the seal geometry identified by a co-
efficient Cp; first the leakage area is computed relying on the seal clearance

0

Aleak =T Dls ) (3103)

2 Ahg
N

The leakage loss is computed as equation |3.102]

mr = Cp Aleak P1 (3.104)

3.3 Vaneless diffuser losses

There is always a vaneless space directly following the impeller in which the flow
has the possibility to diffuse, regardless of the the presence of a vaned diffuser.
The vaneless space produce losses due to friction and diffusion [19].

The main formulation are provided by:
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e STANITZ: he developed the mass, momentum and energy conservation
equation for vaneless diffuser. The enthalpy loss is calculated:

(1%) N - (%) “] (3.105)

e COPPAGE: simplified the general equations into semi-empirical alterna-
tion. The relation between mach number and radius is sufficiently approx-
imated [24]:

Ajv{vld = CpTOQ

3
2 (D\2 (C;Dy\ C2
A =2 == 1
fia 3 (D3> ( 8by )cosz(OzQ) (3.106)

where C is given by:

1.8 x 10°\"?
M) (3.107)

Crua =k
fvld ( Re
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Chapter 4

MATLAB Framework for the 1-D
Performance Prediction of
Centrifugal Compressors

This chapter presents the MATLAB-based computational framework developed
to predict the thermodynamic performance of centrifugal compressors using a
one-dimensional (1-D) modelling approach. The code is designed to analyse dif-
ferent compressor geometries: provided the input geometric parameters and set
the loss correlations to be applied, the performances of the compressor are eval-
uated.

A key characteristic of the developed MATLAB framework is its high level of
modularity: each physical phenomenon (incidence, friction, leakage, slip, mixing,
diffuser losses) and each computational operation (geometry loading, thermody-
namic updates, velocity-triangle evaluation, iterative density loops) is isolated in
an independent function or script. In this way, future changes or integration can
be easily applied, without interfering with other code parts.

The logical flow is described in fig. firstly, three input files are provided
to the code. The first one reports the geometric parameters of the compressor
module, the second allows to set the operating conditions of the compressor and
the last one document provides the tolerances and limits to be respected when
running the performance codes (respectively identified as .data, .analysis and
.settings).

The three input documents are checked by a dedicated function, read_check_convert,
which ensures the availability and correctness of the files, prepares the the nec-
essary structures for further calculations and converts the input values in SI units.

The performance analysis can starts: perfcalc Computes parameters such as
efficiency, mass flow rate, pressure ratio, and losses and returns detailed ther-
modynamic and velocity data for the analysis. In this case, the impeller and
the diffuser performance are evaluated thanks to the functions impecalc and
diffcalc.
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The results obtained from the performance analysis are compared to the ex-
perimental data and the plots are generated.

[ Input file creation J
(

".data’, *.analysis’, ’.settings’)

(read _check convert)

[Read & convert input data]

[Impeller performance calculation]

(impecalc)

[ Diffuser calculation ]

(vaned /vaneless)

Compressor overall performance
(pressure ratio, efficiency, losses)

Comparison with experimental data
(plots, validation)

Figure 4.1: Flow chart of the MATLAB 1-D compressor performance code.

The description of the different functions is given in the following sections.

4.1 Input Files

Three input files are requested to run the codes and compute the performance of
the compressor.

e _input.data: this input file contains different parameters: first, the me-
chanical and electrical efficiency are reported. Then the fluid properties and
the inlet conditions should be given by the user, including the mass flow rate
and the rotational speeds at which the device works. The main part of the
document is dedicated to the geometric parameters: impeller, inlet duct,
vaneless space, diffuser, volute and outlet duct should be described. The
impeller, in particular, requires several values: number of blades, radius at
the inlet section (for hub and shroud), blade specifications (inlet and outlet
angles, width and thickness), the clearance and the seal geometry in case
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of a shrouded impeller. Similar values are required from the vaned diffuser:
that module has not been developed in this thesis project.

e _input.analysis: the operating conditions are set in this file. The user can
select the components to be consider in the performance analysis and select
the type of component (for example, if the impeller is open or shrouded,
if the diffuser in vaneless or vaned). Moreover, the loss correlations equa-
tions to be used can be selected alongside the methods to compute other
important parameters, like the slip factor. This is the document allowing
to investigate different loss models.

e _input.settings: in the settings code, several control parameters are spec-
ified: the majority of them are convergence tolerances used for the iterative
cycle developed in the main codes.

All these files are usually called with the name of the compressor followed by the
designation used in the previous lines.

4.2 read_check_convert.m

read_check_convert.m is the function that checks if the input files are present
and if they are properly written: an error message is generated in case of any
problem to provide a feedback to the user. The first lines of the code are ded-
icated in searching the input file through the different directories depending on
the compressor that should be evaluated.

Then, the files are read, all the lines are stored in a matrix and the input data,
extrapolated from the matrix, are collected in a data structure.

A key feature of this function is the loss setup: the user can decide which loss
correlation setup use to evaluate the compressor performances. The code divides
between internal and parasitic losses: since the internal losses are numerous, a
vector is constructed. Each position of the vector refers to a specific loss mecha-
nism, as shown in table [£.1 The numbers placed into the vector, instead, defines
the loss correlation to be used for the corresponding loss mechanism.
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Table 4.1: Structure of the methods_vector used to activate each loss model.

Index (i) Loss Mechanism

Incidence loss (Incloss)

Blade friction loss (Bldloss)
Skin-friction loss (Skfloss)
Mixing loss (Mixloss)

Wake model

Clearance loss (Cleloss)
Edge/diffusion loss (Edfloss)
Disc friction loss (Disloss)
Hub-shroud slip loss (H2sloss)
Choking loss (Chkloss)
Non-swirling loss (Nswloss)
Small-clearance loss (Smaloss)

— =
TS ©00 10 Utk W

—_
(]

This approach allows to use predefined loss correlation models easily found in
literature, like Oh et al., Zhang and Meroni loss correlation.
The parasitic losses follows the same approach of the internal ones.

Another important feature of the function is the conversion of the collected input
data to the international system of units (SI). In particular, the thermodynamic
properties of the working fluid are initialise from CoolProp library. CoolProp is
an open-source and high-accuracy property database that provides equations of
state and transport correlations for a large number of fluids. Using CoolProp
ensures that the one-dimensional model is not limited by ideal-gas assumptions
and that properties such as enthalpy, specific heats, density and viscosity are
evaluated consistently over the entire operating range. The code extracts the
following key properties at the inlet conditions of the compressor:

e the specific gas constant R, computed as the ratio between the universal
gas constant and the molar mass provided by CoolProp;

e the specific heat at constant pressure ¢, and at constant volume c,, from
which the isentropic exponent v = ¢,/¢, is obtained,;

e the reference dynamic viscosity jie, evaluated at T'= 273.15 K and p =
101,325 Pa;

e an AbstractState object (fluid_as) that is later used to update fluid
properties at arbitrary (7, p) pairs within the solver.

This initialisation guarantees that every thermodynamic or transport prop-
erty used in the performance model (e.g. density, enthalpy, viscosity, speed of
sound) is retrieved directly from CoolProp, thus improving physical consistency
and avoiding ideal-gas simplifications that could introduce non-negligible errors
at high pressure ratios or off-design conditions.
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4.2.1 Adding a New Compressor

To include a new compressor, it’s requested to create a folder containing _input.analysis,
_input.settings, _input.data. Then, read_check_convert.m should be con-

trolled: if the new compressor is saved in a folder already managed by the code,

no changes should be applied. Otherwise, if a new folder is created, adjustment

should be applied to allow the code to find and read the input files.

4.3 perfcalc.m

perfcalc.m is the core function for performance calculation: it’s composed by
several subfunctions providing the performance estimation of each component of
the compressor, based on the input file set up.

In order, the code runs the subfunctions related to:

e inlet duct: placed prior to the rotor inlet section;
e impeller;

e vaneless space: component connecting the rotor outlet section to the stator
inlet;

o diffuser;
e volute;

e additional components based on the structure of the compressor evaluated
(like the conical diffuser duct and the outlet duct).

The different modules are switched on when the component performance anal-
ysis is requested by the user; moreover, perfcalc.m manages the different com-
ponents configuration, like if the impeller has splitters or no, if the diffuser is
vaned or vaneless and more.

Several parameters are computed by the code: efficiency, mass flow rate, pressure
ratio and losses, followed by detailed thermodynamic and velocity data for the
analysis.

The two main subfunctions of perfcalc.m are related to the impeller and diffuser
performance estimation: impecalc.m and diffcalc.m description is provided in
the following paragraphs.

4.3.1 impecalc.m

As the name suggests, impecalc.m is the function aimed to analyse the impeller:
it returns the efficiency, the pressure ratios and the losses taking place in the
rotor. Structures containing the thermodynamic properties and the velocities are
generated to properly analyse the evolution throughout the impeller.

The code uses three main iterative cycle to estimate the parameters at the inlet,
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at the throat and the outlet cross section.

The first iterative cycle is dedicated to the computation of the impeller’s in-
let conditions: the density at section 1 has been assumed equal to the density at
point 00 (inlet of the compressor, considering an inlet duct preceding the rotor).
Having the density and purely axial inlet conditions, the velocities can be com-
puted. Using the equations reported in chapter 2] the thermodynamic properties
can be described. The density value obtained from this calculation is compared to
the first guess value: if the converge criterion is satisfied, the iterative cycle ends.
Otherwise, a new loop is performed starting from the value of density returned
from the previous cycle.
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[ Initial guess: p1 = poo ]

Velocities: ]
le ) Vul ) ‘/1 J

Static temperature
V2
Ty =Ty — -
2¢,

Isentropic Vi, _
[ (loss evaluation) ] [ FL = Plapp ]

[Compute M; and static pressure pl]

Update density
P1

Pl,app = R_E

Convergence check

no

p1 — P17app| < &7
P1

yes

Inlet state properties
(p1, T1, p1)

Figure 4.2: Flowchart of the iterative inlet-condition solver.

The velocity triangle are then computed for the mean stream line, the hub
and the shroud.

The evaluation proceeds with the definition of the throat section: this area has
huge importance in the definition of the choking conditions. The geometric pa-
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rameters are computed, followed by the velocities and the first part of the com-
pression taken into account.

The impeller’s outlet condition are then computed: first of all, the outlet cross-
section is calculated through the geometric parameters reported in the input file.
Farther, other values needed in the losses’ computation are in this phase com-
puted, like the meridional and radial length of the compressor and the hydraulic
diameter.

Another iterative cycle is used, following a similar approach of the computation
of the inlet conditions. The convergence is searched between a guessed value
of density p, and the value of density obtained through the calculation of the
velocities and the thermodynamic properties. In this case:

P2,guess = 2.5 % P1 (41)

The compression happening through the impeller is considered and the guess
value of density is set equal to the inlet one p; multiplied for a constant term,
qualifying the compression: without that factor, the convergence was reached at
lower value of density, significantly decreasing the pressure ratio and the efficiency
of the impeller.

The loop flowchart is shown in figure [4.3}
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[ Initial guess: ps = 2.5 p; ]

[ Compute: ]

Vm?a Vu27 ‘/27 ¢2 and o J

[ Euler

work: ]

Lz’ = VUQU - VulUl

Compute:
To2, T3, M, Re
Friction factor:

Cy

Internal losses calculation and
impeller internal efficiency

N = (Li -

Ahin‘c)/Li

Update outlet conditions:
To2s, Po2s; Po2; P2 and po

Convergence check

’pZ - pQ,app’ S 8? J

P2

no

P2

P2,app

yes

Converged outlet state
(p2, T, p2)

Figure 4.3: Iterative loop for impeller outlet conditions

The internal losses are calculated through a dedicated function,
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’calculate_internal_losses.m’. The parasitic losses are computed outside
the iterative cycle, after getting the outlet values: the choice is justified by the
fact that they don’t affect the pressure ratio characterizing the impeller. They
have a role in the definition of the impeller efficiency. A similar code is developed
to manage the parasitic losses, called ’>calculate_external_losses.m’.

Finally, several parameters defining the impeller performance are calculated and
returned to ’perfcalc.m’. Velocities, thermodynamic properties and perfor-
mance data are saved in separated structure: ’imp_perf.m’, ’imp_terdat.m’,
>imp_trveldat.m’ and’imp_loss.m’.

’calculate_internal_losses.m’

This code manages the internal losses taking place in the impeller: according to
the loss model set by the user (defined in the input files), the proper formula-
tion to evaluate each loss mechanism is selected. The code is composed by a
main function, which compute the internal losses as a summation of the different
losses, and a set of subfunction to singularly manage the loss mechanisms. The
loss correlation to be used is selected according to the method_vector.m created
in >read_check_convert.m’.

The formulations are provided in chapter [3} an overview is here proposed:
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Table 4.2: Internal losses, available correlations, and activation IDs.

5

Loss Available correlation

No loss
Conrad (1980)
Aungier (1995)
Incidence loss (incloss) Aungier+
Galvas (NASA)
Meroni-Oh
Gravdahl (control theory)

No loss
Coppage (1956)
Aungier (1995)
Meroni-Oh

Blade loading loss (bldloss)

No loss

Hub-to-shroud loss (h2sloss) Aungier (1995)

No loss
Coppage (1956)
Skin-friction loss (skfloss) Jansen (1966)
Aungier (1995)
Meroni-Oh

No loss

Rodgers (1968)
Krylov—Spunde (1967)
Aungier (1995)
Jansen

Brasz

Clearance loss (cleloss)

No loss

Entrance diffusion loss (edfloss) Aungier (1995)

No loss

Distortion loss (disloss) Aungier (1995)

No loss

Aungier (1995)
Johnston—Dean simplified
Johnston—Dean (iterative)
Denton (DACC)
Meroni-Oh

Mixing loss (mixloss)

No loss

Choking loss (chkloss) Aungier (1995)

No loss
Shock loss (nswloss) Aungier (disabled)
Whitfield-Baines

SN RO R O|UlkE WD, O|I RO RO E N OO|IOWNFRFOFRFO[ION ROt R W —O

Supercritical Mach loss (sma)  Not implemented
7




’calculate_external_losses.m’

calculate_external_losses.m is structured in the same way as the previous
code. The external loss formulations have been precisely described in chapter [3}
an overview of the losses is proposed:

Table 4.3: Parasitic losses: available correlations and activation IDs.

S

Parasitic Loss Available correlation

No loss

Aungier (1995)

Oh—Yoon—Chung (1997)
Recirculation loss (extrcloss) Coppage (1956)

Galvas (NASA TN D-7487)

Rodgers

Alekseev correlation

No leakage
Aungier — unshrouded impellers
Aungier — shrouded impellers
Aungier (by Zhang [19])

Leakage loss (extlkloss) Jansen
Osnaghi

No loss

Daily & Nece
Shepherd

Aungier (1995)
Coppage

Daily—Nece (modified)
Galvas

Boyce

Disk friction loss (extdfloss)

N OO OOk WP OO NEFE OO TR W~ O

4.3.2 diffcalc.m

The function diffcalc.m computes the thermodynamic and aerodynamic per-
formance of the vaneless diffuser located downstream of the impeller exit. It
receives as input the thermodynamic and velocity data from impeller exit, the
diffuser geometry, and a set of modelling options defined through the input and
settings structures.

The function produces the flow properties at station 4 (diffuser outlet), together
with performance indicators such as pressure coefficient, diffusion coefficient,
total-pressure loss coefficient and diffuser efficiencies.

Two models are proposed to manage the diffuser system:

e Meroni’s model;

e Stanitz’s model.
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Meroni’s model

Similarly to impecalc.m, this function elaborate a two-level iterative procedure
performed to reach the convergence between an estimate and a computed outlet
density. This main loop presents two inner iterative procedure aiming to reach,
respectively, the convergence of the Reynolds number and the isentropic density.
This approach has been inspired by the Meroni model, described in |15]

The Reynolds number iteration starts by the computation of the diffuser friction
coefficient Uy, necessary to calculate the tangential component of the absolute
velocity at diffuser outlet section.

1.8-10%\ %2
Cr=0.0058 [ 2 4.9
, ( . ) (42
Vi,
Vi = 4.3
4 Ry 21 Cyps Vs, (R? — RsRy) (43)
ki
Rg mg

The mass flow rate and the supposed density allows the computation of the
outle meridional component of the absolute velocity V4.
Thanks to these parameters, the Reynolds number can be computed and com-
pared to the guessed value:
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b
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<
A
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Vi

b

( . ) Not converged:
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Update thermodynamic state { update and repeat

(. J
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b
e R

Update viscosity (CoolProp)

= J

h

Compute new Reynolds number}

-

h

no

-/

E Convergence test

Yes

b

L Continue with main loop (p4) }

Figure 4.4: Reynolds-number convergence loop

The Reynolds number obtained is used to evaluate the skin friction loss, as
defined in section [3.3] The loss value allows to define the total enthalpy, total
temperature and total pressure in isentropic conditions. The isentropic density
pais 1s initially assume to be equal to p; (the guessed value prior to the main
cycle): for this reason the second loop is required. The thermodynamic state is
computed in isentropic condition:
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Figure 4.5: Isentropic density convergence cycle

The main loop continues from this second loop: the iterative cycle on the
isentropic density provides the proper value of the outlet pressure p;. The density

P4app canl be calculated:

formed:

Pdapp = R_n

The convergence between the assumed density calculated and guessed is per-
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The outlet section data are then calculated and saved in the structures *diff_perf.m’,
’diff_terdat.m’ and ’diff_trveldat.m’.

Stanitz model

The diffuser can be managed in a differt way: it is not modeled through algebraic
correlations (as done in Aungier or Meroni’s simplified approach), but through
the complete 1-D differential formulation originally introduced by Stanitz and
later used and reorganized by Meroni. This method solves the evolution of the
flow variables inside the vaneless diffuser by integrating a system of differential-
algebraic equations (DAESs) using MATLAB’s odel5i solver: contrast to correlation-
based or semi-empirical approaches, this method integrates a set of differential—
algebraic equations (DAEs) along the radial coordinate, providing a physically
grounded description of the flow evolution inside the diffuser.

All the geometric quantities (Rs, Ry, bs, by), the inlet thermodynamic state (ps, ps, Tos, Pos),
and the meridional and tangential velocity components (V,,3, Vi3) are assembled

into a structure that is passed to the solver. These inlet values remain “frozen”

during the integration and define the initial conditions for the state vector:

Chn (1)
_ Ci(r)
y(r) = () | r € [Rs, Ry].
p(r)
A friction model of the form
1.8 x 107\

is included consistently with Meroni, while the viscosity is computed through
a CoolProp AbstractState object to account for its dependence on temperature
and density.

The diffuser model relies on the Stanitz equations, namely:
e the radial momentum equation;
e the tangential momentum equation;
e the continuity equation including geometric divergence;
e the ideal gas equation of state coupled with total enthalpy conservation.

These equations yield three differential relations and one algebraic constraint,
resulting in a DAE system of index 1. The temperature at each radius is obtained
from the conservation of total enthalpy:

ho — C(1r)?/2
r(r) = PO

Cp
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which introduces thermodynamic coupling between the variables.

The DAE system is integrated with ode15i, MATLAB’s fully implicit, variable-
order and variable-step solver for DAEs. Before the integration, a consistent
set of derivatives gy is computed by solving the linearised form of the governing
equations at r = R3. This guarantees that the initial state satisfies both the
differential and algebraic constraints.

The solver advances from R3 to R4, computing the evolution of:

C(r),  Ci(r), p(r), plr),
and subsequently:
e velocity magnitude C(r) = 1/C2, + C2,
e temperature 7'(r), hydraulic diameter Dj,(r) and height b(r),
e viscosity, Reynolds number and friction coefficient.

The output is a high-fidelity radial distribution of all the low quantities within
the vaneless diffuser.

The diffuser exit (station 4) corresponds to the last point of the numerical solu-
tion:
Cina, Cu, Cu, pa, pa, Ty

The total pressure at the outlet is computed using the compressible relation:

T 1 v/(v=1)
Doa = P4 (1 + TMZ) (4.6)
\
M, = a—;‘ (4.7)

The diffuser losses are evaluated through the Stanitz small-stage formulation
depicted in section [3.3]
The outlet parameters are saved as Meroni’s model.

This implementation represents the highest-fidelity model available for the vane-
less diffuser within the present 1-D MATLAB framework.

Brief overview of the odel15i solver

ode15i is MATLAB’s implicit solver for differential-algebraic equations of in-
dex 1. It integrates systems of the form:

F(t7 y? y) = 07

where part of the equations may be algebraic (i.e. do not contain time derivatives).
The solver:

84



e uses a backward differentiation formula (BDF),

e adjusts the step size and order automatically,

e enforces both the differential and algebraic constraints at every step,
e is particularly robust for stiff or strongly coupled systems.

For these reasons, ode15i is the most appropriate tool for solving the Stanitz
equations, which combine momentum conservation, thermodynamic constraints
and the ideal gas law in an implicit manner.

4.4 Confronto.m

All the codes described in the previous sections are functions: they are cited in a
code aiming in performing the comparison between the experimental values and
the results obtained thanks to the compressor analysis. The data calculated by
the MATLAB code are saved in a structure call PERF1. A part of the comparing
code is dedicated to the extraction of the experimental values, which are saved
in a specific folder as tables (files .mat’).

All the plots are managed by this code: the user can easily introduce new plots
for a better comparison or to analyse specific data.

4.5 Auxiliary functions

The functions described up to now represents the main structure of the centrifugal
compressor analysis. Several other function have been implemented to calculate
specific parameters needed in read_check_convert, impecalc and diffcalc.
The most important are listed below:

e terdcalc.m: performs the calculation of the thermodynamic properties;
e trvcalc.m: performs the calculation of the velocity triangles;
e slipfact.m: calculates the slip factor;

e generation_table.m: generates the files .mat’ containing the experimen-
tal values of the centrifugal compressors;

e more additional functions.

4.6 Summary

This chapter has outlined the MATLAB computational framework developed for
the 1-D performance prediction of centrifugal compressors. The code architecture
is modular, flexible, and suitable for the comparison of different loss models across
several compressor families.
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Chapter 5

Validation of Loss Models and
Predicted Performance

This chapter presents and discusses the results obtained from the one-dimensional
performance model developed in this thesis. The analysis focuses on the com-
parison between numerical predictions and experimental data for the selected
centrifugal compressor stages, with particular attention to the predictive capabil-
ities of the different loss correlations and modelling approaches introduced in the
previous chapters.

5.1 Loss Models Analysed

Four main set of losses have been used to compute the performances of the cen-
trifugal compressors tested by the code: the first loss model is provided by Meroni
et Al. |15] that used the Eckardt impellers to validate their choices in defining the
loss formulations. The other three sets are provided by Zhang et Al. [Zhang],
which were tested on 8 centrifugal compressors. Zhang et al., in particular, pro-
posed a new correlation method based on the inlet tip relative Mach number M,
and the specific speed n,; this method allowed to divide and differ the loss corre-
lations used to predict the performance of subsonic and transonic compressors.
Alongside this two loss models, a classical one is presented: Oh et al. proposed
a set of losses that, in many cases, provides a proper match between numerical
and experimental results. Zhang et al. analysed their set compared to Oh et al.
model.

The loss correlations are here presented:
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Table 5.1: Comparison of loss models across Meroni, Set 1, Set 2, Set 3, and Oh’s
Set. [15], [19]

Loss mechanism Meroni Set 1 Set 2 Set 3 Oh’s Set

Internal losses

Skin friction Galvas / Aungier Jansen Jansen Jansen Jansen
Blade loading Jansen Coppage Coppage Aungier Coppage
Mixing Johnston and Dean Aungier Johnston and Dean Aungier Johnston and Dean
Clearance Coppage / Jansen Jansen Jansen Rodgers Jansen
Incidence Galvas Aungier Aungier Aungier Conrad
Entrance diffusion - Aungier Aungier Aungier None

Choke - Aungier Aungier Aungier None

Shock - None Whitfield and Baines Whitfield and Baines None

External losses

Disc friction Japiske / Daily and Nece Daiy and Nece Daiy and Nece Daiy and Nece Daiy and Nece
Recirculation Oh Coppage Coppage Coppage Oh
Leakage - Aungier Aungier Jansen Aungier

It’s necessary to specify that the mixing loss, in Meroni’s model, is accounted
as an external loss. Three main groups of compressors have been have been
analysed to validate the MATLAB code and to evaluate the loss models:

o FEckardt impellers |19];

e cight centrifugal compressors used by Zhang to validate the set of losses [19].

The test-cases are analysed one by one in the following paragraphs.

5.2 Eckardt impellers

The first group of compressors analysed in this project is composed by the Eckardt
impellers. Commonly used in literature to validate the loss correlations discov-
ered since the second half of the 1900s, they represent an optimal starting point
to validate the code and to analyse loss models.

Three centrifugal compressor are part of the Eckardt impellers, identified as
"Eckardt impeller O’, ’Ekcardt impeller A’ and "Eckardt impeller B’. They show
similar geometric parameters and are characterised by a rotor followed by a vane-
less diffuser.

Their geometric parameters are reported in the table [5.2}
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Units Eckardt Impeller
O A B
Fluid — Air Air Air
To1 K 288.15 288.15 288.15
Po1 bar 1.01 1.01 1.01
N krpm  14-16 14-16 14-16
Impeller
T1s m 0.14 0.14 0.14
T1h m 0.045 0.06 0.0599
r2 m 0.2 0.2 0.2
bo m 0.026 0.026  0.026
L, m 0.13 0.13 0.13
Zy full — 20 20 20
Zr,splitter — 0 0 0
Rsplitter _ 0 0 0
B1bs © —63 —63 —60
Bibh ° -32 —40 —45
Bap © 0 -30 —40
€a mim 0.372 0.235 0.372
€ min 0.372 0.19 0.372
€p min 0.372 0.235 0.372
ks mim 0.002 0.002 0.002
b1 mim 2.11 2.11 2.11
bo mm 1.08 1.08 1.08
Vaneless Diffuser
r3/T9 — 1.69 2.69 3.69
b3 /b2 — 0.51 0.51 0.51

Table 5.2: Data of experimental Eckardt compressors [15]
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The only differences highlighted for the three impellers are the inlet radius
at the shroud, the blades’ angles (changing both at the inlet and at the outlet)
and the clearances. The diffusers, instead, shows different geometry: the outlet
radius R3 becomes bigger and bigger as it move from O impeller to B.

Each impeller is analysed.

5.2.1 Eckardt Impeller O

The first impeller to be analysed is Eckardt O. The experimental values to which
the compare is performed are reported in tables [5.3} the isentropic efficiency
N, and the pressure ratio PRy have been calculated for four different rotational
speed of the impeller. According to the results reported in the table, the higher
rotational speed shows the highest values of pressure ratio; instead, in terms of
efficiency, the performance shows almost constant values for all the velocities
investigated, with values range between 85-90%.
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Table 5.3: Performance data O: mass flow rate, pressure ratio, isentropic efficiency
and rotational speed (from [15])

m PRy U rpm

2.3043 1.46224 0.84135 10000
2.5418 1.47712  0.85035 10000
2.7543 1.48284 0.86017 10000
3.0266  1.49199  0.87162 10000
3.2769  1.49657  0.87857 10000
3.5428  1.49771  0.88264 10000
3.7838  1.49542 0.88344 10000
4.0323 1.49085 0.88219 10000
4.2733  1.48284 0.87971 10000
45949  1.47368 0.87641 10000
3.0806 1.70938  0.84662 12000
3.4116  1.72998  0.85806 12000
3.7094 1.75515 0.86706 12000
3.9789  1.76316  0.88015 12000
4.2541 1.76316  0.88586 12000
4.5253  1.76087  0.88584 12000
4.7726  1.75744  0.88418 12000
4.9671  1.75057 0.88171 12000
5.1448  1.74256  0.87841 12000
5.3300  1.73227 0.87512 12000
3.9469  2.04805 0.85146 14000
4.2227  2.06293  0.85882 14000
4.5346  2.08124 0.86904 14000
4.8231 2.08810  0.87557 14000
5.0322  2.09153 0.88088 14000
5.2824  2.09611  0.88537 14000
5.5739  2.09039 0.88412 14000
5.7516  2.08352  0.88041 14000
5.9636  2.07437 0.87384 14000
6.1093  2.06293  0.86809 14000
4.9387  2.49657  0.85589 16000
5.2395  2.51487 0.86119 16000
5.4566  2.52288  0.86527 16000
5.6895  2.53204 0.86935 16000
5.9334  2.53204 0.87261 16000
6.1424  2.52517 0.87382 16000
6.4246  2.51144  0.87257 16000
6.6354  2.50229  0.87050 16000
6.8206 2.48856  0.86721 16000
6.9948  2.47025 0.86351 16000

The analysis of the impeller under investigation has been performed using the
loss model provided by Meroni et al. in their review [15]; they didn’t include all
the loss mechanism reported in chapter |3 In those cases, the loss has been set
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to zero and doesn’t affect the performance of the compressor.
The results obtained shows an optimal correlation between numerical data and
experimental ones.

Rotor eckO: Pressure Ratio 09: Rotor eckO: Efficiency

L3 e por U

0.871

o Data
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2 4 I 4 6
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Figure 5.1: Isentropic efficiency and pressure ratio for Eckardt O

The dashed curve represent the performance estimation obtained with a code
similar to the one described in the thesis. The results achieved are quite satisfac-
tory, with an almost proper overlap of the data.

Meroni’s model is compared to Set 1 and Set 3 provided by Zhang:
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Figure 5.2: Results compared between Meroni, Set 1 and Set 3
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Even if Set 1 and Set 3 of Zhang are not directly determined on Eckardt
rotors, they show a good approximation of the experimental data: the maxi-
mum error observed is estimated at 6%. The pressure ratio shows even greater
approximations:

3_
25+ O—O—O—O—O-O—m
O——o—O——O—O—O—O—O:O:rj
2_
—=0=0—0"0"0-00020 Meroni
e — St 1
E15‘:QQQMH)—O Set 2
gi Set 3
Oh
1t
0.5
0 . . . . )
2 3 4 5 6 7

i [kg/s]

Figure 5.3: Pressure ratio: Meroni model, Set 1 and Set 3

The lower performance of Zhang’s models is explained also by the higher num-
ber of internal loss mechanism considered and that directly impact the efficiency
calculations.

The internal loss, for this reason, the internal losses produced with Set 1 and 3 are
higher. Interesting is the weight that different loss mechanism have in defining
the overall internal loss:
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Figure 5.4: Loss mechanism weight on the overall internal loss, Meroni

According to Meroni’s formulation, the loss mechanism that most impact on
the performance of the compressor is the skin friction loss. Similar impact is
performed by the blade loading loss. As the mass flow rate increases, the two
losses behave the opposite way: the blade loading loss decreases while the skin
friction effect rises up. The clearance loss is basically constant; incidence becomes
a factor only at high mass flow rates.
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Figure 5.5: Loss mechanism distribution according to Set 1

The cumulative diagram represented for Set 1 shows a different state: inci-
dence loss becomes the dominant mechanism of entropy gain. Mixing loss, that in
Meroni is set as an external loss, provides an additional contribution in reducing
the efficiency. Blade loading loss and clearance provide constantly the 15% of the
loss.
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Figure 5.6: Cumulative losses in set 3

Set 3 behaves similarly to Set 1: the cumulative plots don’t highlight much
difference. Blade loading and clearance swap their percentages.

Finally, the diffuser performance is evaluated: no experimental data are provided.
The main parameters are computed and compared to the reference code.
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Figure 5.7: Diffuser performance parameters

All the graphs show a constant discrepancy between the GitHub model and
the MATLAB code, describing a better perfomance predicted by MATLAD.

5.2.2 Eckardt Impeller A

The second impeller analysed by the Meroni et al. is the Eckardt impeller A: the
experimental are:
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Table 5.4: Performance data A: mass flow rate, pressure ratio, efficiency, and
rotational speed (from [15])

m_dot pr_ tt eta is tt rpm

2.5099 1.42146 0.89138 10000
3.1043 1.40996 0.89918 10000
3.8211 1.38506 0.89220 10000
4.5962 1.34674 0.86263 10000
5.0361 1.32184 0.82854 10000
3.0198 1.64751 0.88809 12000
3.8765 1.62452 0.89671 12000
4.4971 1.59387 0.88522 12000
5.2925 1.54406 0.86140 12000
5.9860 1.47126 0.80390 12000
3.5239 1.94253 0.86797 14000
4.5553 1.91379 0.88563 14000
5.3391 1.86398 0.87536 14000
6.1026 1.78161 0.84743 14000
6.7960 1.63027 0.75421 14000
4.2261 2.30460 0.85770 16000
5.3333 2.27586 0.87536 16000
6.1229 2.20881 0.86756 16000
6.9096 2.05747 0.82074 16000
7.1923 1.92912 0.76324 16000

The impeller has geometrical parameters similar to Eckardt impeller O: the
main differenced are related to the inlet shroud radius, which is increase for A
impeller, the clearance gaps, a little bit reduce, and the change of the blade pro-
file. In fact, at the outlet impeller section, impeller O is defined by a blade having
outlet angle [, directed entirely in radial position: in case A, instead, the blade
is deviated from the radial direction. Moreover, the inlet radius of the diffuser is
scaled differently to the outlet cross section.

The impeller is evaluated by the MATLAb code following Meroni’s loss corre-
lations. The overall performance are available in fig. [5.8}
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Figure 5.8: Isentropic efficiency and pressure ratio of Eckardt A compared to
experimental data

The model evaluated through the Matlab code has not the same accuracy
appreciated for impeller A: the efficiency and the pressure ratio overestimates
the real losses occurring in the turbomachine, sketching lower values than the
experimental ones. Similarly to the description done for the previous compressor,
Set 1 and Set 3 are use to highlight the performance trend with different loss

models.
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Figure 5.9: Comparison between different loss models
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Like the previous case, Meroni loss model performs better: the difference in
terms of efficiency is 5% but in particular cases, like for low values of mass flow
rates, the discrepancy increases.
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Figure 5.10: Pressure ratio: Meroni, Set 1 and Set 3

Pressure ratio in fig. suggests that the value obtained for lower values
of rpm is similar; a gao is obtained at higher rotational speed of the compres-
sor. The differences in pressure ratio between experimental and numerical values
reaches the maximum gap when rpm = 16000 at m = 0.2.
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Figure 5.11: Meroni cumulative loss correlations

The blade loading loss massively reduces as the mass flot rate increases: skin

friction dominates again the internal losses. Set 1 and Set 2 behaves like described
in 77.

The diffuser performance is again compared to the reference model: the dis-
crepancies rises up, achieving two different behaviours.
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The gap already seen in fig. are even more accentuated; the major deflec-
tions are obtained for the first two parameters: the pressure recovery coefficient
() and the diffusion coefficient Cy;r¢ have completely different behaviour. The
code suggests almost constant terms, while the reference model shows a slowly
decrease of the factors.

The external losses are for entirely generated by mixing phenomena: only at low
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values of mass flow rate, recirculation has a role.
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Figure 5.12: Diffuser Performance A: Matlab code vs GitHub model
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Figure 5.13: Meroni cumulative parasitic losses

The external losses in Set 1 and Set 3, instead, mainly generate by leakage
phenomena.
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Figure 5.14: Set 1 cumulative parasitic loss correlations

5.2.3 Eckardt Impeller B

Eckardt impeller B is slightly bigger than the rotor A described in the previous
section. Considering the inlet radius at the shroud, Ry, is more than doubled
compared to impeller O. The outlet blade angle is way deflected and the diffuser
radius is way bigger (up to three times, according to

The experimental values are |15]:
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Table 5.5: Performance data: mass flow rate, pressure ratio, efficiency, and rota-
tional speed

m_dot pr_ tt eta is tt rpm

2.33846  1.34243 0.84804 10000
2.61421  1.33926 0.86582 10000
3.11506  1.32058 0.88489 10000
3.71930  1.28799 0.88156 10000
4.26956  1.24152 0.83467 10000
2.86563  1.51202 0.84174 12000
3.42587  1.50413 0.87054 12000
3.98883  1.47309 0.87989 12000
4.54850  1.42971 0.87063 12000
5.11030  1.34312 0.80303 12000
3.30977  1.73565 0.83078 14000
3.99150  1.72772 0.86298 14000
4.55157  1.69668 0.87529 14000
5.11122  1.63633 0.86434 14000
5.68405  1.43245 0.74219 14000
3.76573  2.01483 0.81687 16000
4.31997  2.01157 0.84059 16000
4.87712  1.99134 0.85798 16000
5.43697  1.93715 0.86014 16000
6.00264  1.52648 0.65596 16000

The results obtained are here reported:

Rotor eckB: Pressure Ratio 09: Rotor eckB: Efficiency
o Data ’
— Our Model
25+ - - -Github model
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~— 2 [ |
-~ S~—
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0.7
1.5}
1 ‘ ' 0.6
2 4 6 7 2 4 6 7
i (kg/s) i (kg/s)

Figure 5.15: Performance estimation with Meroni’s model for Eckardt impeller B

The pressure ratio is almost equal to the experimental models: only at highest
speed the curvature is not properly intersect. In terms of efficiency, the numerical
solution moves fare from the experimental values. The curves have an offset with
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respect to the experimental values: the orange one, for example, results moved
to the left by a difference of 1k—sg.
The compare with Set 1 and Set 3 is here reported:

09

o © o ©° g O o0 o
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_0.1 1 1 1 1 1 1 1 1 ]
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Figure 5.16: Set 1 - Set 3 - Meroni; isentropic efficiency

Set 3 reaches the choking conditions: the mass flow rate is 'freeze’ and the
performance drops. Overall, the efficiencies found with Set 1 and Set 3 shows a
good approximation, if related to the numerical value. The gap between the ex-
perimental values and the computed ones reaches 10%. The pressure ratio doesn’t
seem much affected by this behaviour. Set 3, in particular, shows better results
in terms of pressure ratio, achieving a better interpolation of the experimental
point.
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Figure 5.17: Set 1: matching with experimental pressure ratio

5.3 8 Zhang Compressors

Zhang, Dong, Liu, Sun, Wu, Gao and Tan have proposed in the recent years
(2019) three new set of loss correlations to compute the performance of a centrifu-
gal compressor following a mono dimensional analysis. They defined the three
new set, called Setl, Set2 and Set3 according to the inlet tip relative Mach num-
ber and the specific speed. Their method have been validated by experimental
results on eight centrifugal compressors. They performed the comparison with
Oh’s set to highlight an improvement in performance computation.

5.3.1 Mixing model

The three set used to calculate the efficiency and the pressure ratio have been
already reported in table[5.1} A few lines should be dedicated to describe changes
or adjustments performed to develop the Zhang et al. method and to compute
the performance of the compressors under test.

The researchers described in great detail all the formulation used in this pa-
per; only the mixing loss, described by Johnston and Dean, wasn’t explicitly
expressed.

As already discussed in chapter [3, Johnston and Dean describes the mixing loss
by means of the jet-wake flow pattern: the wake is the low momentum fluid,
bringing all the losses, while jet represents the portion of the fluid moving at high
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speed. The mixing between this two regions produces a loss: in many documents,
the mixing is described to take place a little further the outlet cross section of
the impeller. Anyway, regardless of where the mixing happens, the mixing loss is
usually considered an internal loss: actually it is generated from the phenomena
taking place inside the impeller passage.

Johnston and Dean rely on an iterative cycle to compute the mixing loss: starting
from a two-zone model, the width of the wake is computed. The width is one of
the terms composing the loss formulation. Then, an iterative cycle is performed
to check the convergence between the static pressure computed with two-zone
model and static pressure obtained from 1-D performance analysis.

Two-zone model has been computed following exactly the same passage reported
in [27] by oh et Al. The author follows three iterative procedure to define wake
zone, jet zone and mixing zone. Oh follows this path starting from a calculated
outlet pressure p,. The last loop cycle is performed on the computation of the
total temperature: when the total temperature Ty, converge criterion is satisfied,
the code exits from the loop and the outlet conditions of the impeller are ob-
tained. These ones will represent the inlet condition of the following diffuser.
Oh, to compute the total temperature Tj,, uses the parasitic losses: since impecalc
computes the the iterative cycle to compute the outlet conditions and the para-
sitic losses are then calculated, this passage performed by oh has been removed:
the converge criterion is applied between the estimated static pressure p, obtained
from 1-D and the static pressure obtained by Oh. A loop is created starting from
the value of y, the wake mass fraction, and all the equations for jet, wake and
mixing zone are put together. If the converge is not reached, the value to be
change is chi (by performing the 'relaxation’.

Mixing represents a key loss in the impeller: a proper definition of the loss corre-
lation allows to improve the impeller performance and directly affect the following
components.

5.3.2 Test Cases

The geometry of the ehight compressors is directly provided by Zhang et al in
their paper [19]:
Depending on the values of the inlet tip relative Mach number:

W.
My, = _ (5.1)
V ’7RgTI
and of the specific speed:
2 0.5
= 2O (5.2)

60 (Ahg, )07

the eight compressors have been divided in three classes:
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Table 5.6: Design parameters of eight centrifugal compressors.

Impeller A B C D E F G H

Inlet hub diameter dyj,/mm 90 60 63.96 45 90 90 20 44.6
Inlet tip diameter dy;/mm 225.5 156 1125 953 280 280 61 97.2
Inlet hub blade angle £y, /deg 314 53.9 62.2 34.2 32 32 31 46.6
Inlet tip blade angle S;;/deg 63.3 62.3 62.2 56.3 63 63 40 61.5
Exit diameter d/mm 400 224 208 207.4 400 400 90 163.4
Exit blade width by /mm 14.71 10.2 7.57 7.5 26 26 6.5 4.90
Exit blade angle [35,/deg 30 38 30.2 30 30 30 30 34

Tmpeller axial length L./mm 119.84 75.15 57.5 130 130 130 32 47.32
Exit blade number Z5 24 13+13 18+18 12 20 20 T+7 19

Mass flow rate m/kg s~! 4 2 0.3 0.9 532 454 035 098
Rotational speed/rpm 22363 50000 45337 15000 14000 14000 80000 68384
Pressure ratio 4.07 6.1 5.5 1.18 2.1 191 224 7.1

Isentropic efficiency /% 84.56  84.25 91.30 88.15 88.15 88.14 79.00 89.50
Tip clearance size/mm 0.2 0.3 0.174 0.2 0525 0.525 027 0.191
Exit vaneless diffuser diameter d3/mm 560 358.4 232 370 680 680 148 -

Inlet tip relative Mach number M, 0.92 1.3 0.87 0.26 0.65 0.64 0.83 1.25
Specific speed n, 0.531 0.812 0463 0.603 0.723 0.748 0.988 0.636
Specific diameter dj 4397 3266 5.011 4.561 3.104 3.236 2.787 3.945

e group 1: are the compressors that are in subsonic conditions. Take part of
this class the compressors D, E and F;

e group 2: are the compressors in transonic conditions and with n, < 0.7,
like compressors A, C and H;

e group 3: are those with ng > 0.7 and transonic conditions, as B and g.

Each group is characterised by the corresponding set of losses.

5.3.3 Performance analysis

The eight compressors have been tested with the Matlab code to evaluate their

performances and to check if they intersect the experimental results.

Few considerations should be taken into account:

e Zhang et al describes their compressor followed by a vaned diffuser; since
only the impeller and vaneless diffuser have been developed, the vaned dif-
fuser has not been evaluated;
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e some impellers have splitter blades. The simplest way to take them into
account is to use the Aungier formula to compute a corrected number of
full blades that considers also the impact (in part) of the splitters.

L
Z = Zpp + Zsp =22 (5.3)
Lrp
e compressors E and F correspond to the Eckardt impellers evaluated in the
previous section with Meroni: for this reason, they will not be described
again;

e a coefficient has been introduce to properly manage the choking of the
impeller: by increasing-decreasing this parameter, the choke can be antici-
pated or retarded to meet with the experimental parameters. Aungier itself,
in 6], suggest to use a coefficient to scale the choking conditions.

SET 1

The only device evaluated with set 1 is the the compressor D. The experimental
values of efficiency were not provided:

095

——1D model o Exp.

n = 10500 rpm n = 10500 rpm

09} n = 12000 rpm n = 12000 rpm

n = 13500 rpm n = 13500 rpm

n = 15000 rpm n = 15000 rpm

0.85F n = 15750 rpm n = 15750 rpm
/T\ 0.8 1
075}
0.7
0.65T1

0.6 — ‘ : ‘
0 0.1 0.2 0.3 0.4

1 [kg/s]

Figure 5.18: Isentropic efficiency of compressor D.

The pressure ratio curves perfectly lie on the experimental point, suggesting
a good loss model:
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Figure 5.19: Pressure ratio estimation of compressor D

Oh’s set show similar performances:
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Figure 5.20: Pressure ratio and isentropic efficiency for Oh’set
SET 2

Set 2 is composed by impellers that have reached transonic conditions. Three
compressors are evaluated: A, C and H. C is the device creating more problems
during the computational effort. The performance obtained where far off the ex-
perimental results. For these reason, the curves are not reported.
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A is the compressor that shows the better interpolation between experimental
data and numerical ones. No splitter are considered, so the code is able to pro-
vide a proper estimation.

6 0.95

5 0.9

4r 0851
, 0
Dé:: 3 ~— 087
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——1D model o Exp.
n = 22363 rpm n = 22363 rpm
1 0.7
0 - - : 0.65 ' : J
3 35 4 4.5 5 3 35 4 4.5 5
1 [kg/s] 1 [kg /5]

Figure 5.21: A: pressure ratio and isentropic efficiency

From the graph of the internal losses it’s possible to see the moment in which
the impeller reaches choking conditions: the loss value increases exponentially.

5 X 10% Internal Loss

[S—
oo

Internal Loss [J/kg]
s o

3.5 4 45
m [kg/s]

Figure 5.22: Internal losses evolution of compressor A

[S—
o

Oh’set performs in a worst way:
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Figure 5.23: Internal losses evolution of compressor A (Oh set)

The other compressor analysed is H which has no vaneless diffuser. The
performance obtained are reported below:
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Figure 5.24: Performance estimation of H compressor (Set 2)

H compressor is closed to group 3 since the specific speed is not so distant
from the limit. It has sense to evaluate the compressor with Set 3: however, the
performances are well below the experimental results.
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Figure 5.25: Performance estimation of H compressor (Set 3)

Oh set doesn’t perform well either: the efficiency is lower by 10%.
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Figure 5.26: Performance estimation of H compressor (Set Oh)

The last two compressors evaluated by Zhang et al. are the devices B and G,
falling in group 3: B is clearly in supersonic conditions while G is very close to
fall in group 1, having a relative Mach number close to 0.8.
Compressor B is evaluated both for the stage and the impeller itself. The results
are here reported:
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Figure 5.27: Pressure ratio and efficiency of B (Impeller)

The stage performance is:
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Figure 5.28: Pressure ratio and efficiency of B (Stage)

The efficiency for both stage and impeller can be improved using Aungier
correlation rather than Jansen for external leakage: Jansen values are always
higher than AUngier.
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Figure 5.29: Pressure ratio and efficiency of B substituting the leakage loss by
Jansen with Aungier (Impeller)
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Figure 5.30: Pressure ratio and efficiency of B with Aungier as external leakage
(Stage)

The last compressor evaluated is G: again, due to the close distance with
respect
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Figure 5.31: Pressure ratio and efficiency of G

The efficiency is not to far from the experimental values, but the maximum
point is not reached. The pressure ratio is misestimated.
Oh set shows overall better performance estimation.
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Figure 5.32: Pressure ratio and efficiency of G with Oh set

5.4 Schiffman and Favrat

The last compressor evaluated with 1-D code is a device designed for domes-
tic heat pump applications and employed the refrigerant R134a [15]. Due to
the different fluid and the restricted dimension, this compressor represent a real
challenge for 1-D model and losses setup.
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Parameter

Value

Unit

Thermodynamic Properties

Fluid R134a —
To1 265 K
Po1 1.65 bar
N 150-210  krpm
Geometric Dimensions

T1s 0.0056 m
1k 0.0020 m
T9 0.007693 m
Zr,full 9 -
Zr,splitter 0 -
L Rsplitter 0.5 -
Blts _56 °
Bivh —30.23 °
By - °
€q 0.15 mim
e, 0.15 mim
€p 0.01 m
ty1 0.21 m
tyo 1.00 m

Table 5.7: Thermodynamic properties and geometric dimensions of the Schiff-
mann & Favrat centrifugal compressor.

To evaluate the performances of this compressor, the inlet reference condition
have been corrected and the fluid has been changed: the fluid can be rapidly
managed in read_ check convert by switching off ‘air’ and imposing 'R134a’.
The compressor has been evaluated with two loss models:

e Meroni, according to the paper in which the compressor has been developed;

e Set 2

The result obtain are here presented:
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Figure 5.33: Schiffman and Favrat compressor: Meroni loss correlation
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Figure 5.34: Schiffman and Favrat compressor: Meroni loss correlation

The losses have been set according to Meroni: mixing is set as external loss.
The leakage loss is set to 0 since Meroni doesn’t suggest any loss correlation.
Meroni uses the johnston and Dean method to compute the mixing loss: since, the
two-zone model has been developed (as explained before), the mixing loss follows
that computational procedure. The results obtained at first attempt are quite
satisfactory: more improvements can be done to better interpole the experimental
Pressure ratio shows optimal results; the vaneless diffuser module is
activated. The compressor present also an inducer and a volute, not consider in
the code. Efficiencies show same shape after the peak: for lower mass flow rate,

values.

the behaviour is not as expected, but further improvemenets can be done.
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Figure 5.35: Schiffman and Favrat compressor: Internal losses evolution

The skin friction loss, as already contemplated in the Eckardt description, is
the main source of entropy gain in the compressors (by following this approach).
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Figure 5.36: Schiffman and Favrat compressor: external losses evolution

The external losses are more balanced, compared to the internal one. The
diffuser friction is the main source of loss.
The second set, SET 2 of Zhang (]|19]), shows different results: the efficiencies are
well above the experimental results. This behaviour has been achieve by impoaing
the leakage loss equal to zero, following the concept followed by Meroni. If the
leakage loss is activate, the efficiency is halve: this result describes how much
leakage can affect the performances of small turbo-machines that works at huge

velocities.
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Figure 5.37: Schiffman and Favrat compressor: external losses evolution
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Chapter 6

Conclusions

In this Master’s thesis, a one-dimensional (1-D) computational framework for
predicting the performance of centrifugal compressors has been developed, im-
plemented, and validated. The main objective of the work was to evaluate the
accuracy of several loss models available in the literature and to analyse their
impact on the overall compressor behaviour. The MATLAB framework created
is highly modular, allowing each physical phenomenon—incidence, friction, clear-
ance losses, slip, mixing, and vaneless or vaned diffuser losses—to be treated as
an independent component within the computational chain.

The implementation required a significant integration effort between theoretical
formulations, empirical correlations, and heterogeneous geometric datasets taken
from multiple sources, including Eckardt rotors, Zhang’s compressors, and the
RS8 family of impellers. This process enabled the construction of a flexible and
scalable platform, capable of handling different geometries, operating conditions,
and loss correlations without interfering with the rest of the code.

The validation phase highlighted the strong influence that the choice of loss
correlations exerts on performance predictions. Some models exhibited better
agreement for specific geometric configurations, while others proved to be more
robust across a wide range of operating conditions. The systematic comparison
against experimental data made it possible to identify the strengths and limita-
tions of each model, suggesting which correlations are more suitable for general
applications and which may require further refinement.

Moreover, the modular structure of the framework proved essential for assess-
ing the individual contribution of each loss mechanism to the overall compressor
performance. This architecture also facilitates the introduction of new formula-
tions, geometries, and advanced flow models, making the tool suitable for both
academic studies and industrial applications, particularly in the context of Com-
pressed Air Energy Storage (CAES), where accurate compressor modelling is
critical for system efficiency and reliability.

In conclusion, this thesis has demonstrated that a properly structured and
calibrated 1-D model can represent an effective compromise between computa-
tional cost and predictive accuracy. Despite the simplifications inherent in one-
dimensional modelling, the proposed framework provides reliable insights into
the behaviour of centrifugal compressors and constitutes a solid foundation for
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future developments, including integration with 2-D/3-D models, automated pa-
rameter calibration, extension to transient operating conditions, and application
to innovative turbomachinery for energy storage technologies.
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