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Abstract

Hydrodynamic journal bearings are used as load carrying capacitors where fluid is
used as a lubricant between the rotating shaft and the bearing. This causes pressure
to increase in the lubricant gap, and thus plays an important role in supporting the
loads. In this work, we use a three-dimensional model to numerically compute the
pressure distribution inside the lubricant gap in order to estimate the load carrying
capacity of the journal bearing. The analytical solutions were based on Reynolds
equation, but limited to infinitely long/short bearings in order to find accurate
results. The numerical simulation is carried out using ANSYS software to examine
two main cases; In the first case, both the shaft and the bearing are treated as rigid
bodies while the second case highlights the effect of the shaft and the bearings’
deformations on the pressure distribution. When comparing both cases, we noticed
that the latter generated more accurate results for the pressure distribution and a
better estimate of the maximum pressure (lower values) inside the lubricant gap.
Moreover, we analyzed the effect of increasing the shaft rotational speed and the
eccentricity ratio on the pressure values. The final results show an increase in the
maximum pressure with the increase of rotational speed and eccentricity ratio.
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Chapter 1

Introduction

1.1 Background

The bearing is a machine element used to constraint motion and reduces the friction
between moving parts. Bearings are classified into several types according to their
shapes. There are contact bearings, such as ball and roller bearings, in which
rolling elements (balls and rollers) are used for reducing friction and holding the
rotating components [1] . Other type of bearings is the hydrodynamic journal
bearings. They are widely used and have an advantage over other types of bearings
because of their higher load carrying capacity and higher operating angular speeds.
Also they have lower cost, higher durability, better damping characteristics and
easier manufacturing [2].The working principle of these bearings is governed by the
lubricating oil fed to the bearing. The lubricant plays the role of separating the
moving shaft and the bearing itself. When the oil is supplied into the lubricant
gap, the rotation of the shaft continuously provides energy to the oil. As a result,
pressure is created inside the lubricant (oil), which allows the load support. The
word “bearing” mean to bear or to support. It bears the forces, mainly axial
forces, to maintain the shaft in its position and decrease friction between parts
as well as noise. Although heat dissipation created by the journal bearing work
decreases the efficiency the system, but it increases the overall performance. The
lubricant is supplied and a thin film between the journal (shaft) and the bearing is
created. The load carrying capacity of the thin film is represented by the pressure
distribution inside the film. The pressure created inside the lubricant gap has the
role of supporting loads and decreasing friction [3]. In order to find the pressure
distribution inside the oil lubricant, scientists used Reynolds equation. The equation
is derived from Navier-Stokes and continuity equations. The analytical solution of
Reynolds equation is oversimplified, and it is obtained only for long/short length
of the bearing [4]. In order to have a reasonable results, Reynolds equation should
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Introduction

be solved numerically. One the most used numerical software for solving fluid
mechanics problems is Fluent.

1.2 Numerical Method
Fluent is a Computational Fluid Dynamics (CFD) code used for modeling fluid
flow, chemical reactions, heat and mass transfers. It is part of the commercial
software ANSYS. It solves the Navier-Stokes and continuity equation to find the
pressure distribution along the oil film. First it divides the model into cells called
“control volumes”, and then it solves the partial differential equations (PED) at
each moment for every cell. It works by linearizing these PDE to form a system
of linear equations. It is necessary to set suitable boundary conditions and define
the properties of the oil and other materials used [5]. Solving the hydrodynamic
problem using Fluent gives a results considering the fluid part of the system without
including any effect of the mechanical deformations of the solid parts. This could
give results with lower accuracy and overestimate the maximum pressure, thus
overestimate the load carrying capacity of the journal bearing [6]. To include
the effect of deformation of the bearing and/or the journal, a finite structural
interaction (FSI) method should be used. The solution can be obtained by coupling
the Fluent system with a finite element method (FEM) to account for the effect of
deformations on the pressure profile and visa versa.

1.3 Objectives
The objective of the thesis is to investigate the capability of Fluent ANSYS in solving
Reynolds equation and finding the pressure distribution along the lubricating oil
film. The model is solved in Fluent, without considering the effect of deformations.
Then, the model is solved by modeling the elastic deformations of the shaft and the
bearing. The results are then compared in terms of accuracy and computational
time. In addition, we examine the effect of shaft rotational speed and the eccentricity
ratio on the final results.
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Chapter 2

Literature Review

2.1 Journal Bearing Modeling
The geometry of the journal bearing system used in this study is shown in the
Fig. 2.1. The circular shaft rotates with an angular velocity ω. The shaft has
a diameter D which is smaller than the diameter of the bearing surrounding it.
The bearing has diameter D’ and center C’. In this model, the two circles are not
concentric, and the distance between the center of the shaft C and the bearing’s
center C’ is referred as eccentricity e. Also, the radial distance between the shaft
and the bearing is called the radial clearance c. In this region, the radial clearance,
the lubricant is supplied. The axial length (not shown in the figure) of the bearing
is L, and ψ is the attitude angle.

By looking at the same figure, we see that W is the external force acting
on the shaft center in the y-direction. Due to this force, the shaft remains in
equilibrium position with respect to the eccentricity value. In addition, the region
between the shaft and the bearing forms converging and diverging zones. Therefore,
Hydrodynamic pressure is created in the convergent zone. The generation of
pressure depends on the value of eccentricity, clearance, viscosity and internal
surface geometry. The oil film thickness is a function of clearance, eccentricity and
the angle θ.

h(θ) = c+ e cos(θ) (2.1)

θ is measured from the line of centers joining the two centers O and O′. The
maximum value of h is related to null θ. For θ = π , the thickness h is minimum.
The equation of thickness can be written as:

h(θ) = c(1 + ε cos(θ)) (2.2)

3
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Figure 2.1: Schematic diagram of a journal bearing

where ε = e/c is the eccentricity ratio.

The steady state response of the system can be studied using the Reynolds
equation [8 , 7, 9]. The equation derived from Navier-Stokes equations and the
continuity equation.

1
r2

∂

∂s
(h

3

µ

∂P

∂θ
) + ∂

∂z
(h

3

µ

∂P

∂z
) = 6U

r

dh
dθ (2.3)

where U = ωr is the tangential velocity of shaft and µ is the fluid dynamic
viscosity

The assumptions we consider when we apply this equation are:

• The equation is used for both compressible and incompressible fluids.

• Negligible inertia and body forces compared to pressure and viscos forces.

• No slip at the solid boundaries of the fluid.

• Pressure is constant across the oil film.

• No external forces act on the fluid.
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• Laminar flow.

• Only derivatives in the y direction of u and w are considered, others are
negligible.

In this work, the solution is based on full Navier-Stokes equations:

ρ
∂u

∂t
= −∂P

∂x
+ O(µ4u) + SMx (2.4)

ρ
∂v

∂t
= −∂P

∂y
+ O(µ4v) + SMy (2.5)

ρ
∂w

∂t
= −∂P

∂z
+ O(µ4w) + SMz (2.6)

Along with the continuity equation:

∂ρ

∂t
+4(ρ~v) = 0 (2.7)

ρ is the fluid density and ~v is the fluid velocity vector.

As well as the Momentum equation:

∂

∂t
(ρ~v) + O(ρ~v~v) = −OP + O(z) + ρ~g + ~F (2.8)

z is the static tensor, ρ~v is the gravitational force and ~F is the external force.
Also, the 3D energy equation is written as:

∂

∂t
(ρCpT ) + O(ρ~vCpT ) = O(KV T ) +Qv (2.9)

These equations are solved using Fluent depending on the geometry, materials
properties and boundary conditions.

2.2 Two Dimensional (2D) and three Dimensional
Models (3D)

In order to solve the Navier-Stokes and Reynolds equation related to the journal
bearing being under study, different commercial codes could be used based on
considering 2D or 3D models. The main reason behind using 2D model is the
lower computation cost in terms of time [7]. The flow in 2D model is also 2D,
so it neglects the change in the third direction of the fluid flow. This may give
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reasonable results if the actual flow of the fluid in the model is almost 2D, otherwise
3D simulation should be used [10]. Even if the 2D model gives accurate results
in the cases that we can use 2D simulation, the results given by 3D model are
more realistic, because they consider the actual geometry and the actual flow of
the fluid along with the variation of the flow in the three directions, not only two
directions [11]. We can expect the middle layer of the 3D model to be quite similar
to the results obtained in 2D model, but the outer layers are different. The reason
behind this difference, other than considering only 2D flow, is not considering
the actual boundary conditions in 2D model, because they depend on the type of
geometry, and 3D boundary conditions are more realistic [12]. Considering the
effect of deformation on the pressure and temperature distribution, the use of
2D model is not accurate; as a result, we have to use 3D model to represent the
effects of elastic deformations as well as pressure and temperature variations. The
deformation of the shaft and the journal should be considered using 3D geometry.
These deformations as well as their effect on the fluid flow cannot be represented
by 2D model.

The necessity for using 3D simulation for journal bearings is justified when
considering the effect of cavitation. Cavitation occurs at very high loads, by which
a phase change happens by shifting from liquid to vapour when the pressure goes
down below the fluid’s vapour pressure [13]. In this case, two phase of the liquid is
created in the area of the cavitation. The vapor forms a three dimensional layer
across the film. 2D methods cannot represent these areas and the simulation of
the journal bearings considering the effect of cavitation should be done using 3D
models. In [12], a comparison between 2D and 3D simulation of journal bearing is
done in order to show the difference between the results of the 2 types of simulation
in terms of surface temperature profile and the oil film thickness distribution for
each case. The characteristics of the lubricant performance are different depending
on each model. 2D model neglects the heat conduction in axial direction, as well
as the viscosity variation in that direction. For the temperature variation, the
maximum spot temperature for 3D model appears at the inner outlet, while for
2D model, there is no max spot temperature as seen in Figs.2.2 and 2.3. The 3D
model shows a closed temperature field, while the maximum temperature is close to
the oil outlet side for 2D model. The presence of closed temperature field is more
realistic because it models the heat conduction across the oil film in all directions.

By considering the oil film thickness distribution, for 3D model, we see that a
closed film thickness exists; whereas a half closed film thickness appears for 2D
model (see Figs.2.4 and 2.5. Also the minimum film thickness is about 14% higher
for 2D model compared to 3D model minimum film thickness. The minimum film
thickness should not be overestimated because it would be not safe for the journal
bearing.
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Figure 2.2: 2D temperature field

Figure 2.3: 3D temperature field

Figure 2.4: 2D film thickness field
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Figure 2.5: 3D film thickness field

2.3 Temperature and Pressure effect on Viscos-
ity

By solving the Navier-Stokes equations, pressure distribution is found across the
oil film. Many researchers considered constant oil viscosity when solving these
equations. [13, 14, 15]. In reality, the viscosity is not constant, and it is affected
mainly by the change in temperature and pressure. The temperature and pressure
are not constant and they change across the lubricating film and they affect
the value of viscosity which will affect the pressure distribution obtained [16].
Due to high load and high speeds, the heat is generated, and as a result, the
temperature will increase [16], thus the viscosity of the oil would decrease as a
result. For some cases, an increase of 25◦C can cause an 80% decrease in viscosity
[17]. So the viscosity dependence on temperature should be considered to better
estimate the pressure and temperature distribution across the oil film, especially
for high temperature values. There are several equations describing the viscosity-
temperature and viscosity-pressure relationships. Some were purely empirical, while
others were derived from theoretical models. One of these equations, which is used
in ANSYS Fluent is:

µ = µ0e
α(p−p0) expβ(t−t0) (2.10)

This equation has been appended to ANSYS Fluent using C-Program.

To emphasis the effect of considering this relationship, simulation of journal
bearing is done to find the pressure distribution across the oil film [18]. First, two
cases were considered, one with constant viscosity and the other with pressure-
dependent viscosity.

8
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Figure 2.6: Iso-Thermal Pressure

Figure 2.7: Thermal Pressure

The maximum pressure is higher in case of constant viscosity as shown in Fig
2.6 and 2.7. Then, two other cases were considered, with constant and temperature-
dependent viscosity.

In these cases, shown in Fig. 2.8 and 2.9, the maximum pressure is also higher
for the case of constant viscosity.
In other cases, Vogel and Barus equations are used, which relate viscosity to
temperature and pressure respectively [2].

Vogel is written as:
µ = a. exp(b/(T−c)) (2.11)

where a, b, c are oil characteristic parameters.

Barus is written as:

µ = µ0. expαp (2.12)

9



Literature Review

Figure 2.8: Iso-Thermal Temperature

Figure 2.9: Thermal Temperature

Where µ0 is the viscosity at ambient atmospheric pressure, and α is the pressure
viscosity coefficient with typical values 0.01 to 0.02. The temperature of the system
could be considered constant, by taking the mean value between the inlet and outlet
temperatures, or by considering a linear relation between the two temperature
values. For a 3D Model, four cases where considered: constant mean temperature
and α = 0, constant mean temperature and α = 0.01, linear temperature and
α = 0, and linear temperature and α = 0.01 [2] The maximum pressure for each
case is different with a highest value for the last case.

The effect of the inlet and outlet temperature is of create importance as shown
in Figs.2.10, 2.11, 2.12 and 2.13.

In the first two cases, Tin = 40◦Cand Tout = 80◦C. While in the other two
cases, Tin = 70◦Cand Tout = 90◦C. Linear relationship between inlet and outlet
temperature is considered for all cases. The maximum pressure is higher in case of
viscosity dependence of pressure (α = 0.01), but the difference is much higher when
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Figure 2.10: Pressure Distribution α =0, Pmax=179.06 MPa

Figure 2.11: Pressure Distribution α=0.01, Pmax=285.85 MPa

the inlet temperature increases from 40◦C to 70◦C. Also the shape of pressure
distribution profile is different due the effect of viscosity pressure dependence. The
effect of temperature and pressure on the viscosity of the lubricating oil is high
and depends on the cases of study. To get realistic results, these effects should not
be neglected at high pressure and temperature levels.

2.4 Laminar and Turbulent Flow
Many researchers assumed laminar flow in their simulation of hydrodynamic jour-
nal bearings [3, 6, 12]. This assumption makes the problem simpler and leads
to reasonable results in many cases. Laminar flows are considered for Reynolds
number less or near 2300, whereas turbulent flows are related to higher Reynolds
number (Re >3000). In numerical simulations, the assumption of laminar flow saves
time by decreasing the number of computations for each element. For many cases,
especially for journal bearings, this assumption is good choice in terms of time as
well as the accuracy of the obtained results. Whereas, on the other side, many other
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Figure 2.12: Pressure Distribution α=0,Pmax=221.00 MPa

Figure 2.13: Pressure Distribution α=0.01, Pmax=674.38 MPa

researchers used turbulent flows assumptions to describe their models [19, 20, 21, 22].

To study the effect of laminar/turbulent flow on the numerical simulations
of journal bearings, [23] solves the numerical model of journal bearing for three
different rotational speeds, under the assumptions of laminar and turbulent flows
. The results for each case are obtained in terms of static pressure distribution.
For each flow model, the maximum pressure increases by increasing the rotational
speed from 3000 to 5000 to 10000 rpm. We can see that the values of the maximum
pressure for each rpm are higher in case of turbulent flows. The difference is not
high and the results are acceptable. The static pressure is more distributed in case
of turbulent flow, but the distribution of pressure shows a similar trend in both
cases (as shown in the Fig. 2.14 and 2.15 for the case of 5000 rpm). The static
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pressure is very low at the beginning, increases gradually to the highest point, and
then drops significantly.

Figure 2.14: Static pressure contour of lubricant for 5000 rpm at turbulent regime

Figure 2.15: Static pressure contour of lubricant for 5000 rpm at laminar regime

It is difficult to determine the best model, laminar or turbulent, and it depends
on the case itself. Whereas, in general, the turbulent effect in hydrodynamic journal
bearings can be neglected. In some cases, depending on the degree of turbulence,
the flow should be modeled as turbulent. For this purpose, different turbulent
models are used. Standard k-ε model, Realizable k-ε model and Reynolds Stress
Model (RSM) are three different models used to simulate mean characteristics for
turbulent flow conditions.

The standard k-ε model is based on computing eddy viscosity using turbulence
kinetic energy k and turbulence dissipation rate ε. It represented by the following
equation:

νt = Cµ
k2

ε
(2.13)
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Each of the two turbulence scales used have a transport equation. The exact
momentum equation is used to derive the turbulence kinetic energy equation, by
taking the trace of Reynolds stress.

In order to improve the performance of the standard model above, a new k − ε
model is proposed, the Realizable k − ε model. In this model, Reynolds stress is
always positive [24]. To do so, Cµ is a variable and computed according to the
following equation:

Cµ = 1
A0 + AsU∗

k
ε

(2.14)

where A0 = 4, U∗ =
√
SijSijΩijΩij, As =

√
6 cos(1

3 arccos(
√

6W )), W =
√

8SijSjkSki

S3 and the vorticity tensor Ωij = 1
2(∂ui

∂xi
− ∂uj

∂xi
).

The third model is the Reynolds stress model. Here, the individual Reynolds
stresses are calculated using differential transport equations. Then these individual
stresses are used to obtain closure of Reynolds-averaged momentum equation, this
avoids the use of eddy viscosity approximation. Then exact form of the Reynolds
stress transport equations can be then derived.

A 3D numerical simulation of a thin film lubricated journal bearing had been
conducted under the assumption of turbulent flow. The above three models were
used [24]. The static pressure and the wall shear stress were found, for different
L/D ratios, for the three models.
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Figure 2.16: Static pressure for different L/D ratio

Figure 2.17: Wall shear stress for different L/D ratio
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From the results in Fig 2.16 and 2.17, it is obvious that the three models
are capable of modeling the turbulent flow in journal bearings simulation. The
comparison shows similar results for the three models. So the standard k-ε model
is the most suitable one because it converges faster than RSM and realizable k-ε
and gives almost the same results.

2.5 Cavitation
The lubricating oil is considered as liquid. When the pressure decreases below
fluid’s vapour pressure, a new phase is formed when the change from liquid to
vapour occurs, at a constant temperature. This is known as cavitation [25 , 26]. It
occurs mainly when the bearing is operated at high load or high rotational speed.
The rapid change in lubricating film thickness causes the decrease of pressure
because the fluid cannot fill the space immediately. Vapour pressure is then formed
as a result [27]. The presence of liquid and vapour phases at the same time
should be modeled by multi-phase mode. This model is expensive in terms of time
and can be replaced by the mixture model. The mixture model has almost the
same performance as the multi-phase model with lower computational time. The
equations to be solved in this model are the continuity and momentum equations
of the mixture, as well as the volume of fraction equation of the vapour-phase.
Also the mass transfer between the different phases should be modeled. Vapour
cavitation is modeled by the Rayleigh-Plesset model [6]. The model describes the
effect of vaporization and condensation. The model is integrated in CFD Package
ANSYS CFX. The change of phase is given by the difference between the rate of
vaporization and the rate of condensation.

The rate of vaporization:

Ṙvap = Fvap
3rnuc(1− rV )ρV

RB

√
2
3
| Pvap − p |

ρl
(2.15)

The rate of condensation:

Ṙcond = Fcond
3rV ρV
RB

√
2
3
| Pvap − p |

ρl
(2.16)

The source term, representing the phase change:

Ṡv = ±(Ṙvap − Ṙcond) (2.17)

Fvap and Fcond are empirical factors, rnuc is the volume of fraction of the nucle-
ation sites, rV is the volume of fraction of the vapour phase, ρV is the density of
the vapour phase, P is the overall pressure and ρl is the density of the surrounding
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liquid.
As the pressure remains below the equilibrium pressure, gas bubbles grow up. They
are absorbed back to the liquid as the pressure rise up again above the equilibrium
pressure. By this, Gaseous cavitation is formed, and the dissolved air is set to
be free. The gaseous cavitation is described by full-cavitation model. The phase
change is given by difference between the mass transfer by absorption and by
desorption.

Mass transfer by absorption:

Ṙabs = Cabsρg(pg − pequil)(fg,l,lim − fg,l)fg,g (2.18)

Mass transfer by desorption:

Ṙdes = Cdesρg(pequil − pg)(1− fg,g)fg,1 (2.19)

The source term, representing the phase change:

Ṡda = Ṙabs − Ṙdes (2.20)

Cabs and Cdes are empirical factors for absorption and desorption and fg,l,lim is
the maximal solubility of the gas in the liquid.

So the mass fraction of the gas is the sum of the free gas and dissolved gas mass
fractions:

fg = fg,g + fg,1 (2.21)

The effect of cavitation in modeling and simulating journal bearings is studied
in [8]. The cavitation is neglected in one case and modeled in another one, for the
same journal bearing and same boundary conditions. The results are shown in Fig
2.18.
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Figure 2.18: Pressure contours generated for journal bearing

There is a significant difference in the pressure contours for both cases. Due
to cavitation, the pressure distribution is changed to pressure build up, and the
pressure drop disappears.

Figure 2.19: Comparison of maximum pressures in journal bearing with and
without cavitation
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Fig. 2.19 shows the maximum pressure for the two cases as function of the
shaft rotational speed. We see that the increase in the maximum pressure have the
same manner for both cases, with and without cavitation. Whereas, the maximum
pressure is lower when modeling cavitation compared to the other case for each
rotational speed value.

2.6 Non-Newtonian Fluids
Newtonian fluids obey Newton’s law of viscosity. The viscosity is independent of
the shear rate [28]. The assumption of Newtonian fluid is used in most numerical
simulations of journal bearings. Whereas,in some severe cases, the real non-
Newtonian behavior of the fluid is modeled [29, 30, 31, 32]. In these cases, the
fluid’s viscosity is not independent of the shear stress, so some parameters should
be used to describe the mechanical behavior of the fluid. For this purpose, four
different models are presented. The first two correspond to Pseudo plastic fluids,
and the other two are refer to visco-plastic oils [28, 29, 30].
Power law Ostwald Model: For some range of shear rate, the viscosity can be
represented as a power law, with the equation:

µ = µ0γ̇
n−1 (2.22)

For n=1, the fluid is Newtonian, and n < 1 corresponds to shear-thinning fluids
(non-Newtonian). This model is simple and can be used for fluids such as rubber,
polymers, adhesive. The effect of temperature change can be added, and the
equation becomes:

µ = µ0γ̇
n−1 expeT (2.23)

Carreau model: This model is an extension of the power law model. Five
parameters are involved in the equation:

µµ∞
µ0 − µ∞

= (1 + (λγ)a)n−1/a (2.24)

µ0 is the zero shear viscosity, µ∞ is the viscosity at infinite shear, λ is time
constant, n is an exponent of power law, and a is a parameter describing the
transition between the first Newtonian plateau and the power law zone.

Bingham model: The equation of viscosity in the presence of simple relation
between shear and strain:

µ = τ0

γ̇
+ µ0 (2.25)

τ0 is the yield stress and µ0 is reference viscosity.
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Herschel-Bulkley Model: Used when the strain experienced by the fluid is related
in a complex way to the stress. The equation is:

µ = Kγ̇n−1 + τ0

γ̇
(2.26)

K is the consistency index.
Modeling fluid as non-Newtonian is very important for many cases of numerical sim-
ulations, and it gives more accurate results. Whereas, in the case of hydrodynamic
journal bearings, the assumption of Newtonian fluid is valid, and it simplifies the
model, saves time and gives almost the same results as considering non-Newtonian
fluids.

2.7 Simulation Models
Different types of modeling the journal bearings are used in numerical simulations.
Depending on the working environment and the level of complexity and accuracy
needed in the simulation, there are mainly four models:

Hydrodynamic (HD) Model: The model uses full Navier-Stokes equations to
find the numerical solution as oil pressure distribution, film thickness, maximum
pressure and load carrying capacity of the bearing. This model is the simplest one.
The viscosity in the numerical simulations is considered to be constant, therefore it
does not change throughout the geometry due to pressure and temperature effects.
The main advantage behind using this model is the lower computational time
needed for the solution to converge..

Thermo-hydrodynamic (THD) Model: In this model, the viscosity in not con-
stant, and it changes as a result of change in the temperature [33 , 34]. In addition
to Navier-Stokes equation, energy equation is solved by taking into account the
effect of the heat convection. The main difference between this model and the
simple hydrodynamic model is the variability of viscosity. This leads to more
accurate results, but also more computational time.

Elasto-hydrodynamic (EHD) Model: In this model, the shaft and/or the bearing
are considered as deformable bodies. The elastic deformations are not neglected
in this model, as compared to the first two models. The loads acting on the solid
materials lead to small mechanical elastic deformations [35 , 36 , 37]. For this
model, the deformations are calculated for each time step and each node. therefore,
FEM (finite element method) is used in order to find the elastic deformations
[38]. Then the exchange of information occurs between the two solvers. These
information are the fluid forces (pressure) and the elastic deformations. The solvers
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work by finding the pressure distribution first, and then stresses and deformations
are evaluated using the computed pressure field. These deformations have a direct
effect on the pressure, so the pressure distribution is calculated again by considering
the effect of deformations.

Thermo-elasto-hydrodynamic (TEHD) Model: The most complex and time
consuming model. Both elastic and thermal effects are considered in this model.
The results obtained are the most accurate compared to the other three models
[40 , 41 , 39, 42, 43].
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Chapter 3

Numerical Methods

3.1 Computational Fluid Dynamics CFD

In CFD applications, the equations stated earlier, Navier-Stokes equations, mo-
mentum and continuity equations, are applicable to all kind of fluids and flows.
These equations are solved according to the fluid model which give a set of partial
differential equations. These PDE are called the governing equations. In Fluent,
the geometry is drawn using ANSYS DesignModeler. For the journal bearing, the
fluid film is considered only, without taking into account the solid material. The
geometry appears in Fig 3.1.

In order to solve the set of PDE for the entire model, ANSYS uses discretization
methods. Finite volume method is one of these methods used to solve the numerical
problem. The computational domain is divided into smaller regions or parts. These
are called the cells or the control volumes. In ANSYS, these cells form the called
“mesh”. Fluent uses finite volumes to transform the general equations into algebraic
equations, which will be solved by CFD solver using some iterative methods. The
working algorithm of CFD solver is presented in Fig 3.2.

The mesh is created using mesh sizing and face meshing, see Fig. 3.3. Tetra-
hedral cells are formed, with total number varying between one to one and half
million cells according to different cases.

After creating the mesh, the model should be defined in the Fluent set up.
Transient mode is selected, and gravity is to set −9.81m/s2 in the y-direction. In
the models section, multiphase is kept off since we are not considering the effect
of cavitation, so only one phase is present, which is the liquid phase. The energy
equation is on, because viscosity is dependent of temperature variation. Flow is
assumed to be laminar. The lubricant used has the following properties: density =
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Figure 3.1: Journal Bearing Geometry

850 kg/mm3; specific heat = 2000J/kg◦C; Thermal conductivity = 0.13W/m◦C
and lubricant viscosity = 0.04986Pa− Sec

The fluid properties are imported to Fluent and a new fluid is created according
to these values.

For the boundary conditions, the inlet and outlet are set be pressure inlet and
outlet with zero gauge pressure. In Fig 3.4, the blue arrows describe the inlet, and
red arrows are related to the outlet of the domain. The outer wall is fixed, because
it is in contact with the fixed bearing element. While the inner wall is set to be
moving in a rotational manner according to the rotational speed of the shaft.

The CFD solver finds an initial solution for the model variables using standard
or hybrid initialization. In the standard initialization, the initial values in terms
pressure, velocity and temperature, should be manually added, while for hybrid
initialization, the solver uses some iterations to find an initial solution of the system.
The initial solution should be accurate with tolerance less than 10−6.

In the solution methods, SIMPLE or PISO method could be used for pressure-
velocity coupling. As for the spatial discretization, Least Squares Cell Based used
for gradient, Second Order used for pressure, and First Order Upwind for both
momentum and energy. The time step used is 0.1 seconds. The number of time
steps is 10 with 5 maximum iterations for each time step.

23



Numerical Methods

Figure 3.2: CFD working algorithm

3.2 Finite Element Method FEM
To study the dynamic behavior of the solid material (bearing and journal), the
equation of motion (3.1) should be solved.

mü+ cu̇+ ku = p(t) (3.1)

m is the structural mass matrix, c is the structural damping matrix, k is the
structural stiffness matrix and u is the displacement vector.
In ANSYS, using transient structural, this equation should be solved to find the
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Figure 3.3: Journal Bearing Mesh

Figure 3.4: Journal Bearing Setup

displacement, stress and stress in the domain of study. The damping is not covered
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by transient structural, so the equation is simplified into:

mü+ ku = p(t) (3.2)

In this equation, the number of degrees of freedoms DOFs is infinite. The
equation cannot be solved by analytical methods. The working principle behind
the numerical method is to divide the volume of the structure into smaller elements,
by which the infinite DOFs transformed into finite number of freedoms with finite
number of equations that are solved to find the required results.

in order to solve the equation of motion, the numerical system performs several
steps. First, a system of finite elements is formed, in which these finite elements
are interconnected at the formed nodes. At these nodes, the DOFs are defined. For
each element, the elements of the stiffness and mass matrices and of the force vector
are determined. The equations relating the force, displacement and acceleration
are:

fs,e = keue (3.3)

fI,e = meüe (3.4)

where fs,e is the force element, f(I, e) the inertial force element, ke is the element
of stiffness matrix, me is the element of mass matrix, ue and üe are the displacement
and acceleration vectors related to the element.

The elements of ke, me and ue are used to create a global matrices. The elemental
displacements are related to the global matrix u by:

ue = aeu (3.5)

The global stiffness and mass matrices, in addition to the force vector are formed
by

k = ANe=1ke (3.6)

m = ANe=1me (3.7)

p(t) = ANe=1pe(t) (3.8)

where ANe=1 is an assembling operator. Then the final equation of motion is created.
By using some iterative methods, the equation can be solved to find the values of
u(t).
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In ANSYS Transient Structural, the geometry is drawn showing the whole
system as shown in Fig. 3.5, which includes the bearing, journal and the clearance
between them.

Figure 3.5: Goemetry of the Journal Bearing System

After drawing the geometry, discretization is formed using meshing, as shown in
the Fig. 3.6.

Figure 3.6: Discretization of the shaft and the bearing

When working on the system setup, the outer surface of the bearing is constraint
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by cylindrical support. The load acting on the inner surface of the bearing and
the outer surface of the journal is coming from the fluid pressure. This pressure is
imported by coupling Transient Structural with Fluent. Then the system is solved
for this load as an input to find the elastic deformations at each node.

3.3 System Coupling
The fluid structure interaction FSI is done by modeling both systems together.
Fluent and transient structural are coupled together by System Coupling. System
coupling enables the exchange information and results between the two systems.
The system coupling receives the information from both systems and sends the
required information for them of to complete the solution procedure.

There are two kinds of coupling, one way coupling and two ways coupling. The
later is the one used in this thesis. The one way coupling works by sending the con-
verged solution at each time step from Fluent to ANSYS MECHANICAL (transient
structural), which uses this solution in its solving procedure. On the other hand,
two ways coupling enables the exchange of information between the two systems.
Fluent finds the pressure values and send them to ANSYS MECHANICAL. It uses
these results to evaluate the displacement. Then it sends back the results to the
Fluent. Fig. 3.7 summarizes the working principle of the FSI system, and shows
the exchange of information between the two solvers.

In ANSYS, the two way coupling is completed as shown in Fig 3.8
The working principle is summarized in the following steps:

1. The geometry is imported in the ANSYS Design Modeler.

2. ANSYS Engineering Data used to set the material properties for the shaft
and bearing.

3. The geometry is passed off to the Transient Structural.

4. Mesh is created in both systems.

5. Fluid creation and initialization is done in Fluent.

6. Transient Structural set up is initialized.

7. System Coupling is initialized. Fluid Structure Interface is created between
the outer surface of the lubricating oil and the inner surface of the bearing.
Another Fluid Structure Interface is created between the inner surface of the
lubricating oil and the outer surface of the journal. These two FSI stand for
the Data transfer between the two systems.
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Figure 3.7: System Coupling Algorithm

Figure 3.8: ANSYS System Coupling
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8. The first iteration of FSI cycle:

(a) Converged cycle is completed in Fluent.
(b) Forces acting on the bearing/shaft are transformed into Transient Struc-

tural through System Coupling, and recorded in ANSYS Post CFD.
(c) Transient Structural solves the displacement, and the results transformed

into Fluent where new converged cycle is solved.
(d) This cycle stops only when the final time setup is reached.
(e) Converged solution of the FSI system is reached when the two systems

reached their residual limit (10−6). In this case, the value of pressure at
the node is compatible with the deformation values for the same node.

The same procedure is carried for both fluent and mechanical parts as if they
are separate components. While some different steps should be considered: In
Fluent, dynamic mesh should be used. This is necessary because of the effect of
deformations on the fluent mesh. Fluent should be solved using coupled solution
rather than simple or PISO. The fluid outer face is coupled with the bearing inner
face, and the fluid inner face is coupled with the shaft outer face. The number
of time steps (10) and the step size (0.1s) are set in the coupled analysis. These
values should be compatible with the values in the two subsystems.
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Results and Discussion

The shaft and the bearing are made of steel. The lubricating oil has the follow-
ing properties: density = 850 kg/mm3; specific heat = 2000 J/kg◦C; Thermal
conductivity = 0.13W/m◦C and lubricant viscosity = 0.04986Pa− Sec (see table
4.1). The shaft diameter=100 mm; the bearing diameter=140 mm and the radial
clearance is 0.1 mm. The attitude angle is set as 55◦ for all considered case (see
table 4.2.

Density
(kg/mm3)

Specific Heat
(J/kg◦C)

Thermal Condutivity
(W/m◦C)

Viscosity
(Pa− Sec)

850 2000 0.13 0.04986

Table 4.1: Properties of the used lubricant oil

Outer Diameter
(mm)

Inner Diameter
(mm)

Radial Clearance
(mm)

Attitude Angle
(◦)

140 100 0.1 55

Table 4.2: Geometric Dimensions of the Model

The eccentricity ratio is set to 0.6, and the shaft rotates with a rotational speed
of 2500 rpm. These values are used in the numerical procedure to find the pressure
distribution both with FSI (coupled solution) and without FSI (only Fluent). In the
FSI model, the shaft and the bearing are modeled as deformable bodies, whereas
in non FSI model, they are modeled as rigid bodies. Then for both coupled and
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Fluent cases, the rotational speed is changed from 2500 to 3500 to 5000 rpm, in
order to study the effect of changing the shaft rotating speed on the final results.
Then the eccentricity ratio effect on the oil pressure distribution is also examined.
This study is completed by keeping the rotational speed constant at 2500 rpm, and
changing the eccentricity ratio from 0.6 to 0.7 then to 0.8 for both cases (rigid and
deformable bodies).

4.1 Fluent FSI comparison
After running the ANSYS simulations for both rigid and deformable cases for
2500 rpm and 0.6 eccentricity, the results in terms of oil pressure distribution are
presented in Fig. 4.1 and 4.2.

Figure 4.1: Oil pressure distribution for rigid component at 2500 rpm and 0.6
eccentricity ratio

The oil pressure distribution in both cases has the same shape. The areas
for maximum pressure and minimum pressure are similar. The major difference
appears in the values of the maximum pressure. We can see that the maximum
pressure found by running Fluent only is 10.24 MPa (Fig. 4.1), where the elastic
deformations effect are not considered. Whereas in the case where the system is
solved by system coupling, using CFD and Mechanical solvers, the value of the
maximum pressure is 10.8% less compared to Fluent result, and the value was
found to be 9.241 MPa (Fig. 4.2).
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Figure 4.2: Oil pressure distribution for deformable components at 2500 rpm and
0.6 eccentricity ratio

The difference in the maximum pressure values is justified by the effect of elastic
deformations of the shaft and the bearing. The elastic deformations presented in
Fig 4.3 causes a change in the actual geometry of the lubricant gap. This change
in geometry has a direct effect on the pressure created inside the gap.

The numerical system works by sending the values of pressure created in Fluent
system to the mechanical system as load inputs. These inputs are the source of
the elastic deformations, these deformations cause the decrease in the maximum
presssure inside the lubricant gap. The final results obtained are more realistic
since they better describe the system performance.

By modeling the elastic deformations inside the system, the maximum pressure
is more accurate and has lower value than the case with rigid components. The cost
for obtaining the more accurate results is paid as a larger computational time. The
system needs 20 to 30 minutes to obtain the final solution in the case of rigid bodies;
whereas the computational time varies between 16 to 20 hours for completing the
solution for the FSI system. This is justified because there is a coupled analysis in
which two solvers are working together and they exchange information between
each other at each iteration.
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Figure 4.3: Elastic deformations of the Journal Bearing and the Shaft at 2500
rpm and 0.6 eccentricity ratio

4.2 Changing of shaft rotational speed
Changing the rotational speed of the shaft will change the pressure created inside
the lubricant gap. When we increase the rotational speed, the pressure will increase
as well because it is created by the effect of the shaft rotation. To study this effect,
we changed the rotational speed of our system from 2500 to 3500 then to 5000
rpm, keeping other parameters unchanged. The study is done for both rigid and
deformable cases.

For the case of rigid components, we can see how the maximum pressure in-
creased from 10.24 MPa, for 2500 rpm (Fig. 4.1), to 14.14 MPa when rpm increased
to 3500 (Fig. 4.4), then the maximum pressure further increased to 19.91 MPa
when the rpm increased to 5000 rpm (Fig. 4.5).

Although maximum pressure is increasing with increasing the shaft rotational
speed, but the shape of the pressure profile is showing similar trend for these cases.
This pressure profile keeps the same shape also for modeling deformable bodies. As
we can see in Figs. 4.6 and 4.7, the values of maximum pressure when considering
deformable bodies increased with increasing the shaft rotational speed, but still
lower than the cases with rigid components for each rpm value. The maximum
pressure is 12.94 MPa for 3500 rpm (Fig. 4.6) and 18.49 MPa (Fig. 4.7). These
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Figure 4.4: Pressure distribution for rigid component at 3500 rpm and 0.6
eccentricity ratio

Figure 4.5: Pressure distribution for rigid component at 5000 rpm and 0.6
eccentricity ratio
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values are lower than the maximum pressure values for the rigid bodies cases at
3500 and 5000 rpm respectively.

Figure 4.6: Pressure distribution for deformable component; 3500 rpm and 0.6
eccentricity

The variations of the maximum pressure for both cases (rigid and deformable)
are summarized in Fig. 4.8. The results show that the difference between maximum
pressure values for both rigid and deformable cases decreases from 10.8% to 7.7%
as we go from 2500 to 5000 rpm. Moreover, Fig. 4.8 shows that the maximum
pressure increases linearly with the increase of the shaft rotational speed.

As for the elastic deformations, the increase of the rotational speed leads to
increase in the elastic deformations of the shaft and the bearing. The deformations
for the 3500 rpm and 5000 rpm are shown in Fig. 4.9 and 4.10. This is justified
by the increase of the input loads to the mechanical system coming from Fluent.
These loads are created by the effect of pressure. The increase of pressure will
cause these load to increase, and thus increase of the elastic deformations.

The increase of deformations as function of shaft rpm is shown in Fig. 4.11.
The elastic deformations was 3.6136×10−5 mm at 2500 rpm, they increased to
5.0604×10−5 mm at 3500 rpm, then they increased more to 7.2317×10−5 mm at
5000 rpm.
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Figure 4.7: Pressure distribution for deformable component; 5000 rpm and 0.6
eccentricity

In addition to the elastic deformations, the stress and strain levels are also
calculated. Table 4.3 shows the maximum stress and maximum strain experienced
by the shaft and the bearing for each case, depending on the value of the rpm.

Shaft Rotational speed (rpm) 2500 3500 5000
Stress (kPa) 397.23 556.24 794.84
Strain (10−5mm/mm) 2.9956 4.1949 5.995

Table 4.3: Stress and Strain levels for different rotational speed values

From the results shown in the table, it is clear that the stress and strain levels
increase linearly with the increase of the shaft rotational speed.

4.3 Effect of changing the eccentricity value
The ratio between the distance between the centers, of the shaft and the bearing,
and the radial clearance is defined as the eccentricity ratio. This geometrical pa-
rameter has a direct effect on the pressure created inside the lubricant gap. As the
eccentricity ratio increases, the convergent zone will be smaller. In this case, for the
same rotational speed, the volume inside the lubricant gap of the convergent zone
gets smaller, so the value of the maximum pressure will increase. To investigate

37



Results and Discussion

2,000 2,500 3,000 3,500 4,000 4,500 5,000
6

8

10

12

14

16

18

20

22

24

shaft rotaional speed, rpm

m
ax

im
um

pr
es
su
re
,M

Pa
RigidBody

DeformableBody

Figure 4.8: Maximum Pressure as function of shaft rotational speed

the effect of increasing the eccentricity ratio on the maximum pressure inside the
lubricant gap, we increased the eccentricity ratio from 0.6 to 0.7 then to 0.8. The
study is done for both cases, rigid and deformable bodies.

For the case of rigid bodies, the pressure distribution for 0.7 eccentricity value
is shown in Fig. 4.12. The value of the maximum pressure is 16.20 MPa, higher
than that at eccentricity ratio 0.6 (10.24 MPa). Then for eccentricity ratio of 0.8,
the pressure distribution shown in Fig. 4.13 appears to have different distribution
compared to other cases. The maximum and minimum pressure areas are very
small compared to the cases of eccentricity ratios 0.6 and 0.7. In addition, the most
important outcome is the value of the maximum pressure. We can see from 4.13
that the maximum pressure is 475.4 MPa, which is very large and not consistent
with the maximum pressure values for eccentricity ratios 0.6 and 0.7. This value
of the maximum pressure is not expected for the input values in the numerical
model. In this case, we can check the validity of this study by looking at maximum
pressure in the deformable bodies model for the same eccentricity ratio (0.8).

For the second study, considering the effect of elastic deformations, the pressure
distribution obtained for eccentricity ratio 0.7 is shown in Fig. 4.14. The maximum
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Figure 4.9: Elastic deformation for shaft and bearing at 3500 rpm and 0.6
eccentricity ratio

pressure value is 15.75 MPa, higher than that in case of 0.6 eccentricity ratio for
deformed bodies case (9.241 MPa). In Fig. 4.15, the pressure distribution is shown
for increasing the eccentricity ratio more to 0.8. The maximum pressure increases
also in this case, and has a value of 31.35 MPa.

Considering the effect of increasing the eccentricity ratio on the elastic de-
formations of the shaft and the bearing, the deformations are plotted in terms
of eccentricity values in Fig 4.16. The total elastic deformations increased from
3.6136×10−5 to 6.1312×10−5, then to 11.77×10−5 by increasing the eccentricity
ratio from 0.6 to 0.7, then to 0.8, respectively. Figs. 4.3, 4.17 and 4.18 show the
elastic deformations for different eccentricity ratios at 2500 rpm.

By comparing the lubricant pressure profile at eccentricity ratio 0.8, Figs. 4.14
and 4.15, it seems that for this high eccentricity ratio (0.8), the assumption of
rigid bodies is not valid, and the results are totally different from the real results.
For lower eccentricity ratios, the rigid bodies model gave less accurate results by
overestimating the maximum pressure values, but the results were close with a per-
centage of error not higher than 12%. Whereas in the case of 0.8 eccentricity ratio,
the results were totally different and the CFD solver cannot give us the desired
results. These results are justified by the very high levels of elastic deformations
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Figure 4.10: Elastic deformation for shaft and bearing at 5000 rpm and 0.6
eccentricity ratio

for high eccentricity ratios. These elastic deformations are high in this case due to
the high oil pressure created inside the lubricant gap. The problem comes from the
fixed lubricant gap size and shape in the rigid bodies model, because deformations
are not taken into account. In this case, the pressure values will be very high
compared to the real case, since the lubricant gap modeled is smaller than the real
gap. Whereas, for the real case, where elastic deformations are considered, the real
lubricant gap area will be modeled based on the effects of the elastic deformations.
This will help the solver in finding the correct pressure distribution inside the
lubricant gap.

Similar to the study of the rotational speed effect, in the previous section, the
maximum stresses and strains for each eccentricity ratio are recorded in table 4.4.

Eccentricity Ratio 0.6 0.7 0.8
Stress (kPa) 397.23 679.01 1448.1
Strain (10−5mm/mm) 2.9956 5.0773 9.7242

Table 4.4: Stress and Strain levels for different eccentricity ratios
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Figure 4.11: Elastic deformations as a function of eccentricity ratio

We can see the non linear increase of the maximum stress and maximum strain
values as the eccentricity ratio increased from 0.6 to 0.8.
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Figure 4.12: Oil pressure distribution for rigid components at 2500 rpm and 0.7
eccentricity ratio
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Figure 4.13: Oil pressure distribution for rigid components at 2500 rpm and 0.8
eccentricity ratio
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Figure 4.14: Oil pressure distribution for deformable components at 2500 rpm
and 0.7 eccentricity ratio
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Figure 4.15: Oil pressure distribution for deformable components at 2500 rpm
and 0.8 eccentricity ratio
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Figure 4.16: Elastic deformations as a function of eccentricity ratio
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Figure 4.17: Elastic deformation for shaft and bearing at 2500 rpm and 0.7
eccentricity ratio

Figure 4.18: Elastic deformation for shaft and bearing at 2500 rpm and 0.8
eccentricity ratio
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Figure 4.19: Maximum Pressure as function of eccentricity ratio
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Conclusions

The present work used ANSYS for the analysis of hydrodynamic journal bearings.
In order to find the load carrying capacity of the journal bearing, the oil pressure
distribution should be found by means of numerical methods. First, the work
presented two main cases. The first case considers the shaft and the bearing as
rigid bodies, thus neglects the effect of elastic deformations. For the other case,
system coupling is used, by which mechanical and CFD solvers work together to
find the pressure distribution by considering the shaft and the bearing as deformed
bodies. By comparing the results for the two cases, we found that the second
case (deformable bodies model) gives more accurate results in terms of maximum
pressure and pressure distribution. The rigid bodies model overestimates the
maximum pressure, thus it overestimates the load carrying capacity of the bearing.
In addition, this model is not valid for high eccentricity ratios; higher than 0.7. On
the other side, the computational time is more than 40 times higher in the model
of deformable bodies.

The work also studied the effect of increasing the shaft rotational speed on
the oil pressure distribution for the two models. We found that the maximum
pressure linearly increases with the increase of the shaft rotational speed for the
two models. Furthermore, the deformable bodies model gave more accurate results,
and the percentage of error showed a small decrease between the two models as
rpm increases.

Then the work studied the effect of increasing the eccentricity ratio on the
oil pressure distribution, and also for the two presented models. The maximum
pressure for the two models increased with increasing the eccentricity ratio. The
deformable bodies model gave more accurate results for eccentricity ratios lower
than 0.8. Whereas, at these eccentricity ratios, the rigid bodies model gave less
accurate results, but they are reasonable compared to the results of the other
model. While for higher eccentricity ratio, 0.8, the results can be only obtained
using deformable bodies model.
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