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A comparison on optimal torque
vectoring strategies in overall
performance enhancement
of a passenger car

Seyed Mohammad Mehdi Jaafari and Kourosh Heidari Shirazi

Abstract

In this paper, a comparison is made on different torque vectoring strategies to find the best strategy in terms of

improving handling, fuel consumption, stability and ride comfort performances. The torque vectoring differential stra-

tegies include superposition clutch, stationary clutch, four-wheel drive and electronic stability control. The torque

vectoring differentials are implemented on an eight-DOF vehicle model and controlled using optimized fuzzy-based

controllers. The vehicle model assisted with the Pacejka tyre model, an eight-cylinder dynamic model for engine, and

a five-speed transmission system. Bee’s Algorithm is employed to optimize the fuzzy controller to ensure each torque

vectoring differential works in its best state. The controller actuates the electronic clutches of the torque vectoring

differential to minimize the yaw rate error and limiting the side-slip angle in stability region. To estimate side-slip angle

and cornering stiffness, a combined observer is designed based on full order observer and recursive least square method.

To validate the results, a realistic car model is built in Carsim package. The final model is tested using a co-simulation

between Matlab and Carsim. According to the results, the torque vectoring differential shows better handling compared

to electronic stability control, while electronic stability control is more effective in improving the stability in critical

situation. Among the torque vectoring differential strategies, stationary clutch in handling and four-wheel drive in fuel

consumption as well as ride comfort have better operation and more enhancements.
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Introduction

In recent years, torque control systems have been
increasingly used to improve vehicle performance,
safety and pollutant emission. These systems generate
additional yaw moment to correct the vehicle lateral
behaviour by asymmetric distribution of traction-
braking forces.1–4 Nowadays, due to concerns over
safety, the electronic stability control system (ESC)
is extensively applied as a standard option of the
new brands of the car producers. Regarding to the
dynamic situations, this system independently acti-
vates each brake to return the vehicle to the stability
margin. Researches show that ESC plays a significant
role in improving vehicle stability and reducing fatal
crashes.5 However, use of ESC often raises some
problems. Besides the decrease of the longitudinal
performances, ESC increases fuel consumption.2,3,6

Asymmetric distribution of traction force using
torque vectoring differentials could be a solution.
These systems are able to actively transfer appropriate
controlled torque to each wheel, without braking.2,7,8

Transferring the driving torque to inner wheels leads
to more understeering, and for outer wheels it leads to
oversteering. In spite of this excellent control of cor-
nering performance, which comes from utilizing the
live axles and active differentials, the total applied
torque has merely a little difference with that of
applied in the conventional differentials. Several stra-
tegies for torque-vectoring differential (TVD) have
been proposed. All of these strategies use one or
two clutches for generating asymmetric torque
distribution.8–10

Studies on the direct yaw moment control can be
traced back to the early 1990s. Shibahata et al.1
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showed that the direct yaw moment control with
proper distribution of traction and braking forces
on the right and left wheels provides a very effective
means to improve handling, stability and vehicle man-
oeuvrability. Motoyama et al.11 made an experimental
vehicle that controlled the traction force distribution
to each of the four wheels and showed that control of
the traction distribution between the left and right
wheels greatly influences turning characteristics even
in a marginal turning condition. Ikushima and
Sawase12 proposed a system for left–right torque dis-
tribution that had the ability to correct the vehicle
yaw moment, regardless of vehicle acceleration or
deceleration. Sawase and Sano8 from Mitsubishi
Motors introduced active yaw control (AYC) system
as the first torque vectoring differential, and investi-
gated the influence of this system on improvement of
vehicle stability and handling. Hancock et al.13 did a
comparison between AYC and ESC from energy loss
point of view. The results indicated high energy loss in
vehicles equipped with ESC system. Deur et al.14 pre-
sented a uniEed mathematical model of active differ-
ential dynamics using the bond graph modelling
technique.

The present work is an investigation on the effects
of different TVD strategies of a four-wheel drive vehi-
cle in enhancement of longitudinal and lateral per-
formances, ride comfort and energy losses. To this
end, an eight degrees of freedom model is extended
for vehicle and Pacejka15 combined slip model for
tyres. To ensure the best operation of each TVD, a
fuzzy controller for each system is considered and
optimized with fuzzy rules and the orientation of the
membership functions as optimization parameters,
using Bee’s Algorithm.

The paper is organized in 11 sections. In sections 2
and 3, the vehicle, tyre, engine, transmission system
and the different TVD’s models are introduced and
discussed. In sections 4–7 the controller is designed
based on the optimal fuzzy scheme. Bee’s
algorithm (BA) is used as for fuzzy membership func-
tion optimization in section 8. In section 10, the
behaviour of each TVD strategies as well as ESC
during cornering in standard manoeuvres is studied.
Finally, in section 11, the concluding remarks are
presented.

Non-linear vehicle model

The vehicle dynamics

In the beginning of the section, several assumptions
are made.

. Considering speed range of the vehicle, the
Pacejka15 steady-state model is used for simulation
of dynamic interaction of the tyre and road.
However, it should be noted that for higher
speeds and changing road and tyre conditions,

transient tyre models16,17 in which the vehicle yaw
motion and oscillatory behaviour of the road fric-
tion force in cornering manoeuvres are taken into
account, yields more accurate results.

. The wheels are assumed to be rigid. So the distance
of each wheel’s centre to the ground remains con-
stant during cornering manoeuvres. However, the
wheels’ elasticity should be considered if investiga-
tion of ride comfort of the suspension system is
the main purpose. For more detail, the readers
are recommended to refer to Hegazy et al.18

. In the present work, the effect of power transmis-
sion system dynamic on the overall motion of the
vehicle is considered. The engine is an eight cylin-
ders spark ignition type. The clutch has stribeck
friction model. Although this is not the case in
this research, to study the nonlinear vibration of
power transmission system it is better to employ
more accurate models of clutch friction.19 The
power train followed by different types of
differentials.

. Since to validate the presented models it is neces-
sary to compare the dynamic response of the vehi-
cle with those obtained from Carsim,20 the steering
input data for the standard manoeuvres are
selected based on those of used by Carsim.

Figure 1 shows a schematic diagram of an 8 DOF
vehicle model including longitudinal and lateral
speed (vx, vy), roll and yaw rates ( _’ and r) and spin
motion of each wheel (!LF,!RF,!LR,!RR). The equa-
tions of motion according to Figure 1 can be summar-
ized as the equations (1) to (4)

FLLFcos ð�f Þ þ FLRFcos ð�f Þ � FCLFsin ð�f Þ

� FCRFsin ð�f ÞþFLLR þ FLRR ¼ muð
u~aGu
ðiÞÞ

þmsð
u~aGs
ðiÞÞ ð1Þ

FCLFcos ð�f Þ þ FCRFcos ð�f Þ þ FLLFsin ð�f Þ

þ FLRFsin ð�f Þ þ FCLR þ FCRR

¼ muð
u~aGu
ð j ÞÞ þmsð

u~aGs
ð j ÞÞ ð2Þ

ðFLRFcos ð�f Þ � FCRFsin ð�f Þ þ FLRR þ FCLFsin ð�f Þ

� FLLFcos ð�f Þ � FLLRÞ
t

2
þ ðFCLFcos ð�f Þ

þ FCRFcos ð�f Þ þ FLLFsin ð�f Þ þ FLRFsin ð�f ÞÞa

� ðFCLR þ FCRRÞbþ ðMZLF þMZRF þMZLR

þMZRRÞ � ðhsms
u ~aGs
ðiÞÞsin ð’Þ þ xumuð _vy þ _�vxÞ

¼ Iuz
€� þ s _~HGs

ðkÞ cos ð’Þ þ s _~HGs
ð j Þsin ð’Þ

ð3Þ

msghs sin ð’Þ � ðdf þ drÞ _’� ðkf þ krÞ’

þ hsðcos ð’Þms
u ~aGs
ð j Þ

þ sin ð’Þms
u ~aGs
ðkÞÞ ¼ s _~HGs

ðiÞ

ð4Þ
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where u ~aGu
ðiÞ, u ~aGu

ð j Þ, u~aGs
ðiÞ, u~aGs

ð j Þ, s
_~HGs
ðiÞ, s

_~HGs
ð j Þ,

s _~HGs
ðkÞ and related equations to the wheels are

explained in Appendix 2.

The tyre and engine models

In order to simulate nonlinear behaviour of the tyres,
the Pacejka15 combined slip tyre model has been used.
The general form of the formulae is as follows

YðxÞ ¼ D sinðC tan�1fBx� EðBx� tan�1ðBxÞÞgÞ

ð5Þ

In equation (5), YðxÞ is either longitudinal force with
x as longitudinal slip ratio or lateral force with x as
slip angle or the self-aligning moment with x as the
slip angle. The above equation parameters depend on
the type of the tyre and road conditions. In this
research, a 195/65 R15 tyre is used. This study ignores
the transient tyre behaviour, camber angle and
turn-slip in tyre model. The inputs for this model
are longitudinal slip, slip angle and vertical tyre
loads which are described in Appendix 2. The outputs

are longitudinal tyre force, lateral tyre force and self-
aligning moment which are used in equations of
motion (equations (1) to (4)). The engine output
torque is calculated as follows

Te ¼ f !e,�thrð Þ: ð6Þ

In equation (6), Te is the output torque, !e is the
engine speed and �thr is different percentage of throttle
position. The engine used in this study is an eight
cylinder with a torque map characteristic which is
depicted in Figure 2.21 A five-speed transmission
system is considered and its gear ratio is given in
Table 1.

Torque vectoring systems

In this research, three types of torque vectoring dif-
ferential mechanisms are considered and compared
with ESC system. All these systems have one or two
clutches by which the asymmetric torque distribution
between the axles is made possible.8–10 When two
clutch plates with different rotational speeds are com-
pressed against each other, the torque is transferred

Figure 2. Engine torque map.

Figure 1. Eight DOF vehicle model.
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from the faster disc to the slower one. The transferred
torque is proportional to compression force and this is
the basic principle behind the TVDs.

The clutch model

Frictional torque transmitted by the clutch is a func-
tion of the normal compression force on each disc
ðFcÞ, number of active friction surfaces ðncÞ, the
clutch friction surface radius ðrcÞ and friction coeffi-
cient ð�FÞ which generally depends on the clutch rela-
tive speed and calculated from equation (7)22

TF ¼ Fcrcnc�F ¼ Treq�F ð7Þ

where Treq is hydraulic torque and ð�FÞ can be
described by the generalized Stribeck friction
model3. The Stribeck friction model and the param-
eters used are given in Appendix 2. A delay of 0.2 s is
used as the differential actuator time lag. Also, the
Karnopp clutch friction model is used for zero-speed
region (locked mode).23

The SPC-TVD mechanism

In addition to ordinary differential, this system
consists of two clutches and a speed increasing–
decreasing gear for transferring the torque to the
slower or faster wheel. It is assumed that this system
is used in the rear axle of a 4WD vehicle (Figure 3)
and an open differential is used in the front axle.

The torque can be transferred to the faster wheel,
provided that the faster wheel speed does not exceed
the slower wheel speed by more than 28% (equations
(8) and (9)). The relative speed between the left clutch
plates and the relative speed between the right clutch
plates are obtained from the equations (8) and (9),
respectively. The torque transmitted to the left and
right wheels is taken into account from the equations
(10) and (11), respectively.

!f1 ¼ 1�
h1
2

� �
!2 �

h1
2
!1 ð8Þ

!f2 ¼
h2
2
!1 � 1�

h2
2

� �
!2 ð9Þ

Tt1 ¼
1

2
iTer þ

1

2
h1Tf1 �

1

2
h2Tf2 � _!1

1

4
i2I�i þ I1

� �

� _!2
1

4
i2I�i

� �
ð10Þ

Tt2 ¼
1

2
iTerþ

�
1

2
h1� 1

�
Tf1�

�
1

2
h2� 1

�
Tf2

� _!2

�
1

4
i2I�i þ I2

�
� _!1

�
1

4
i2I�i

�
I�i ¼ Ii þ i�2ðIcþ I�gcÞ, I

�
gc ¼ Igcþ ðh2Þ

2IC2þ ðh1Þ
2IC1

�

�
Z1

Z2

�2

Idg, h1 ¼
Z1Z6

Z4Z3
, h2 ¼

Z1Z5

Z4Z2

ð11Þ

The STC-TVD mechanism

This system has two stationary clutches and two series
of planetary gears which are on the both output shafts

Figure 3. Kinematic schemes of SPC-TVD.

Table 1. Transmission ratios.

Gear 1 2 3 4 5

Gear ratio 3.42 2.14 1.45 1.03 0.81
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of the ordinary differential (Figure 4). This differential
acts like a normal differential while clutches being
inactive. When the left clutch is activated, more
torque is transferred to the left wheel and when the
right clutch is activated, more torque is transferred to
the right wheel. The demanded torque transfer to the
faster wheel can be achieved if the wheel speed differ-
ence does not exceed by more than the 28% of slower
wheel speed (equations (12) and (13)).

It is assumed that this system is used in the rear
axle of a 4WD vehicle and in front axle an open dif-
ferential is used. The relative speed between the left
clutch plates and the relative speed between the right
clutch plates are calculated from the equations (12)
and (13), respectively. The torque transmitted to the
left and right wheels is derived from the equations (14)
and (15), respectively.

!f1 ¼ H11!2 �H12!1 ð12Þ

!f2 ¼ H21!1 �H22!2 ð13Þ

Tt1 ¼
1

2
iTer þH12Tf1 �H21Tf2

� _!1

�
I�1 þ

1

4
i2I�i þH2

12IC1 þH2
21IC2

�

� _!2

�
1

4
i2I�i �H11H12IC1 �H21H22IC2

�
ð14Þ

Tt2 ¼
1

2
iTerþH22Tf2�H11Tf1

� _!1

�
1

4
i2I�i �H11H12IC1�H21H22IC2

�

� _!2 I�2þ
1

4
i2I�i þH2

11IC1þH2
22IC2

� �

h1 ¼ h2 ¼
Z1Z3

Z2Z4
, H11 ¼

h1
2ðh1� 1Þ

, H12 ¼
2� h1

2ðh1� 1Þ
,

H21 ¼
h2

2ðh2� 1Þ
, H22 ¼

2� h2
2ðh2� 1Þ

,

I�i ¼ Iiþ i�2ðIcþ Is1þ Is2Þ, Is2 ¼ Is1,

I�1 ¼ I1þ Ir1, I
�
2 ¼ I2þ Ir2, Ir2 ¼ Ir1: ð15Þ

The 4WD-TVD mechanism

This differential is particularly designed for using in
4WD vehicles, which possesses two stationary
clutches and two sets of planetary gears. This system
is not built around the traditional open differential
and when the clutches are disengaged, the output
torque is equal to zero. Through the simultaneous
control of both clutches, torque distribution between
the front and rear axle is adjusted and by the inde-
pendent control of each clutch, the torque between the
left and right wheels is regulated (Figure 5).

The relative speed between the left clutch discs and
the relative speed between the right clutch discs are
calculated from the equations (16) and (17), respect-
ively. The torque transmitted to the four wheels is
taken into account from the equations (18) to (21).

!f1 ¼ G1!3 þ G1!4 � !1ð1þ h1Þ ð16Þ

!f2 ¼ G2!3 þ G2!4 � !2ð1þ h2Þ

h1 ¼
Zr

Zs
, G1 ¼ h1

giif
2ir

, h2 ¼
Zr

Zs
, G2 ¼ h2

giif
2ir

,

ir ¼ if
h1

h1 þ 1
ð17Þ

Tt1 ¼ Tf1ð1þ h1Þ þ _!3G1Is1ð1þ h1Þ þ _!4G1Is1ð1þ h1Þ

� _!1ðI
�
1 þ Is1ð1þ h1Þ

2
Þ ð18Þ

Tt2 ¼ Tf2ð1þ h2Þ þ _!3G2Is2ð1þ h2Þ þ _!4G2Is2ð1þ h2Þ

� _!2ðI
�
2 þ Is2ð1þ h2Þ

2
Þ ð19Þ

Figure 4. Kinematic schemes of STC-TVD.
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Tt3 ¼
1

2
ifTe � Tf1G1 � Tf2G2 þ _!1G1Is1ð1þ h1Þ

þ _!2G2Is2ð1þ h2Þ � _!3ðJþ I3Þ � _!4J ð20Þ

Tt4 ¼
1

2
ifTe � Tf1G1 � Tf2G2 þ _!1G1Is1ð1þ h1Þ

þ _!2G2Is2ð1þ h2Þ � _!4ðJþ I4Þ � _!3J

I�1 ¼ I1 þ Icar1,

J ¼ Is1G
2
1 þ Is2G

2
2 þ ði

2
f =4ÞI

�
i

I�i ¼ Ii þ Icf=i
2
f þ ð gi=irÞ

2
ðIir þ Ir1 þ Ir2Þ,

I�2 ¼ I2 þ Icar2

h1 ¼
Zr

Zs
, G1 ¼ h1

giif
2ir

, h2 ¼
Zr

Zs
,

G2 ¼ h2
giif
2i r

, ir ¼ if
h1

h1 þ 1
ð21Þ

The parameter values used in the vehicle model and
active differentials are given in Appendix 3.

The ESC system

Creating differential braking by increasing the brake
pressure at the left wheels compared to the right
wheels generates a counter-clockwise yaw moment and
vice versa. In the understeering situation, braking force
is applied on the inside rear wheel and in the oversteer-
ing situation the braking force is applied on the outside
front wheel.24 In this research, the vehicle equipped with
ESC has open differential in both front and rear axles.

The controller

The purpose of controller here is to track the desired
yaw motion and limit the side-slip angle within the

stability region. At high slip angles, the tyres lose
their linear behaviour and approach the limit of adhe-
sion. It is pointed out that on dry asphalt roads, the
limitation reached at a side-slip angle of approxi-
mately �12�, while on packed snow roads, this
value is about �2�.25 The control algorithm is fuzzy
due to fast response and simplicity in implementation.
The following empirical relation is suggested as the
critical side-slip angle of the vehicle for stability.26

�critical ¼ tan�1ð0:02 mgÞ ð22Þ

where � is the road friction coefficient. This relation
yields an upper bound of 10 degrees at a friction coef-
ficient of � ¼ 0:9 and an upper bound of four degrees
at a friction coefficient of � ¼ 0:35. In this research,
low, medium and high side-slip angles are defined as
follows

Low side-slip angle : �
�� ��4 1

3
�critical ð23Þ

Medium side-slip angle :
1

3
�critical 5 �

�� ��4 2

3
�critical

ð24Þ

High side-slip angle :
2

3
�critical 5 �

�� ��: ð25Þ

A desired yaw rate can be defined based on the dri-
ver’s steering input, bicycle model and vehicle speed
from equation (26)26,27

rd ¼
vx�

ðbþ aÞ þ Kuv2x
, Ku ¼

M

bþ a

�
b

Cf
�

a

Cr

�
ð26Þ

Figure 5. Kinematic schemes of 4WD TVD.
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where M is the vehicle mass and ðvxÞ is longitudinal
speed taken from vehicle model. Considering the tyre–
road friction coefficient, the desired yaw rate rd must
comply with the following conditions25,26

rdj j5
mg
vx

����
���� ð27Þ

where Cf and Cr are the front and rear cornering stiff-
ness, respectively. The fuzzy inputs are side-slip angle
ð�Þ, yaw rate error (e ¼ r� rd) and its derivative
( _e ¼ _r� _rd) and the output is clutch torque, Treq in
equation (7). Obviously, by choosing nc and rc by
the designer, the force needed to push the clutch is
derived from Treq=ncrc (equation (7)). The vehicle
yaw rate ðrÞ is taken from vehicle model and the
side-slip is estimated from the measured vehicle
states. The control system decides to switch the appro-
priate clutching in the torque vectoring differentials or
appropriate tyres for braking in ESC. Moreover, the
allowable wheel speed difference for torque distribu-
tion is controlled in this layer. The schematic diagram
of the control system is depicted in Figure 6.

It should be noted that to minimize the total clutch
loss for the given torque transfer TVD’s, only one
clutch should be engaged in each time. The detail of
design and optimization of fuzzy control can be seen
in Appendix 4.

Fuel consumption and energy
considerations

The energy dissipated during each of the manoeuvres
is taken into account from equation (28)3

Ed ¼
X

i¼RF,LF,RR,LR

�Z
FLiðri!i�UwiÞdt

þ

Z
FCiVwidtþ

Z
TBi!idt

�
þ
X2
i¼1

Z
Tfi!fidt ð28Þ

where Ed is dissipated energy. The integrand terms are
energy losses due to tyre longitudinal slip, tyre lateral
slip, brakes and differential clutches. Also, the energy
losses can be obtained by subtracting the total kinetic
energy from the power train energy as given in the
equation (29). Both equations (28) and (29) give the
same result.

Ed ¼

Z
Te!edt�

�
1

2

�
Mðv2x þ v2yÞ þ ðI

s
z þ IuzÞ

_�2

þ Isx _’2 þ
X4
i¼1

Iw!
2
i �Mðv2x0 þ v2y0Þ

�
þ KTrans

�

ð29Þ

Model validation

In order to validate the vehicle model, the dynamic
responses including vehicle path, yaw rate, rolling
angle, and side slip angle under the fishhook man-
oeuvre are obtained and compared with those of
Carsim built model. As it can see in Figure 7, both
the 8-DOF model and Carsim model have very similar
dynamic behaviour. Therefore, the model is prepared
to be used in the optimum fuzzy control design pro-
cess. The main reason for using 8-DOF model rather
than Carsim model is its efficient execution time. This
property makes it suitable for performing a design
process based on optimization.

Parameter estimation

In order to estimate the side-slip angle and the cor-
nering stiffness in equation (26), a combined observer

Figure 6. Schematic diagram of control system.
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based on full-order observer and recursive least
square method is used.

Side-slip angle estimation

The 2-DOF vehicle model (bicycle model) with con-
stant speed is adopted to estimate the side-slip angle.
The bicycle model does not consider the tyre tangen-
tial force and ignores the load transfer of the vehicle
and the air resistance. Figure 8 shows the bicycle
model.

Assuming the vehicle side-slip angle (�) and the
steer angle of the front wheel (�f) are small, the vehicle
formulas are obtained as follows26

may ¼ 2Cf

�
�f � ��

r

vx
a

�
þ 2Cr

�
r

vx
b� �

�
ð30Þ

Iz _r ¼ 2aCf

�
�f � ��

r

vx
a

�
� 2bCr

�
r

vx
b� �

�
:

ð31Þ

Side-slip angle � and yaw rate r are used as state vari-
ables, and lateral acceleration ay and yaw rate are
used as system measurement variables. Equations
(30) and (31) can be expressed as state–space form

_x ¼ Axþ Bu ð32Þ

y ¼ CxþDu ð33Þ

where

x ¼
�

r

� �
, u ¼

�f

0

� �
, y ¼

r

ay

� �
ð34Þ

A ¼

�
2 Cf þ Cr

� �
mvx

�
2aCf � 2bCr

mv2x
� 1

�
2 aCf � bCr

� �
Iz

�
2 a2Cf þ b2Cr

� �
Izvx

2
6664

3
7775,

B ¼

2Cf

mvx
0

2aCf

Iz

1

Iz

2
664

3
775 ð35Þ

C ¼

0 1

�
2 Cf þ Cr

� �
m

�
2 aCf � bCr

� �
mvx

2
4

3
5,

D ¼
0 0

2Cf

m
0

" # ð36Þ

Then, the state–space observer dynamic equation can
be obtained using the state observer theory28

_̂x ¼ Ax̂þ Bu� Kðŷ� yÞ ð37Þ

Figure 7. Comparison of the vehicle responses for the 8-DOF model and the Carsim model.

Figure 8. Bicycle model.
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ŷ ¼ Cx̂þDu ð38Þ

where K is observer matrix gain. For high
response and robustness purposes, K is selected as
follows29

K¼

1

4

2aCf� 2bCr

� �
l1l2Iz

CfCr aþ bð Þ
2

� 1
1

vx

�l1� l2
m a2Cfþ b2Cr

� �
Iz aCf� bCr

� �

2
6664

3
7775
ð39Þ

in which l1 and l2 are the assigned pole values of the
observer. The diagram of designed observer is shown
in Figure 9.

Cornering stiffness estimation

To estimate the cornering stiffness, the recursive least
square method has been used. In least square estima-
tion, unknown parameters of a linear model are
chosen in such a way that the sum of the squares of
the difference between the actually observed and the
computed values is minimum. Equations (40) to (44)

Figure 10. Actual and estimated parameters.

Figure 11. Flowchart of BA algorithm.Figure 9. Structure of observer for side-slip angle.
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explain the method

yðtÞ ¼ ’TðtÞ�ðtÞ ð40Þ

eðtÞ ¼ yðtÞ � ’TðtÞ�̂ðtÞ ð41Þ

d�̂ðtÞ

dt
¼ PðtÞ’ðtÞeðtÞ ð42Þ

lðtÞ ¼ l0

�
1�

Pk k

K0

�
ð43Þ

dPðtÞ

dt
¼ lðtÞPðtÞ � PðtÞ’ðtÞ’TðtÞPðtÞ ð44Þ

where �ðtÞ is the vector of estimated parameters, ’ðtÞ is
the regression vector and eðtÞ is the identification error
between measured yðtÞ and estimated value ’TðtÞ�̂ðtÞ.
The parameter l is called the forgetting factor.30 It
operates as a weight which diminishes for the more
remote data and P(t) is called covariance matrix, and
for the better results it is recommended to assume that
Pk4K0k . Equations (30) and (31) can be rewritten in
standard regression form as

ay

_r

� �
¼

2 �f � ��
r

vx
a

� �
m

2
r

vx
b� �

� �
m

2a �f � ��
r

vx
a

� �
Iz

�

2b
r

vx
b� �

� �
Iz

2
6666664

3
7777775

Cf

Cr

� �
:

ð45Þ

Then

y ¼
ay

_r

� �
, ’T ¼

2 �f � ��
r

vx
a

� �
m

2
r

vx
b� �

� �
m

2a �f � ��
r

vx
a

� �
Iz

�

2b
r

vx
b� �

� �
Iz

2
6666664

3
7777775
,

� ¼
Cf

Cr

� �
:

ð46Þ

Therefore, cornering stiffness will be determined
by means of equations (40) to (46). Figure 10

shows the estimated and actual cornering stiffness
and side-slip angle. It is seen from Figure 10 that
the estimates of the states match well with the simu-
lation results.

Optimization

In order to improve the controller performances, the
designed controller is optimized for each TVD strat-
egy using Bees algorithm optimization method (BA).
The BA method is an optimization algorithm which is
inspired from a searching behaviour of the bees.31 The
flowchart of BA algorithm is depicted in Figure 11. In
this method, a population of optimization parameters
(fuzzy rules and the orientation of the membership
functions) with n individuals each called a bee is gen-
erated. The cost function for each bee is evaluated to
show which one finds a better place for flowers.
Comparing fitness function of the bees, m best
places are selected and a ngh neighbourhood for
each m places is defined. Then a number of bees for
best e places are recruited. After that, m bees related
to the best m places are selected. For n–m remaining
places, again some neighbourhood is randomly
defined and new population is generated.

Since the main purpose of controller is to improve
the vehicle handling and vehicle stability, the objective
function is obtained from the equation (47)

Minimize F uð Þ

where FðuÞ ¼ v1

Z
r� rdj jdt

þ
1

2
v2

Z
ð �
�� ��� 1

2
�criticalÞ þ ð �

�� ��� 1

2
�criticalÞ

����
����dt,
ð47Þ

in which v1 and v2 are weight factors for normaliza-
tion of cost function parameters. The first term of cost
function is defined for minimizing the integral of yaw
rate error (e ¼ r� rd) and the second term is defined
to limit the side-slip angle lower than 1=2�critical as
much as possible. There are two layers of optimiza-
tion. In the first layer, fuzzy rules are optimized. In the
second layer, the skewness of the membership func-
tions is taken to obtain best value of the cost function
during a standard manoeuvre.

Figure 12. Desired path in DLC manoeuvre.
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Manoeuvres

In order to evaluate the influence of each TVD, the
vehicle undergoes standard testing including the fish-
hook, J turn and double lane change (DLC). The
desired path in DLC manoeuvre is shown in Figure 12.
Steering angle histogram for the front wheels in J turn
and fishhook manoeuvre is shown in Figure 13.

Discussion

Handling, stability, ride comfort and fuel consump-
tion are four criteria for comparing the performance
of the TVDs. Yaw rate error, side-slip angle and vehi-
cle speed–acceleration are quantitative measures for
handling, stability and ride comfort, respectively,
and for fuel consumption (or energy losses) equation
(28) is used as well. The integral of yaw rate error and
the side-slip angle for different TVDs’ strategies and
different initial speeds are shown in Figures 14 and 15.
It is seen that besides limiting the side-slip angle inside
the allowable range, four TVD strategies improve the
yaw rate.

Handling

Figures 14 and 15 depict that TVDs are as effective as
ESC in handling improvement. In fact the TVD stra-
tegies produce the necessary yaw moment by using
two wheels instead of one. However, 4WD-TVD
shows weaker performance than the other, because
when 4WD-TVD is activated, the torque in the

Figure 14.
R 10

0
r � rdj jdt and side-slip angle for vehicle equipped with the torque distribution systems under medium initial speed.

Figure 13. Steering command in front wheels in J and

fishhook manoeuvre.
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front axle is reduced and on the contrary it increased
in the rear axle. Therefore, the handling tends to be
more oversteer. Among the different TVD strategies,
stationary clutch torque vectoring differential (STC-
TVD) and after that superposition clutch torque vec-
toring differential (SPC-TVD) show the best handling
performance.

Ride comfort

A weak point of ESC is speed and longitudinal accel-
eration reduction due to braking and as a result
reduction of ride comfort as well as more fuel con-
sumption. As a quantitative measure for ride comfort
performance, both the longitudinal speed and acceler-
ation reduction are taken into account. Figure 16
shows the longitudinal acceleration in the different
TVD strategies. Obviously in all three manoeuvres,
ESC dramatically reduces the ride comfort while in
TVDs, the speed and acceleration reduction is
negligible.

Figure 17 shows the percentage of average vehicle
speed reduction compared to a conventional vehicle in

investigated manoeuvres. According to this figure, the
ESC has a significant reduction in average speed,
while torque vectoring differential has a negligible
variation on the vehicle speed. According to
Figures 16 and 17, it can be said that ESC has weakest
ride comfort performance while among the TVD stra-
tegies, 4WD-TVD and STC-TVD have the
highest and lowest benefits, respectively. In TVDs,
the total wheel torque decreased when one of the
left or right clutches is activated, and thus the vehicle
tends to slightly decelerate during the torque distri-
bution process, but this reduction is much lower
than ESC.

Fuel consumption (energy loss)

One of the important sources of fuel consumption is
energy loss during successively braking and accelerat-
ing. From the fuel consumption point, each TVD
strategy as well as ESC should be analysed and eval-
uated. Figure 18 depicts the energy loss during the
standard manoeuvres. It is clear that the energy loss
for the ESC is much larger than that of lost by all

Figure 15.
R 10

0
r � rdj jdt and side-slip angle for vehicle equipped with the torque distribution systems under high initial speed.
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kinds of TVD strategies. Among TVD strategies,
STC-TVD and SPC-TVD have more energy loss in
comparison with 4WD-TVD; however, this is much
less than the energy loss in the ESC.

Weight and price are other important concerns of
vehicle industries. One of the important items that
affects the price and weight of TVDs is the type of

the actuator. Figure 19 shows the integral of required
actuating torque for the different TVDs.

One can see that the required actuating torque to
generate corrective yaw moment in SPC-TVD is much
larger than that in STC-TVD and 4WD-TVD.
Accordingly, unlike 4WD-TVD and STC-TVD, a
SPC-TVD requires a heavier and larger

Figure 16. Longitudinal acceleration in DLC manoeuvre.

Figure 17. Percentage of average vehicle speed reduction.
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actuator which could be more complex and energy
consuming.

Handling and stability in lower friction coefficient

Cornering stability in low friction road condition is
one of the main concerns of vehicle dynamic control
system designers. Figure 20 shows the integral of
yaw rate error and side-slip angle of the vehicle
behaviour under wet road conditions. All the four
TVDs have improved the yaw rate, and the vehicle
side-slip angle has stayed in stability limits as well.
Moreover, both the TVDs like ESC improve the
stability, however STC-TVD shows the best hand-
ling performance while the 4WD-TVD is the worst
like before.

In spite of satisfactory functioning of TVDs, there
are several limitations in their applications. Unlike
ESC, the TVDs try to stabilize cornering using driving
and positive torque on wheels. Stabilization using
positive torque sometime has unexpected results.
To investigate some of these situations, two severe
manoeuvres are illustrated. In the first manoeuvre,
the vehicle is facing an obstacle and trying to avoid
it, whereas there is another obstacle beside the

vehicle’s path. The vehicle is moving with speed
v0 ¼ 140kmh and the steering angle suddenly reached
to the maximum value �f ¼ 10�. In the second man-
oeuvre, the vehicle is facing an obstacle but there is a
transition from normal to slippery road condition
when it is avoiding the obstacle. The vehicle speed is
v0 ¼ 80kmh and the steering angle suddenly reaches to
�f ¼ 6�.

To compare the performance of different systems,
five vehicle models are prepared. The passive model
consists of a simple Transmission model in the
absence of any TVD or ESC, three models equipped
with three types of TVD strategies and one model
has ESC. From Figure 21, it is seen that the best
performance belongs to ESC. Unfortunately, all
the three TVD strategies failed to control the sta-
bility of the vehicle. The main reason of priority
of ESC in stabilizing the motion is that ESC not
only controls the cornering dynamics based on the
generation of yawing moment but with reducing the
speed and lateral acceleration simultaneously. These
two cases showed that in critical situations, ESC
can control the vehicle; however, none of the
TVDs is successful in stabilizing the cornering
dynamic.

Figure 19. Actuation torque.

Figure 18. Energy losses (KJ).

482 Proc IMechE Part K: J Multi-body Dynamics 230(4)



Figure 20.
R 10

0
r � rdj jdt and side-slip angle for vehicle equipped with the torque distribution systems under wet road conditions.

Figure 21. Performance of torque control systems in critical situations.
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Conclusion

In this paper, different TVD strategies were introduced
and their performance is compared under the control
of an optimized fuzzy controller. The vehicle perform-
ances included handling, stability, fuel consumption,
and ride comfort. The vehicle model consists of engine
dynamics model, Pacejka tyre–road model, and trans-
mission model, and an eight DOF mixed longitudinal
and lateral dynamic model. Then three types of TVD
strategies as well as ESC system were used as cornering
and stability control system. Each system equipped
with an optimized fuzzy control which is optimized
using Bee’s Algorithm. The main contributions of
this research are summarized as below:

. Unless in the critical situations (high speed, high slip
angle and low friction) in which the ESC has domin-
ant stability control performance, in other situations
TVD strategies show much better performance.

. STC-TVD shows the better handling performance.

. 4WD-TVD has better ride comfort as well as fuel
consumption performance.

. SPC-TVD requires stronger actuator and larger set
of clutches to generate the controlling torques.

. 4WD-TVD required the driving torque apply to
the rear wheels to correct operation while there is
no such limitation for SPC-TVD and STC-TVD.
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Appendix 1

Notations

u ~aGs
, u~aGu

acceleration of the sprung and

unsprung mass (m.s�2)
a, b longitudinal distance from the front

and rear axle to the centre of

mass (m)
C�f,C�r front/rear cornering stiGness

(N.rad�1)
dr, df front/rear roll damping

(N .m.rad�1.s�1)
FLi,FCi,Ni longitudinal, lateral and vertical

tyre forces labelled

i ¼ RF,LF,RR,LR(N)
gi gear ratio of the speed increasing

device
hr height of the unsprung mass from

the road surface (m)
hs height of the sprung mass above

roll axis (m)
hu height of roll axis above the

unsprung mass (m)
u ~HGu

, s ~HGs
angular momentum of unsprung

and sprung mass
i speed ratio of differential bevel gear
if, ir speed ratio of front and rear

differential bevel gear, respectively
Ic the moment of inertia of the

ordinary differential (kg.m2)
Icar1, Icar2 the moment of inertia of the left

and right planetary carriers,

respectively (kg.m2)
IC1 the moment of inertia of the left

clutch (kg.m2)
IC1 the moment of inertia of the left

clutch and the gear 3 (kg.m2)
IC2 the moment of inertia of the right

clutch (kg.m2)
IC2 the moment of inertia of the right

clutch and the gear 2 (kg.m2)
Icf the moment of inertia of the front

ordinary differential (kg.m2)

Idg the moment of inertia of the gears

4,5 and 6 (kg.m2)
Igc the moment of inertia of the gear 1

(kg.m2)
Ii the moment of inertia of the rear

propeller shaft (kg.m2)
Iir the moment of inertia of the rear

bevel gear (kg.m2)
Ir1, Ir2 the moment of inertia of the left

and right ring gears, respectively

(kg.m2)
I1, I2 the moment of inertia of the rear

left and rear right half shafts,

respectively (kg.m2)
Isx, I

s
y, I

s
z, I

s
xy, I

s
yz sprung mass moment of inertia and

product inertia (kg.m2)
Is1 the moment of inertia of left clutch

and the left sun gear (kg.m2)
Is2 the moment of inertia of right clutch

and the right sun gear (kg.m2)
Is2 ¼ Is1 the moment of inertia of the gear 1

(kg.m2)
Ir2 ¼ Ir1 the moment of inertia of the gear 4

(kg.m2)
Iuz unsprung mass moment of inertia

(kg.m2)
Iw wheel inertia (kg.m2)
I1, I2 the moment of inertia of the rear

left and rear right half shafts,

respectively (kg.m2)
I1, I2, I3, I4 the moment of inertia of the rear left,

rear right, front left and front right

half shafts, respectively (kg.m2)
kr, kf front/rear roll stiGness (N

.m.rad�1)
KTrans kinetic energy of transmission

system (J)
Ku understeering parameter
L wheel base (m)
M total vehicle mass (kg)
MZi self-aligning moment of wheel

labelled i ¼ RF,LF,RR,LR (N.m)
ms,mu mass of the sprung mass, mass of

the unsprung mass (kg)
nc number of active friction surfaces
r, rd vehicle yaw rate and desired yaw

rate (rad.s�1)
Rw, rc effective radius of wheel and effec-

tive radius of clutch (m)
t wheel tread (m)
TBi braking torque applied to wheel

i ¼ RF,LF,RR,LR (N.m)
Te,Ter engine torque and torque supplied

to rear axle (N.m)
Tf2,Tf1 clutch frictional torque right and

left (N.m)
Treq hydraulic torque (N.m)
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Tti torque supplied to the wheels
labelled i ¼ 1, 2, 3, 4 (N.m)

u, s the coordinate fixed to sprung and
unsprung mass

Uwi,Vwi longitudinal and lateral wheel
centre velocities i ¼ RF,LF,RR,
LR (m.s�1)

vi wheel centre lateral velocity labelled
i ¼ RF,LF,RR,LR (m.s�1)

vx, vy longitudinal and lateral velocities of
the unsprung mass centre (m.s�1)

vx0, vy0 longitudinal and lateral initial
velocities of the unsprung mass
centre (m.s�1)

xr longitudinal distance from centre of
sprung and unsprung mass (m)

Zi (i¼ 1. . .4) THE number of teeth of the gears
1–4 in Figure 4

Zi (i¼ 1. . .6) the number of teeth of the gears 1–6
in Figure 3

Zr,Zs the number of teeth of the ring gear
and sun gear, respectively

�i sideslip angle of the wheel labelled
i ¼ RF,LF,RR,LR

�thr different percentage of throttle
position

�f steering angle of front wheels (rad)
’, � roll/yaw angle (rad)
� longitudinal slip of wheel
� road friction coefficient
!i angular velocity of the wheel labelled

i ¼ RF,LF,RR,LR (rad.s�1)
!e motor speed (rad.s�1)
!f2,!f1 right/left clutch slip speed (rad.s�1)
!1,!2 angular velocity of the rear left and

rear right wheels, respectively
(rad.s�1)

!1,!2,!3,!4 angular velocity of the rear left,
rear right, front left and front right
wheels, respectively (rad.s�1)

Appendix 2

The u ~aGu
ðiÞ, u~aGu

ð j Þ, u~aGs
ðiÞ, u ~aGs

ð j Þ, s _~HGs
ðiÞ, s _~HGs

ð j Þ
and s _~HGs

ðkÞ components are given as follows

s _~HGs
ðiÞ ¼ Isx €’þ Isxy sinð’Þ

€� þ Isyz
_�2 � 2Isyzðcosð’ÞÞ

2 _�2

þ Isz cosð’Þ sinð’Þ
_�2 � Isy cosð’Þ sinð’Þ

_�2

ð48Þ

s _~HGs
ð j Þ ¼ Isxy €’þ Isy sinð’Þ

€� þ Isyz cosð’Þ
€�

þ Isy cosð’Þ
_� _’� 2Isyz sinð’Þ

_� _’

þ Isx cosð’Þ
_� _’þ Isxy cosð’Þ sinð’Þ

_�2

� Isz cosð’Þ
_� _’

ð49Þ

s _~HGs
ðkÞ ¼ Isyz sinð’Þ

€� þ Isz cosð’Þ
€� þ 2Isyz cosð’Þ

_� _’

� Isz sinð’Þ
_� _’þ Isxy _’2 þ Isy sinð’Þ

_� _’

� Isx sinð’Þ
_� _’� Isxy

_�2 þ Isxyðcosð’ÞÞ
2 _�2

ð50Þ

u~aGs
ðiÞ ¼ _vx � _�vy � _�2xr þ €� sinð’Þhs þ 2 cosð’Þ _� _’hs

u ~aGs
ð j Þ ¼ _vy þ _�vx þ €�xr þ sinð’Þ _’2hs

� cosð’Þ €’hs þ _�2 sinð’Þhs

u ~aGs
ðkÞ ¼ � cosð’Þ _’2hs � sinð’Þ €’hs ð51Þ

u~aGu
ðiÞ ¼ _vx � _�vy,

u ~aGu
ð j Þ ¼ _vy þ _�vx ð52Þ

The vertical loads on the wheels can be expressed
as equation (53)

NLF¼NSF��Nx��Ny,NLR ¼NSRþ�Nx��Ny,

NRF¼NSF��Nxþ�Ny,NRR¼NSRþ�Nxþ�Ny

ð53Þ

The parameters used in the above equations are given as

NSF ¼
ððmu þmsÞ g�ms

u~aGs
ðkÞÞc

2L
ð54Þ

NSR ¼
ððmu þmsÞ g�ms

u~aGs
ðkÞÞb

2L
ð55Þ

�Nx ¼
HTð j Þ þ ðmu

u~aGu
ðiÞ þms

u~aGs
ðiÞÞðhu þ hrÞ

2L
ð56Þ

HTð j Þ ¼ ðhsms
u~aGs
ðiÞ þ s _~HGs

ð j ÞÞ cosð’Þ

� humu
u~aGu
ðiÞ � sinð’Þs

_~HGs
ðkÞ

�Ny ¼
HTðiÞ � sin ’ðtÞhsmsg

2t

�
ðmu

u ~aGu
ð j Þ þms

u~aGs
ð j ÞÞðhu þ hrÞ

2t

HTðiÞ ¼ humu
u~aGu
ð j Þ þ s _~HGs

ðiÞ � sinð’Þhsms
u~aGs
ðkÞ

� cosð’Þhsms
u ~aGs
ð j Þ: ð57Þ

According to Figure 1, the velocity at the centre of
vehicle wheels is calculated from equation (58)

~vLF ¼

vx � _�t=2

vy þ _�a

_�

2
64

3
75, ~vRF ¼

vx þ _�t=2

vy þ _�a

_�

2
64

3
75,

~vRR ¼

vx þ _�t=2

vy � _�b

_�

2
64

3
75, ~vLR ¼

vx � _�t=2

vy � _�b

_�

2
64

3
75:

ð58Þ
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So the slip angle of the wheels is calculated from
equation (59)

�LF ¼ tan�1
�

vy þ _�a

vx � _�t=2

�
� �f,�LR

¼ tan�1
�

vy � _�b

vx � _�t=2

�
,

�RF ¼ tan�1
�

vy þ _�a

vx þ _�t=2

�
� �f,

�RR ¼ tan�1
�

vy � _�b

vx þ _�t=2

�
: ð59Þ

The wheel equation of motion is calculated from
equation (60)

Iw!i ¼ Ti � RwFLi, i ¼ LF,LR,RF,RR: ð60Þ

In equation (60), Ti is the torque transfer to the wheel,
Rwi is effective radius of wheel and Iwi is moment of
inertia of wheel.

The longitudinal slip is calculated from
equation (61)

�i ¼
Rwi!i �Uwij j

Uwi
: ð61Þ

In equation (61), !i is angular velocity and Uwi is the
velocity of each wheel hub in the rolling direction of
that wheel that can be derived from equation (62)

UWRF ¼ ðvx þ _� �
t

2
Þ cosð�Þ þ ðvy þ _� � bÞ sinð�fÞ,

UWLR ¼ vx � _� �
t

2

	 


UWLF ¼ vx � _� �
t

2

	 

cosð�Þ þ ðvy þ _� � bÞ sinð�fÞ,

UWRR ¼ vx þ _� �
t

2

	 

ð62Þ

Stribeck equation

�F (in equation (7)) is described by the Stribeck equa-
tion that is given in equation (63).3

�F ¼ ½�c þ ð�s � �cÞe
�½ !fj j=!s�

k

þ �v !f

�� ���sgnð!FÞ ð63Þ

In equation (63), �c, �s and �v are the Coulomb
friction, static friction and viscous friction coeffi-
cients, respectively. !f is the relative speed between
clutch plates and !s and k are the Stribeck coeffi-
cients. The parameters used in equation (63) are
given in Table 2.

Appendix 3

The numerical values of vehicle model and the active
differentials parameters are given in Tables 3–6.

Table 7. Linguistic terms of fuzzy controller.

Positive low ZP Negative low ZN Zero Z

Negative very high N3 Negative high N2 Negative medium N1

Positive very high P3 Positive high P2 Positive medium P1

Table 2. Stribeck coefficients parameters.3

k !s �v �s �c

1 2 0.0032 1.2 0.9

Table 3. Numerical values of the vehicle parameters.

t ¼ 1:55 ðmÞ b ¼ 1:63 ðmÞ a ¼ 1:13 ðmÞ

hr ¼ 0:3 ðmÞ hu ¼ 0:1 ðmÞ hs ¼ 0:14 ðmÞ

Isx ¼ 606 ðkgm2
Þ ms ¼ 160 ðkgÞ ms ¼ 1369 ðkgÞ

Iux ¼ 100 ðkgm2
Þ Isz ¼ 3791 ðkgm2

Þ Isy ¼ 4191 ðkgm2
Þ

Rw ¼ 0:3 ðmÞ Iuz ¼ 450 ðkgm2
Þ Iuy ¼ 200 ðkgm2

Þ

df ¼ 2000

(Nms rad)

kr ¼ 30, 000

(Nms rad)

kf ¼ 30, 000

(Nms rad)

g ¼ 9:81 ðm=s2
Þ Iw ¼ 0:9 ðkgm2

Þ df ¼ 2000

(Nms rad)

Table 4. Numerical values of the SPC-TVD mechanism

parameters.14

h2 ¼ 1:125 h1 ¼ 0:875 I�i ¼ 0:15 ðkgm2
Þ

I2 ¼ 0:05 ðkgm2
Þ I1 ¼ 0:05 ðkgm2

Þ i ¼ 2:8

Table 5. Numerical values of the STC-TVD mechanism

parameters.14

h2 ¼ 1:125 h1 ¼ 1:125 I�i ¼ 0:15 ðkgm2
Þ

H12 ¼ 3:5 H11 ¼ 4:5 I�i ¼ 0:15 ðkgm2
Þ

Ic1 ¼ 0:002 ðkgm2
Þ H22 ¼ 3:5 H21 ¼ 4:5

Ir2 ¼ 0:001 ðkgm2
Þ Ir1 ¼ 0:001 ðkgm2

Þ Ic2 ¼ 0:002 ðkgm2
Þ

I2 ¼ 0:05 ðkgm2
Þ I1 ¼ 0:05 ðkgm2

Þ i ¼ 2:8

Table 6. Numerical values of the 4WD-TVD mechanism

parameters.14

h2 ¼ 2:6 h1 ¼ 2:6 J ¼ 0:25 ðkgm2
Þ

Is2 ¼ 0:002 ðkgm2
Þ Is1 ¼ 0:002 ðkgm2

Þ g ¼ 1:05

I4 ¼ 0:05 ðkgm2
Þ I3 ¼ 0:05 ðkgm2

Þ if ¼ 2:8
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Appendix 4

To set the fuzzy controller a Gaussian membership
function, Mamdani inference engine and centre of
gravity defuzzification method have been employed.
The abbreviations used in fuzzy rules and membership
functions are given in Table 7. Table 8 shows the
performance of the controller in selecting the appro-
priate clutching or braking. Positive fuzzy output
means that positive yaw moment is generated, and
the negative one means that the yaw moment is nega-
tive. Input and output normalized membership func-
tions (of non-optimized controller) are shown in
Figure 22(a) and (b). Fuzzy rules (of non-optimized
controller) used to control the torque control systems
are given in Table 9.

Figure 22. (a) Input membership functions and (b) output membership functions for the fuzzy controller.

Table 9. Fuzzy rule base.

e

� _e N2 N1 Z P1 P2

Low Z N2 P3 P2 P1 ZP Z

N1 P2 P1 ZP Z ZN

Z P1 ZP Z ZN N1

P1 ZP Z ZN N1 N2

P2 Z ZN N1 N2 N3

Medium P1 N2 P3 P2 P1 P1 ZP

N1 P2 P1 ZP ZP Z

Z P1 ZP Z Z ZN

P1 ZP Z ZN ZN N1

P2 Z ZN ZN N1 N1

N1 N2 P1 P1 ZP ZP Z

N1 P1 ZP ZP Z ZN

Z ZP Z Z ZN N1

P1 Z ZN ZN N1 N2

P2 ZN N1 N1 N2 N3

High P2 P3 P3 P3 P3 P3

N2 N3 N3 N3 N3 N3

Table 8. Performance of the control system.

Error �f Fuzzy output Vehicle status

TVD ESC

Clutching Braking

e5 0 �f 4 0 Positive Understeer Right clutch Rear-left

e5 0 �f 5 0 Positive Oversteer Right clutch Front-left

e4 0 �f 4 0 Negative Oversteer Left clutch Front-right

e4 0 �f 5 0 Negative Understeer Left clutch Rear-right
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